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P/ate 7.6 77ie pistons, from L to R, for a QUB-type cross-scavenged, a conventional crossscavenged and a loop-scavenged engine. 1.2.2 Cross scavenging This is the original method of scavenging proposed by Sir Dugald Clerk and is widely used for outboard motors to this very day. The modern deflector design is illustrated in Fig. 1.3 and emanates from the Scott engines of the early 1900s, whereas the original deflector was a simple wall or barrier on the piston crown. To further illustrate that, a photograph of this type of piston appears in Plate 1.6. In Sec. 3.2.4 it will be shown that this has good scavenging characteristics at low throttle openings and this tends to give good low-speed and low-power characteristics, making it ideal for, for example, small outboard motors employed in sport fishing. At higher throttle openings the scavenging efficiency is not particularly good and, combined with a non-compact combustion chamber filled with an exposed protuberant deflector, the engine has rather unimpressive specific power and fuel economy characteristics (see Plate 4.2). The potential for detonation and for pre-ignition, from the high surface-tovolume ratio combustion chamber and the hot deflector edges, respectively, is rather high and so the compression ratio which can be employed in this engine tends to be somewhat lower than for the equivalent loop-scavenged power unit. The engine type has some considerable packaging and manufacturing advantages over the loop engine. In Fig. 1.3 it can be seen from the port plan layout that the cylinder-to-cylinder spacing in a multi-cylinder configuration could be as close as is practical for inter-cylinder cooling considerations. If one looks at the equivalent situation for the loop-scavenged engine in Fig. 1.2 it can be seen that the transfer ports on the side of the cylinder prohibit such close cylinder spacing; while it is possible to twist the cylinders to alleviate this effect to some extent, the end result has further packaging, gas-dynamic and scavenging disadvantages [1.12]. Further, it is possible to drill the scavenge and the exhaust ports directly, in-situ and in one operation, from the exhaust port side, and
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PORT PLAN LAYOUT



Fig, 1.3 Deflector piston of cross-scavenged engine. thereby reduce the manufacturing costs of the cross-scavenged engine by comparison with an equivalent loop- or uniflow-scavenged power unit. One design of cross-scavenged engines, which does not have the disadvantages of poor wide-open throttle scavenging and a non-compact combustion chamber, is the type designed at QUB [1.9] and sketched in Fig. 1.4. A piston for this design is shown in Plate 1.6. However, the cylinder does not have the same manufacturing simplicity as that of the conventional deflector piston engine. I have shown in Ref. [1.10] and in Sec. 3.2.4 that the scavenging is as effective as a loop-scavenged power unit and that the highly squished and turbulent combustion chamber leads to good power and good fuel economy characteristics, allied to cool cylinder head running conditions at high loads, speeds and compression ratios [1.9] (see Plate 4.3). Several models of this QUB type are in series production at the time of writing. 1.2.3 Uniflow scavenging Uniflow scavenging has long been held to be the most efficient method of scavenging the two-stroke engine. The basic scheme is illustrated in Fig. 1.5 and, fundamentally, the methodology is to start filling the cylinder with fresh charge at one end and remove the exhaust gas from the other. Often the charge is swirled at both the charge entry level and the exhaust exit level by either suitably directing the porting angular directions or by masking a poppet valve. The swirling air motion is particularly effective in promoting good combustion in a diesel configuration. Indeed, the most efficient prime movers ever made are the low-speed marine
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PORT PLAN LAYOUT



Fig. 1.4 QUB type of deflector piston of cross-scavenged engine. diesels of the uniflow-scavenged two-stroke variety with thermal efficiencies in excess of 50%. However, these low-speed engines are ideally suited to uniflow scavenging, with cylinder bores about 1000 mm, a cylinder stroke about 2500 mm, and a bore-stroke ratio of 0.4. For most engines used in today's motorcycles and outboards, or tomorrow's automobiles, borestroke ratios are typically between 0.9 and 1.3. For such engines, there is some evidence (presented in Sec. 3.2.4) that uniflow scavenging, while still very good, is not significantly better than the best of loop-scavenged designs [1.11]. For spark-ignition engines, as uniflow scavenging usually entails some considerable mechanical complexity over simpler methods and there is not in reality the imagined performance enhancement from uniflow scavenging, this virtually rules out this method of scavenging on the grounds of increased engine bulk and cost for an insignificant power or efficiency advantage. 1.2.4 Scavenging not employing the crankcase as an air pump The essential element of the original Clerk invention, or perhaps more properly the variation of the Clerk principle by Day, was the use of the crankcase as the air-pumping device of the engine; all simple designs use this concept. The lubrication of such engines has traditionally been conducted on a total-loss basis by whatever means employed. The conventional method has been to mix the lubricant with the petrol (gasoline) and supply it through the carburetor in ratios of lubricant to petrol varying from 25:1 to 100:1, depending on the application, the skill of the designers and/or the choice of bearing type employed as big-ends or as main crankshaft bearings. The British term for this type of lubrication is called "petroil"
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Fig. 1.5 Two methods ofuniflow scavenging the two-stroke engine. lubrication. As the lubrication is of the total-loss type, and some 10-30% of the fuel charge is short-circuited to the exhaust duct along with the air, the resulting exhaust plume is rich in unburned hydrocarbons and lubricant, some partially burned and some totally unburned, and is consequently visible as smoke. This is ecologically unacceptable in the latter part of the 20th Century and so the manufacturers of motorcycles and outboards have introduced separate oil-pumping devices to reduce the oil consumption rate, and hence the oil deposition rate to the atmosphere, be it directly to the air or via water. Such systems can reduce the effective oil-to-petrol ratio to as little as 200 or 300 and approach the oil consumption rate of fourstroke cycle engines. Even so, any visible exhaust smoke is always unacceptable and so, for future designs, as has always been the case for the marine and automotive two-stroke diesel engine, a crankshaft lubrication system based on pressure-fed plain bearings with a wet or dry sump may be employed. One of the successful compression-ignition engine designs of this type is the Detroit Diesel engine shown in Plate 1.7. By definition, this means that the crankcase can no longer be used as the air-pumping device and so an external air pump will be utilized. This can be either a positive displacement blower of the Roots type, or a centrifugal blower driven from the crankshaft. Clearly, it would
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Plate 1.7 The Detroit Diesel Allison Series 92 uniflow-scavenged, supercharged and turbocharged diesel engine for truck applications (courtesy of General Motors). be more efficient thermodynamically to employ a turbocharger, where the exhaust energy to the exhaust turbine is available to drive the air compressor. Such an arrangement is shown in Fig. 1.6 where the engine has both a blower and a turbocharger. The blower would be used as a starting aid and as an air supplementary device at low loads and speeds, with the turbocharger employed as the main air supply unit at the higher torque and power levels at any engine speed. To prevent short-circuiting fuel to the exhaust, a fuel injector would be used to supply petrol directly to the cylinder, hopefully after the exhaust port is closed and not in the position sketched, at bottom dead center (bdc). Such an engine type has already demonstrated excellent fuel economy behavior, good exhaust emission characteristics of unburned hydrocarbons and carbon monoxide, and superior emission characteristics of oxides of nitrogen, by comparison with an equivalent four-stroke engine. This subject will be elaborated on in Chapter 7. The diesel engine shown in Plate 1.7 is just such a power unit, but employing compression ignition. Nevertheless, in case the impression is left that the two-stroke engine with a "petroil" lubrication method and a crankcase air pump is an anachronism, it should be pointed out that this provides a simple, lightweight, high-specific-output powerplant for many purposes, for which there is no effective alternative engine. Such applications range from the agricultural for chainsaws and brushcutters, where the engine can easily run in an inverted mode, to small outboards where the alternative would be a four-stroke engine resulting in a considerable weight, bulk, and manufacturing cost increase.
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Fj'g. 7.6 .A supercharged and turbocharged fuel-injected two-stroke engine. 1.3 Valving and porting control of the exhaust, scavenge and inlet processes The simplest method of allowing fresh charge access into, and exhaust gas discharge from, the two-stroke engine is by the movement of the piston exposing ports in the cylinder wall. In the case of the simple engine illustrated in Fig. 1.1 and Plate 1.5, this means that all port timing events are symmetrical with respect to top dead center (tdc) and bdc. It is possible to change this behavior slightly by offsetting the crankshaft centerline to the cylinder centerline, but this is rarely carried out in practice as the resulting improvement is hardly worth the manufacturing complication involved. It is possible to produce asymmetrical inlet and exhaust timing events by the use of disc valves, reed valves and poppet valves. This permits the phasing of the porting to correspond more precisely with the pressure events in the cylinder or the crankcase, and so gives the designer more control over the optimization of the exhaust or intake system. The use of poppet valves for both inlet and exhaust timing control is sketched, in the case of uniflow scavenging, in Fig. 1.5. Fig. 1.7 illustrates the use of disc and reed valves for the asymmetrical timing control of the inlet process into the engine crankcase. It is
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(A) DISC VALVE INLET SYSTEM



(B) REED VALVE INLET SYSTEM



Fig. 1.7 Disc valve and reed valve control of the inlet system.



virtually unknown to attempt to produce asymmetrical timing control of the scavenge process from the crankcase through the transfer ports. 1.3.1 Poppet valves The use and design of poppet valves is thoroughly covered in texts and papers dealing with four-stroke engines [1.3], so it will not be discussed here, except to say that the flow area-time characteristics of poppet valves are, as a generality, considerably less than are easily attainable for the same geometrical access area posed by a port in a cylinder wall. Put in simpler form, it is difficult to design poppet valves so as to adequately flow sufficient charge into a two-stroke engine. It should be remembered that the actual time available for any given inlet or exhaust process, at the same engine rotational speed, is about one half of that possible in a four-stroke cycle design. 1.3.2 Disc valves The disc valve design is thought to have emanated from East Germany in the 1950s in connection with the MZ racing motorcycles from Zchopau, the same machines that introduced the expansion chamber exhaust system for high-specific-output racing engines. A twincylinder racing motorcycle engine which uses this method of induction control is shown in Plate 1.8. Irving [1.1] attributes the design to Zimmerman. Most disc valves have timing characteristics of the values shown in Fig. 1.8 and are usually fabricated from a spring steel, although discs made from composite materials are also common. To assist with comprehension of disc valve operation and design, you should find useful Figs. 6.28 and 6.29 and the discussion in Sec. 6.4. 16
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Plate 1.8 A Rotax disc valve racing motorcycle engine with one valve cover removed exposing the disc valve. 1.3.3 Reed valves Reed valves have always been popular in outboard motors, as they provide an effective automatic valve whose timings vary with both engine load and engine speed. In recent times, they have also been designed for motorcycle racing engines, succeeding the disc valve. In part, this technical argument has been settled by the inherent difficulty of easily designing multi-cylinder racing engines with disc valves, as a disc valve design demands a free crankshaft end for each cylinder. The high-performance outboard racing engines demonstrated that high specific power output was possible with reed valves [1.12] and the racing motorcycle organizations developed the technology further, first for motocross engines and then for Grand Prix power units. Today, most reed valves are designed as V-blocks (see Fig. 1.7 and Plates 1.9 and 6.1) and the materials used for the reed petals are either spring steel or a fiber-reinforced composite material. The composite material is particularly useful in highly stressed racing engines, as any reed petal failure is not mechanically catastrophic as far as the rest of the engine is concerned. Further explanatory figures and detailed design discussions regarding all such valves and ports will be found in Section 6.3. Fig. 1.7 shows the reed valve being given access directly to the crankcase, and this would be the design most prevalent for outboard motors where the crankcase bottom is accessible (see Plate 5.2). However, for motorcycles or chainsaws, where the crankcase is normally "buried" in a transmission system, this is somewhat impractical and so the reed valve feeds the fresh air charge to the crankcase through the cylinder. An example of this is illustrated in Plate 4.1, showing a 1988 model 250 cm 3 Grand Prix motorcycle racing engine. This can be effected [1.13] by placing the reed valve housing at the cylinder level so that it is connected to the transfer ducts into the crankcase. 17
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gxFiiug bdc" bdc (c) REED VALVE ENGINE AT LOW SPEED & (d) AT HIGH SPEED. Fig. 1.8 Typical port timing characteristics for piston ported, reed and disc valve engines. 1.3.4 Port timing events As has already been mentioned in Sec. 1.3.1, the port timing events in a simple two-stroke engine are symmetrical around tdc and bdc. This is defined by the connecting rod-crank relationship. Typical port timing events, for piston port control of the exhaust, transfer or scavenge, and inlet processes, disc valve control of the inlet process, and reed valve control of the inlet process, are illustrated in Fig. 1.8. The symmetrical nature of the exhaust and scavenge processes is evident, where the exhaust port opening and closing, EO and EC, and transfer port opening and closing, TO and TC, are under the control of the top, or timing, edge of the piston. Where the inlet port is similarly controlled by the piston, in this case the bottom edge of the piston skirt, is sketched in Fig. 1.8(a); this also is observed to be a symmetrical process. The shaded area in each case between EO and TO, exhaust opening and transfer opening, is called the blowdown period and has already been referred to in Sec. 1.1. It is also obvious from various discussions in this chapter that if the crankcase is to be sealed to provide an
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Petal I Plate 1.9 An exploded view of a reed valve cylinder for a motorcycle. effective air-pumping action, there must not be a gas passage from the exhaust to the crankcase. This means that the piston must always totally cover the exhaust port at tdc or, to be specific, the piston length must be sufficiently in excess of the stroke of the engine to prevent gas leakage from the crankcase. In Chapter 6 there will be detailed discussions on porting design. However, to set the scene for that chapter, Fig. 1.9 gives some preliminary facts regarding the typical port timings seen in some two-stroke engines. It can be seen that as the demand rises in terms of specific power output, so too does the porting periods. Should the engine be designed with a disc valve, then the inlet port timing changes are not so dramatic with increasing power output.
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Fig. 1.9 Typical port timings for two-stroke engine applications.
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For engines with the inlet port controlled by a disc valve, the asymmetrical nature of the port timing is evident from both Figs. 1.8 and 1.9. However, for engines fitted with reed valves the situation is much more complex, for the opening and closing characteristics of the reed are now controlled by such factors as the reed material, the crankcase compression ratio, the engine speed and the throttle opening. Figs. 1.8(c) and 1.8(d) illustrate the typical situation as recorded in practice by Heck [1.13]. It is interesting to note that the reed valve opening and closing points, marked as RVO and RVC, respectively, are quite similar to a disc valve engine at low engine speeds and to a piston-controlled port at higher engine speeds. For racing engines, the designer would have wished those characteristics to be reversed! The transition in the RVO and the RVC points is almost, but not quite, linear with speed, with the total opening period remaining somewhat constant. Detailed discussion of matters relating specifically to the design of reed valves is found in Sec. 6.3. Examine Fig. 6.1, which shows the port areas in an engine where all of the porting events are controlled by the piston. The actual engine data used to create Fig. 6.1 are those for the chainsaw engine design discussed in Chapter 5 and the geometrical data displayed in Fig. 5.3. 1.4 Engine and porting geometry Some mathematical treatment of design will now be conducted, in a manner which can be followed by anyone with a mathematics education of university entrance level. The fundamental principle of this book is not to confuse, but to illuminate, and to arrive as quickly as is sensible to a working computer program for the design of the particular component under discussion. (a) Units used throughout the book Before embarking on this section, a word about units is essential. This book is written in SI units, and all mathematical equations are formulated in those units. Thus, all subsequent equations are intended to be used with the arithmetic values inserted for the symbols of the SI unit listed in the Nomenclature before Chapter 1. If this practice is adhered to, then the value computed from any equation will appear also as the strict SI unit listed for that variable on the left-hand side of the equation. Should you desire to change the unit of the ensuing arithmetic answer to one of the other units listed in the Nomenclature, a simple arithmetic conversion process can be easily accomplished. One of the virtues of the SI system is that strict adherence to those units, in mathematical or computational procedures, greatly reduces the potential for arithmetic errors. I write this with some feeling, as one who was educated with great difficulty, as an American friend once expressed it so well, in the British "furlong, hundredweight, fortnight" system of units! (b) Computer programs presented throughout the book The listing of all computer programs connected with this book is contained in the Appendix Listing of Computer Programs. Logically, programs coming from, say, Chapter 3, will appear in the Appendix as Prog.3. In the case of the first programs introduced below, they are to be found as Prog. 1.1, Prog. 1.2, and Prog. 1.3. As is common with computer programs, they also have names, in this case, PISTON POSITION, LOOP ENGINE DRAW, and QUB CROSS ENGINE DRAW, respectively. All of the computer programs have been written in Microsoft® QuickBASIC for the Apple Macintosh® and this is the same language prepared by Microsoft
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Chapter 1 - Introduction to the Two-Stroke Engine Corp. for the IBM® PC and its many clones. Only some of the graphics statements are slightly different for various IBM-like machines. Almost all of the programs are written in, and are intended to be used in, the interpreted QuickBASIC mode. However, the speed advantage in the compiled mode makes for more effective use of the software. In Microsoft QuickBASIC, a "user-friendy" computer language and system, it is merely a flick of a mouse to obtain a compiled version of any program listing. The software is available from SAE in disk form for direct use on either Macintosh or IBM PC (or clone) computers. 1.4.1 Swept volume If the cylinder of an engine has a bore, db0, and a stroke, L st , as sketched in Fig. 4.2, then the total swept volume, V sv , of an engine with n cylinders having those dimensions, is given by: V,sv
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The total swept volume of any one cylinder of the engine is given by placing n as unity in the above equation. If the exhaust port closes some distance called the trapped stroke, L ts , before tdc, then the trapped swept volume of any cylinder, V ts , is given by: T (1.4.2) T boLts 4 The piston is connected to the crankshaft by a connecting rod of length, L cr . The throw of the crank (see Fig. 1.10) is one-half of the stroke and is designated as length, L ct . As with four-stroke engines, the connecting rod-crank ratios are typically in the range of 3.5 to 4. K
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Fig. 1.10 Position of a point on a piston with respect to top dead center.
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Design and Simulation of Two-Stroke Engines 1.4.2 Compression ratio All compression ratio values are the ratio of the maximum volume in any chamber of an engine to the minimum volume in that chamber. In the crankcase that ratio is known as the crankcase compression ratio, CRCC, and is defined by: CR



=



V



+V



and (1.4.3)



V,cc



and



where V cc is the crankcase clearance volume, or the crankcase volume at bdc. While it is true that the higher this value becomes, the stronger is the crankcase pumping action, the actual numerical value is greatly fixed by the engine geometry of bore, stroke, conrod length and the interconnected value of flywheel diameter. In practical terms, it is rather difficult to organize the CRCC value for a 50 cm 3 engine cylinder above 1.4 and almost physically impossible to design a 500 cm 3 engine cylinder to have a value less than 1.55. Therefore, for any given engine design the CRCC characteristic is more heavily influenced by the choice of cylinder swept volume than by the designer. It then behooves the designer to tailor the engine air-flow behavior around the crankcase pumping action, defined by the inherent CRCC value emanating from the cylinder size in question. There is some freedom of design action, and it is necessary for it to be taken in the correct direction. In the cylinder shown in Fig. 4.2, if the clearance volume, V cv , above the piston at tdc is known, then the geometric compression ratio, CRg, is given by: CR



=



Vsv + Vc v



(1.4.4)



Vcv Theoretically, the actual compression process occurs after the exhaust port is closed, and the compression ratio after that point becomes the most important one in design terms. This is called the trapped compression ratio. Because this is the case, in the literature for two-stroke engines the words "compression ratio" are sometimes carelessly applied when the precise term "trapped compression ratio" should be used. This is even more confusing because the literature for four-stroke engines refers to the geometric compression ratio, but describes it simply as the "compression ratio." The trapped compression ratio, CRt, is then calculated from: CR =



V,ts + Vc v



(1.4.5)



'cv



1.4.3 Piston position with respect to crankshaft angle At any given crankshaft angle, 0, after tdc, the connecting rod centerline assumes an angle, (|), to the cylinder centerline. This angle is often referred to in the literature as the "angle of obliquity" of the connecting rod. This is illustrated in Fig. 1.10 and the piston position of any point, X, on the piston from the tdc point is given by length H. The controlling trigonometric equations are:
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as



H + F + G = Lcr + Lct



(1.4.6)



and



E = L c t sin 0 = L c r sin §



(1.4.7)



and



F = L c r cos Propagation velocity The propagation velocity at any point on a wave where the pressure is p and the temperature is T is like a small acoustic wave moving at the local acoustic velocity at those conditions, but on top of gas particles which are already moving. Therefore, the absolute propagation velocity of any wave point is the sum of the local acoustic velocity and the local gas particle velocity. The propagation velocity of any point on a finite amplitude wave is given by a, where: (2.1.9)



oc = a + c



and a is the local acoustic velocity at the elevated pressure and temperature of the wave point, p and T. However, acoustic velocity, a, is given by Earnshaw [2.1] from Eq. 2.1.1 as: (2.1.10)



= VTRT



Assuming a change of state conditions from po and TQ to p and T to be isentropic, then for such a change: 7-1



(2.1.11) ^Poy 2Y



a a



o



= PG'7 = X vPoy



57



(2.1.12)



Design and Simulation of Two-Stroke Engines Hence, the absolute propagation velocity, a, defined by Eq. 2.1.9, is given by the addition of information within Eqs. 2.1.6 and 2.1.12: Y-l



cc = a 0 X +



W



y +1(



- a 0 ( X - l ) = a0 Y-l Y-l
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y-l



(2.1.13)



In terms of the G functions already defined,



a = a0[G6X - G5]



(2.1.14)



If the properties of air are assumed for the gas, then this reduces to: (2.1.15)



a = a 0 [6X - 5]



The density, p, at any point on a wave of pressure, p, is found from an extension of the isentropic relationships in Eqs. 2.1.11 and 2.1.14 as follows: _P_



Po



/



A



= X*-1 = x G5



(2.1.16)



kPo;



For air, where y is 1.4, the density p at a pressure p on the wave translates to: p = p0X5



(2.1.17)



2.1.4 Propagation and particle velocities of finite amplitude waves in air From Eqs. 2.1.4 and 2.1.15, the propagation velocities of finite amplitude waves in air in a pipe are calculated by the following equations: Propagation velocity



a = a 0 [6X - 5]



(2.1.18)



Particle velocity



c = 5a 0 (X - 1)



(2.1.19)
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Pressure amplitude ratio
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(2.1.20)



iPo The reference conditions of acoustic velocity and density are found as follows: Reference acoustic velocity



a 0 = ^1.4 x 287 x T0
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m/s



(2.1.21)
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Reference density



Po " 2 87 x T



(2.1.22)



It is interesting that these equations corroborate the experiment which you conducted with your imagination regarding Fred's lung-generated compression and expansion waves. Fig. 2.1 shows compression and expansion waves. Let us assume that the undisturbed pressure and temperature in both cases are at standard atmospheric conditions. In other words, po and To are 101,325 Pa and 20°C, or 293 K, respectively. The reference acoustic velocity, an, and reference density, po, are, from Eqs. 2.1.1 and 2.1.3 or Eqs. 2.1.21 and 2.1.22: a 0 = Vl.4 x 287 x 293 = 343.11



Po



101,325



m/s



,__.. , / 3 = 1.2049 kg/m J



287 x 293



Let us assume that the pressure ratio, P e , of a point on the compression wave is 1.2 and that of a point on the expansion wave is Pj with a value of 0.8. In other words, the compression wave has a pressure differential as much above the reference pressure as the expansion wave is below it. Let us also assume that the pipe has a diameter, d, of 25 mm. (a) The compression wave First, consider the compression wave of pressure, p e . This means that p e is: Pe = Pe>, of 21% oxygen and 79% nitrogen while ignoring the small but important trace concentration of argon. The molecular weights of oxygen and nitrogen are 31.999 and 28.013, respectively. The average molecular weight of air is then given by: M



air = X ( V s M g a s ) = 0.21 x 31.999 + 0.79 x 28.013 = 28.85



The mass ratios, e, of oxygen and nitrogen in air are given by:
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e
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The molal enthalpies, h, for gases are given as functions of temperature with respect to molecular weight, where the K values are constants: h = K 0 + K{T + K 2 T 2 + K 3 T 3



J/kgmol



(2.1.31)



In which case the molal internal energy of the gas is related thermodynamically to the enthalpy by: u = h-RT (2.1.32) Consequently, from Eq. 2.1.29, the molal specific heats are found by appropriate differentiation of Eqs. 2.1.31 and 32: C P = Kj + 2 K 2 T + 3 K 3 T 2 C



V



=CP-R



(2.1.33) (2.1.34)



The molecular weights and the constants, K, for many common gases are found in Table 2.1.1 and are reasonably accurate for a temperature range of 300 to 3000 K. The values of the molal specific heats, internal energies and enthalpies of the individual gases can be found at a particular temperature by using the values in the table.
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Design and Simulation of Two-Stroke Engines Considering air as the example gas at a temperature of 20°C, or 293 K, the molal specific heats of oxygen and nitrogen are found using Eqs. 2.1.33 and 34 as: Oxygen, 0 2 :



C P = 31,192 J/kgmol



C v = 22,877 J/kgmol



Nitrogen, N 2 :



C P = 29,043 J/kgmol



C v = 20,729 J/kgmol



Table 2.1.1 Properties of some common gases found in engines Gas



M



Ko



K1



K2



K3



o2



31.999 28.013 28.011 44.01 18.015 2.016



-9.3039E6 -8.503.3E6 -8.3141 E6 -1.3624E7 -8.9503E6 -7.8613E6



2.9672E4 2.7280E4 2.7460E4 4.1018E4 2.0781 E4 2.6210E4



2.6865



-2.1194E-4



3.1543 3.1722 7.2782 7.9577 2.3541



-3.3052E-4 -3.3416E-4 -8.0848E-4 -7.2719E-4 -1.2113E-4



N2 CO C02 H20 H2



From a mass standpoint, these values are determined as follows: Cv _ =



M



w



(2.1.35)



M



Hence the mass related values are: Oxygen, 0 2 : Nitrogen, N 2 :



C P = 975 J/kgK C P = 1037 J/kgK



C v = 715 J/kgK C v = 740 J/kgK



For the mixture of oxygen and nitrogen which is air, the properties of air are given generally as: R



air ~ 2/(egasRgas)



C



Pair



-



X( e gas C P ga sJ



C



Vair " X(EgasCVgas) Yair " S 'gas



(2.1.36)



gas 'gas;



Taking just one as a numeric example, the gas constant, R, which it will be noted is not temperature dependent, is found by: Rair = I M g a s ) = ^ { ^ ) + 0 U 1.999 66



J 6



{ ^ ) = 288 V 28.011.



J kgK



/



Chapter 2 - Gas Flow through Two-Stroke Engines The other equations reveal for air at 293 K: C P = 1022 J/kgK C v = 734J/kgK y = 1.393 It will be seen that the value of the ratio of specific heats, y, is not precisely 1.4 at standard atmospheric conditions as stated earlier in Sec. 2.1.3. The reason is mostly due to the fact that air contains argon, which is not included in the above analysis and, as argon has a value of y of 1.667, the value deduced above is weighted downward arithmetically. The most important point to make is that these properties of air are a function of temperature, so if the above analysis is repeated at 500 and 1000 K the following answers are found: for air: T = 500K T=1000K



C P = 1061 J/kgK C P = 1143 J/kgK



C v = 773 J/kgK C v = 855 J/kgK



y = 1.373 y = 1.337



As air can be found within an engine at these state conditions it is vital that any simulation takes these changes of property into account as they have a profound influence on the characteristics of unsteady gas flow. Exhaust gas Clearly exhaust gas has a quite different composition as a mixture of gases by comparison with air. Although this matter is discussed in much greater detail in Chapter 4, consider the simple and ideal case of stoichiometric combustion of octane with air. The chemical equation, which has a mass-based air-fuel ratio, AFR, of 15, is as follows: 79 2CoHig + 25 0 2 + — No = 16C0 2 + 18H 2 0 + 94.05N 2 21 The volumetric concentrations of the exhaust gas can be found by noting that if the total moles are 128.05, then: 16 X>co = 2



9 = 0.125



128.05



uH



2



0



=



= 0.141 128.05



94 05 t>N = — • — = 0.734 2 128.05



This is precisely the same starting point as for the above analysis for air so the procedure is the same for the determination of all of the properties of exhaust gas which ensue from an ideal stoichiometric combustion. A full discussion of the composition of exhaust gas as a function of air-to-fuel ratio is in Chapter 4, Sec. 4.3.2, and an even more detailed debate is in the Appendices A4.1 and A4.2, on the changes to that composition, at any fueling level, as a function of temperature and pressure. In reality, even at stoichiometric combustion there would be some carbon monoxide in existence and minor traces of oxygen and hydrogen. If the mixture were progressively richer than stoichiometric, the exhaust gas would contain greater amounts of CO and a trace of H 2
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Design and Simulation of Two-Stroke Engines but would show little free oxygen. If the mixture were progressively leaner than stoichiometric, the exhaust gas would contain lesser amounts of CO and no H2 but would show higher concentrations of oxygen. The most important, perhaps obvious, issue is that the properties of exhaust gas depend not only on temperature but also on the combustion process that created them. Tables 2.1.2 and 2.1.3 show the ratio of specific heats, y, and gas constant, R, of exhaust gas at various temperatures emanating from the combustion of octane at various air-fuel ratios. The air-fuel ratio of 13 represents rich combustion, 15 is stoichiometric and an AFR of 17 is approaching the normal lean limit of gasoline burning. The composition of the exhaust gas is shown in Table 2.1.2 at a low temperature of 293 K and its influence on the value of gas constant and the ratio of specific heats is quite evident. While the tabular values are quite typical of combustion products at these air-fuel ratios, naturally they are approximate as they are affected by more than the air-fuel ratio, for the local chemistry of the burning process and the chamber geometry, among many factors, will also have a profound influence on the final composition of any exhaust gas. At higher temperatures, to compare with the data for air and exhaust gas at 293 K in Table 2.1.2, this same gaseous composition shows markedly different properties in Table 2.1.3, when analyzed by the same theoretical approach.



Table 2.1.2 Properties of exhaust gas at low temperature T=293 K



% by Volume



AFR



%CO



%co2



%H 2 0



%o2



%N2



R



13 15 17



5.85 0.00 0.00



8.02 12.50 11.14



15.6 14.1 12.53



0.00 0.00 2.28



70.52 73.45 74.05



299.8 290.7 290.4



Y 1.388 1.375 1.376



Table 2.1.3 Properties of exhaust gas at elevated temperatures T=500 K



T=1000 K



AFR



R



Y



AFR



R



Y



13 15 17



299.8 290.7



1.362 1.350



13 15



1.317 1.307



290.4



1.352



17



299.8 290.8 290.4



1.310



From this it is evident that the properties of exhaust gas are quite different from air, and while they are as temperature dependent as air, they are not influenced by air-fuel ratio, particularly with respect to the ratio of specific heats, as greatly as might be imagined. The gas constant for rich mixture combustion of gasoline is some 3% higher than that at stoichiometric and at lean mixture burning.
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Chapter 2 - Gas Flow through Two-Stroke Engines What is evident, however, is that during any simulation of unsteady gas flow or of the thermodynamic processes within engines, it is imperative for its accuracy to use the correct value of the gas properties at all locations within the engine. 2.2 Motion of oppositely moving pressure waves in a pipe In the previous section, you were asked to conduct an imaginary experiment with Fred, who produced compression and expansion waves by exhaling or inhaling sharply, producing a "boo" or a "u...uh," respectively. Once again, you are asked to conduct another experiment so as to draw on your experience of sound waves to illustrate a principle, in this case the behavior of oppositely moving pressure waves. In this second experiment, you and your friend Fred are going to say "boo" at each other from some distance apart, and af the same time. Each person's ears, being rather accurate pressure transducers, will record his own "boo" first, followed a fraction of time later by the "boo" from the other party. Obviously, the "boo" from each passed through the "boo" from the other and arrived at both Fred's ear and your ear with no distortion caused by their passage through each other. If distortion had taken place, then the sensitive human ear would have detected it. At the point of meeting, when the waves were passing through each other, the process is described as "superposition." The theoretical treatment below is for air, as this simplifies the presentation and enhances your understanding of the theory; the extension of the theory to the generality of gas properties is straightforward. 2.2.1 Superposition of oppositely moving waves Fig. 2.3 illustrates two oppositely moving pressure waves in air in a pipe. They are shown as compression waves, ABCD and EFGH, and are sketched as being square in profile, which is physically impossible but it makes the task of mathematical explanation somewhat easier. In Fig. 2.3(a) they are about to meet. In Fig. 2.3(b) the process of superposition is taking place for the front EF on wave top BC, and for the front CD on wave top FG. The result is the creation of a superposition pressure, p s , from the separate wave pressures, pi and p2. Assume that the reference acoustic velocity is ao- Assuming also that the rightward direction is mathematically positive, the particle and the propagation velocity of any point on the wave top, BC, will be ci and ah From Eqs. 2.1.18-20: ci=5ao(Xi-l)



ai=ao(6Xi-5)



Similarly, the values for the wave top FG will be (with rightward regarded as the positive direction): c 2 = -5a 0 (X 2 - 1)



a 2 = -ao(6X 2 - 5)



From Eq. 2.1.14, the local acoustic velocities in the gas columns BE and DG during superposition will be: ai = arjXi



a 2 = arjX2
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0^s new



pressure wave 1



p , new



= p0Xpn7ew



(2.2.23)



pressure wave 2



p 2 new = p 0 X ^ e w



(2.2.24)



From the knowledge that the Mach number in Eq. 2.2.17 has exceeded unity, the two Eqs. 2.2.18 and 2.2.19 of the Rankine-Hugoniot set provide the basis of the simultaneous equations needed to solve for the two unknown pressure waves pi new and p2 new through the connecting information in Eqs. 2.2.20 to 2.2.22. For simplicity of presentation of this theory, it is predicated that pi > p2, i.e., that the sign of any particle velocity is positive. In any application of this theory this point must be borne in mind and the direction of the analysis adjusted accordingly. The solution of the two simultaneous equations reveals, in terms of complex functions T\ to T$ composed of known pre-shock quantities:
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.
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The new values of particle velocity, Mach number, wave pressure or other such parameters can be found by substitution into Eqs. 2.2.20 to 2.2.24. Consider a simple numeric example of oppositely moving waves. The individual pressure waves are pi and p2 with strong pressure ratios of 2.3 and 0.5, and the gas properties are air where the specific heats ratio, y, is 1.4 and the gas constant, R, is 287 J/kgK. The reference temperature and pressure are denoted by po and To and are 101,325 Pa and 293 K, respectively. The conventional superposition computation as carried out previously in this section would show that the superposition pressure ratio, P s , is 1.2474, the superposition temperature, T s , is 39.1 °C, and the particle velocity is 378.51 m/s. This translates into a Mach number, Ms, during superposition of 1.0689, clearly just sonic. The application of the above theory reveals that the Mach number, M s neW) after the weak shock is 0.937 and the ongoing pressure waves, pi new a n d P2 new, have modified pressure ratios of 2.2998 and 0.5956, respectively. From this example it is obvious that it takes waves of uncommonly large amplitude to produce even a weak shock and that the resulting modifications to the amplitude of the waves are quite small. Nevertheless, it must be included in any computational modeling of unsteady gas flow that has pretensions of accuracy. In this section we have implicitly introduced the concept that the amplitude of pressure waves can be modified by encountering some "opposition" to their perfect, i.e., isentropic, progress along a duct. This also implicitly introduces the concept of reflections of pressure waves, i.e., the taking of some of the energy away from a pressure wave and sending it in the opposite direction. This theme is one which will appear in almost every facet of the discussions below. 2.3 Friction loss and friction heating during pressure wave propagation Particle flow in a pipe induces forces acting against the flow due to the viscous shear forces generated in the boundary layer close to the pipe wall. Virtually any text on fluid mechanics or gas dynamics will discuss the fundamental nature of this behavior in a comprehensive fashion [2.4]. The frictional effect produces a dual outcome: (a) the frictional force results in a pressure loss to the wave opposite to the direction of particle motion and, (b) the viscous shearing forces acting over the distance traveled by the particles with time means that the work expended appears as internal heating of the local gas particles. The typical situation is illustrated in Fig. 2.4, where two pressure waves, pi and p2, meet in a superposition process. This make the subsequent analysis more generally applicable. However, the following analysis applies equally well to a pressure wave, pi, traveling into undisturbed conditions, as
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Fig. 2.4 Friction loss and heat transfer in a duct. it remains only to nominate that the value of p2 has the same pressure as the undisturbed state P0In the general analysis, pressure waves pi and p2 meet in a superposition process and due to the distance, dx, traveled by the particles during a time dt, engender a friction loss which gives rise to internal heating, dQf, and a pressure loss, dpf. By definition both these effects constitute a gain of entropy, so the friction process is non-isentropic as far as the wave propagation is concerned. The superposition process produces all of the velocity, density, temperature, and mass flow charactaristics described in Sec. 2.2. However, what is required from any theoretical analysis regarding friction pressure loss and heating is not only the data regarding pressure loss and heat generated, but more importantly the altered amplitudes of pressure waves pi and P2 after the friction process is completed. The shear stress, x, at the wall as a result of this process is given by: Shear stress



2 T = C PsC s



(2.3.1)



The friction factor, Cf, is usually in the range 0.003 to 0.008, depending on factors such as fluid viscosity or pipe wall roughness. The direct assessment of the value of the friction factor is discussed later in this section. The force, F, exerted at the wall on the pressure wave by the wall shear stress in a pipe of diameter, d, during the distance, dx, traveled by a gas particle during a time interval, dt, is expressed as: Distance traveled Force



dx = csdt F = Ttdidx = rcdTCsdt
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(2.3.2)



Chapter 2 - Gas Flow through Two-Stroke Engines This force acts over the entire pipe flow area, A, and provides a loss of pressure, dpf, for the plane fronted wave that is inducing the particle motion. The pressure loss due to friction is found by incorporating Eq. 2.3.1 into Eq. 2.3.2: Pressure loss



F 7tdxcsdt 4xcsdt 2CfpsCgdt dp f = — = |— = ^— = — t K s A 7cd2 d d



(2.3.3)



Notice that this equation contains a cubed term for the velocity, and as there is a sign convention for direction, this results in a loss of pressure for compression waves and a pressure rise for expansion waves, i.e., a loss of wave strength and a reduction of particle velocity in either case. As this friction loss process is occurring during the superposition of waves of pressure pi and p2 as in Fig. 2.4, values such as superposition pressure amplitude ratio X s , density p s , and particle velocity c s can be deduced from the equations given in Sec. 2.2. They are repeated here: X s = X! + X 2 - 1



p s = p 0 X s G5



c s = G 5 a 0 (X 1 - X 2 )



The absolute superposition pressure, p s , is given by: YG7



-



n Ps - nP0 X s



After the loss of friction pressure the new superposition pressure, psf, and its associated pressure amplitude ratio, Xsf, will be, depending on whether it is a compression or expansion wave, ( Psf = Ps ± d Pf



x



sf =



Psf



\GX1 (2.3.4)



,Po>



The solution for the transmitted pressure waves, pif and p2f, after the friction loss is applied to both, is determined using the momentum and continuity equations for the flow regime before and after the event, thus: Continuity



m s = msf



Momentum



psA - psf A = m s c s - m s f c s f



which becomes



A(p s - p s f ) = m s c s - m s f c s f
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Design and Simulation of Two-Stroke Engines As the mass flow is found from: m s = p s Ac s = G 5 a s (X! - X 2 )Ap 0 X G5 s the transmitted pressure amplitude ratios, X\f and X2f, and superposition particle velocity, csf, are related by: x



sf = ( x lf + x 2 f " 1)



and



c



sf = G 5 a o ( x l f "



x



2f)



The momentum and continuity equations become two simultaneous equations for the two unknown quantities, Xif and X2f, which are found by determining csf,



?sf = c s +



Psf



" Ps Pscs



(2.3.5)



i + xsf+-c^ whence



x



and
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(2.3.6)



X2f=l+Xsf-Xif



(2-3.7)
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Consequently the pressures of the ongoing pressure waves pif and p2f after friction has been taken into account, are determined by: Plf = PoxPf?



and



P2f = Pox2f?



0



PS2 Ts2 PS2 Cs2



(b) sudden contraction in area in a pipe where c s >0 Fig. 2.8 Sudden contractions and expansions in area in a pipe. be flowing in any analysis based on quasi-steady flow are those of the gas at the upstream point. In all of the analyses presented here that nomenclature is maintained. Therefore the various functions of the gas properties are: Y = Yi



G 5 = G 5i



R = Ri



G7 = G7 , etc.



It was Benson [2.4] who suggested a simple theoretical solution for such junctions. He assumed that the superposition pressure at the plane of the junction was the same in both pipes at the instant of superposition. The assumption is inherently one of an isentropic process. Such a simple junction model will clearly have its limitations, but it is my experience that it is remarkably effective in practice, particularly if the area ratio changes, A r , are in the band, 1



— < AA r < A6 The area ratio is defined as: A . = ^



(2.9.1)



Psl = Ps2



(2.9.2)



From Benson,
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Chapter 2 • Gas Flow through Two-Stroke Engines Consequently, from Eq. 2.2.1: Xil+Xrl-l=Xi2 + Xr2-l



(2.9.3)



From the continuity equation, equating the mass flow rate in an isentropic process on either side of the junction where, mass flow rate = (density) x (area) x (particle velocity) PslAic s i = p S 2A 2 c s2



(2.9.4)



Using the theory of Eqs. 2.1.17 and 2.2.2, where the reference conditions are po, To and pO, Eq. 2.9.4 becomes, where rightward is decreed as positive particle flow: PoX§ 5 A 1 G 5 a 0 (X i l - X r l ) = -p 0 X s G 2 5 A 2 G 5 a 0 (X i 2 - X r 2 )



(2.9.5)



As X s i equals X s2 , this reduces to: A^Xn - X r l ) = - A 2 ( X i 2 - X r 2 )



(2.9.6)



Joining Eqs. 2.9.1,2.9.3 and 2.9.6, and eliminating each of the unknowns in turn, i.e., X r i or X r2 : Xrl



Xr2 =



(1 - A r )Xj! + 2X i 2 A r —



2X„ - X i 2 (l - A r )



(TT^)



(2.9.7)



(2-9-8^



To get a basic understanding of the results of employing Benson's simple "constant pressure" criterion for the calculation of reflections of compression and expansion waves at sudden enlargements and contractions in pipe area, consider an example using the two pressure waves, p e and pj, previously used in Sec. 2.1.4. The wave, p e , is a compression wave of pressure ratio 1.2 and pi is an expansion wave of pressure ratio 0.8. Such pressure ratios are shown to give pressure amplitude ratios X of 1.02639 and 0.9686, respectively. Each of these waves in turn will be used as data for Xn arriving in pipe 1 at a junction with pipe 2, where the area ratio will be either halved for a contraction or doubled for an enlargement to the pipe area. In each case the incident pressure amplitude ratio in pipe 2, Xj 2 , will be taken as unity, which means that the incident pressure wave in pipe 1 is facing undisturbed conditions in pipe 2.
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Design and Simulation of Two-Stroke Engines (a) An enlargement, Ar = 2, for an incident compression wave where Pu = 1.2 and Xu = 1.02639 From Eqs. 2.9.7 and 2.9.8, X r i = 0.9912 and X r 2 = 1.01759. Hence, the pressure ratios, P r l and P r 2 , of the reflected waves are: P d =0.940 and P r 2 = 1.130 The sudden enlargement behaves like a slightly less-effective "open end," as a completely open-ended pipe from Sec. 2.8.1 would have given a reflected pressure ratio of 0.8293 instead of 0.940. The onward transmitted pressure wave into pipe 2 is also one of compression, but with a reduced pressure ratio of 1.13. (b) An enlargement, Ar = 2, for an incident expansion wave where Pu = 0.8 and Xu = 0.9686 From Eqs. 2.9.7 and 2.9.8, X r i = 1.0105 and X r 2 = 0.97908. Hence, the pressure ratios, P r l and Pr2, of the reflected waves are: P r l = 1.076 and P r 2 = 0.862 As above, the sudden enlargement behaves as a slightly less-effective "open end" because a "perfect" bellmouth open end to a pipe in Sec. 2.8.2 was shown to produce a stronger reflected pressure ratio of 1.178, instead of the weaker value of 1.076 determined here. The onward transmitted pressure wave in pipe 2 is one of expansion, but with a diminished pressure ratio of 0.862. (c) A contraction, Ar = 0.5, for an incident compression wave where Pu = 1-2 and Xu = 1.02639 From Eqs. 2.9.7 and 2.9.8, X r l = 1.0088 and X r 2 = 1.0352. Hence, the pressure ratios, P r i and P r 2 , of the reflected waves are: P r i = 1.063 and P r 2 = 1.274 The sudden contraction behaves like a partially closed end, sending back a partial "echo" of the incident pulse. The onward transmitted pressure wave is also one of compression, but of increased pressure ratio 1.274. (d) A contraction, Ar = 0.5,for an incident expansion wave where Pu = 0.8 and Xu = 0.9686 From Eqs. 2.9.7 and 2.9.8, X r i = 0.9895 and X r 2 = 0.9582. Hence, the pressure ratios, P r i and P r2 , of the reflected waves are: Pri = 0.929 and P r 2 = 0.741 100



Chapter 2 - Gas Flow through Two-Stroke Engines As in (c), the sudden contraction behaves like a partially closed end, sending back a partial "echo" of the incident pulse. The onward transmitted pressure wave is also one of expansion, but it should be noted that it has an increased expansion pressure ratio of 0.741. The theoretical presentation here, due to Benson [2.4], is clearly too simple to be completely accurate in all circumstances. It is, however, a very good guide as to the magnitude of pressure wave reflection and transmission. The major objections to its use where accuracy is required are that the assumption of "constant pressure" at the discontinuity in pipe area cannot possibly be tenable over all flow situations and that the thermodynamic assumption is of isentropic flow in all circumstances. A more complete theoretical approach is examined in more detail in the following sections. A full discussion of the accuracy of such a simple assumption is illustrated by numeric examples in Sec. 2.12.2. 2.10 Reflection of pressure waves at an expansion in pipe area This section contains the non-isentropic analysis of unsteady gas flow at an expansion in pipe area. The sketch in Fig. 2.8(a) details the nomenclature for the flow regime, in precisely the same manner as in Sec. 2.9. However, to analyze the flow completely, the further information contained in sketch format in Figs. 2.9(a) and 2.10(a) must also be considered. In Fig. 2.10(a) the expanding flow is seen to leave turbulent vortices in the corners of the larger section. That the streamlines of the flow give rise to particle flow separation implies a gain of entropy from area section 1 to area section 2. This is summarized on the temperatureentropy diagram in Fig. 2.9(a) where the gain of entropy for the flow falling from pressure p s i to pressure pS2 is clearly visible. As usual, the analysis of flow in this quasi-steady and non-isentropic context uses, where appropriate, the equations of continuity, the First Law of Thermodynamics and the momen-
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Fig. 2.9 Temperature entropy characteristics for simple expansions and contractions.
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(a) non-isentropic expansion s1 s2



(b) isentropic contraction Fig. 2.10 Particleflowin simple expansions and contractions. turn equation. The properties and composition of the gas particles are those of the gas at the upstream point. Therefore, the various functions of the gas properties are: Y = Yi



R = Rj



G 5 = G 5i



G 7 = G 7j , etc.



The continuity equation for mass flow in Eq. 2.9.5 is still generally applicable and repeated here, although the entropy gain is reflected in the reference acoustic velocity and density at position 2: m1-m2=0



(2.10.1)



rG5 P o l *.G5 * A ^ s a o i & i " X r l ) + Po2X£ > A 2 G 5 a 0 2 (X i 2 - X r 2 ) = 0



(2.10.2)



This equation becomes:



The First Law of Thermodynamics was introduced for such flow situations in Sec. 2.8. The analysis required here follows similar logical lines. The First Law of Thermodynamics for flow from superposition station 1 to superposition station 2 can be expressed as: u



or,



sl



2 , c sl _ u



~2~ ~



2



2 . cs2



T"



(4+G5ari)-(c?2+G5a?2) = 0



102



(2.10.3)



Chapter 2 - Gas Flow through Two-Stroke Engines The momentum equation for flow from superposition station 1 to superposition station 2 is expressed as: A



lPsl + ( A 2 " A l)psl " A 2Ps2 + ( m sl c sl -



m



s2 c s2) = °



The logic for the middle term in the above equation is that the pressure, p s i, is conventionally presumed to act over the annulus area between the two ducts. The momentum equation, also taking into account the information regarding mass flow equality from the continuity equation, reduces to: A



2(Psl " Ps2) + mslcsl " c s2 ) = 0



(2.10.4)



As with the simplified "constant pressure" solution according to Benson presented in Sec. 2.9, the unknown values will be the reflected pressure waves at the boundary, p r i and pr2, and also the reference temperature at position 2, namely TQ2- There are three unknowns, necessitating three equations, namely Eqs. 2.10.2, 2.10.3 and 2.10.4. All other "unknown" quantities can be computed from these values and from the "known" values. The known values are the upstream and downstream pipe areas, A\ and A2, the reference state conditions at the upstream point, the gas properties at superposition stations 1 and 2, and the incident pressure waves, pji and pj2Recalling that, f
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The continuity equation, Eq. 2.10.2, reduces to: G5 n - 1)V A lG 5 aoi(Xii " X r l ) \G5 +P02( X i2 + X r2 " 1) A 2 G 5 a 02( X i2 " X r2) = ° Poi(Xii
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Design and Simulation of Two-Stroke Engines The First Law of Thermodynamics, Eq. 2.10.3, reduces to: (G 5 a 0 1 (X u - X r l )) + G5a2Ql(Xn + X r l - if (G 5 a 0 2 (X i 2 - X r 2 ) ) 2 + G 5 a2 2 (X i 2 + X r 2 - 1)'



=0
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The momentum equation, Eq. 2.10.4, reduces to: G7 7 Po A 2 (Xu + X r l - 1) - (X i 2 + X r 2 - i f



Poi( x il + X r l - l J ^ G s a o i f X u - X rl )_ G5a0l{Xn



(2.10.9)



- X r l ) + G 5 a 0 2 (X i 2 - X r 2 )] = 0



The three equations cannot be reduced any further as they are polynomial functions of all three variables. These functions can be solved by a standard iterative method for such problems. I have determined that the Newton-Raphson method for the solution of multiple polynomial equations is stable, accurate and rapid in execution. The arithmetic solution on a computer is conducted by a Gaussian Elimination method. As with all numerical methods, the computer time required is heavily dependent on the number of iterations needed to acquire a solution of the requisite accuracy, in this case for an error no greater than 0.01% for the solution of any of the variables. The use of the Benson "constant pressure" criterion, presented in Sec. 2.9, is invaluable in this regard by considerably reducing the number of iterations required. Numerical methods of this type are also arithmetically "frail," if the user makes ill-advised initial guesses at the value of any of the unknowns. It is in this context that the use of the Benson "constant pressure" criterion is indispensable. Numeric examples are given in Sec. 2.12.2. 2.10.1 Flow at pipe expansions where sonic particle velocity is encountered In the above analysis of unsteady gas flow at expansions in pipe area the particle velocity at section 1 will occasionally be found to reach, or even attempt to exceed, the local acoustic velocity. This is not possible in thermodynamic or gas-dynamic terms as the particles in unsteady gas flow cannot move faster than the pressure wave signal that is impelling them. The highest particle velocity permissible is the local acoustic velocity at station 1, i.e., the flow is permitted to become choked. Therefore, during the mathematical solution of Eqs. 2.10.7, 2.10.8 and 2.10.9, the local Mach number at station 1 is monitored and retained at unity if it is found to exceed it. Ml = ° s l = G 5 a 0l( X il ~ X r l ) sl a a sl 01 X sl
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Chapter 2 - Gas Flow through Two-Stroke Engines This immediately simplifies the entire procedure as it gives a direct solution for one of the unknowns: if,
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The acquisition of all related data for pressure, density, particle velocity and mass flow rate at both superposition stations follows directly from the solution of the three polynomials forX r l, Xr2 and ao2, in the manner indicated in Sec. 2.9. In many classic analyses of choked flow a "critical pressure ratio" is determined for flow from the upstream point to the throat where sonic flow is occurring. That method assumes zero particle velocity at the upstream point; such is clearly not the case here. Therefore, that concept cannot be employed in this geometry for unsteady gas flow. 2.11 Reflection of pressure waves at a contraction in pipe area This section contains the isentropic analysis of unsteady gas flow at a contraction in pipe area. The sketch in Fig. 2.8(b) details the nomenclature for the flow regime, in precisely the same manner as in Sec. 2.9. However, to analyze the flow completely, the further information contained in sketch format in Figs. 2.9(b) and 2.10(b) must also be considered. In Fig. 2.10(b) the contracting flow is seen to flow smoothly from the larger section to the smaller area section. The streamlines of the flow do not give rise to particle flow separation and so it is considered to be isentropic flow. This is in line with conventional nozzle theory as observed in many standard texts in thermodynamics. It is summarized on the temperatureentropy diagram in Fig. 2.9(b) where there is no entropy gain for the flow falling from pressure psi to pressure ps2. As usual, the analysis of quasi-steady flow in this context uses, where appropriate, the equations of continuity, the First Law of Thermodynamics and the momentum equation. However, one less equation is required by comparison with the analysis for expanding or diffusing flow in Sec. 2.10. This is because the value of the reference state is known at superposition station 2, for the flow is isentropic: Toi=To2



or



a 0 i=ao2



(2.11.1)



As there is no entropy gain, that equation normally reserved for the analysis of nonisentropic flow, the momentum equation, can be neglected in the ensuing analytic method. The properties and composition of the gas particles are those of the gas at the upstream point. Therefore the various functions of the gas properties are: y =



Yl



R = R!



G 5 = G 5i
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G 7 = G 7i , etc.



Design and Simulation of Two-Stroke Engines The continuity equation for mass flow in Eq. 2.9.5 is still generally applicable and repeated here: rii1-m2=0 (2.11.2) This equation becomes: P o i X g ^ G s a o i f X i , - X r l ) + p 02 X s G 2 5 A 2 G 5 a 02 (X i2 - X r 2 ) = 0



(2.11.3)



rG5Ai(X„ - X ) + X G5, Xsl rl s°2>A2(Xi2 - X r 2 ) = 0



or,



The First Law of Thermodynamics was introduced for such flow situations in Sec. 2.8. The analysis required here follows similar logical lines. The First Law of Thermodynamics for flow from superposition station 1 to superposition station 2 can be expressed as:
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As with the simplified "constant pressure" solution according to Benson, presented in Sec. 2.9, the unknown values will be the reflected pressure waves at the boundary, p r i and p r 2 . There are two unknowns, necessitating two equations, namely Eqs. 2.11.3 and 2.11.4. All other "unknown" quantities can be computed from these values and from the "known" values. The known values are the upstream and downstream pipe areas, Ai and A 2 , the reference state conditions at the upstream and downstream points, the gas properties at superposition stations 1 and 2, and the incident pressure waves, pjj and pi 2 . Recalling that, (
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The reference state conditions are: density



acoustic velocity
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Chapter 2 - Gas Flow through Two-Stroke Engines The continuity equation^ Eq. 2.11.3, reduces to: vG5 ProfXn + Xri - lP^GsaoiCXn - Xrl) UJ +p 0 2 (X i 2 + X r 2 - 1)vG5 A 2 G 5 a 0 2 (X i 2 - X r 2 ) = 0
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(2.11.7)



- X r l ) + (X i2 + X r 2 - l) G 5 A 2 (X i 2 - X r 2 ) = 0



The First Law of Thermodynamics, Eq. 2.11.4, reduces to: (G 5 a 0 1 (X n - X r l )) + G ^ X , , + X r l - if (G 5 a 0 2 (X i 2 - X r 2 )) 2 + G 5 ag 2 (X i 2 + X r 2 - if



= 0
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G5(Xil-Xrl)2+(Xil+Xrl-l)2 or



G 5 (X i 2 - X r 2 ) 2 + G 5 (X i 2 + X r 2 - l) 2 = 0



The two equations cannot be reduced any further as they are polynomial functions of the two variables. These functions can be solved by a standard iterative method for such problems. I have determined that the Newton-Raphson method for the solution of multiple polynomial equations is stable, accurate and rapid in execution. The arithmetic solution on a computer is conducted by a Gaussian Elimination method. Actually, this is not strictly necessary as a simpler solution can be effected as it devolves to two simultaneous equations for the two unknowns and the corrector values for each of the unknowns. In Sec. 2.9 there are comments regarding the use of the Benson "constant pressure" criterion, for the initial guesses for the unknowns to the solution, as being indispensable; they are still appropriate. Numerical examples are given in Sec. 2.12.2. The acquisition of all related data for pressure, density, particle velocity and mass flow rate at both superposition stations follows directly from the solution of the two polynomials for X r i and X r2 . 2.11.1 Flow at pipe contractions where sonic particle velocity is encountered In the above analysis of unsteady gas flow at contractions in pipe area the particle velocity at section 2 will occasionally be found to reach, or even attempt to exceed, the local acoustic velocity. This is not possible in thermodynamic or gas-dynamic terms. The highest particle velocity permissible is the local acoustic velocity at station 2, i.e., the flow is permitted to become choked. Therefore, during the mathematical solution of Eqs. 2.11.7 and 2.11.8,
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Design and Simulation of Two-Stroke Engines the local Mach number at station 2 is monitored and retained at unity if it is found to exceed it.
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This immediately simplifies the entire procedure for this gives a direct solution for one of the unknowns: Then if,
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In this instance of sonic particle flow at station 2, the entire solution can now be obtained directly by substituting the value of X r 2 determined above into either Eq. 2.11.7 or 2.11.8 and solving it by the standard Newton-Raphson method for the one remaining unknown, X r i. 2.12 Reflection of waves at a restriction between differing pipe areas This section contains the non-isentropic analysis of unsteady gas flow at restrictions between differing pipe areas. The sketch in Fig. 2.8 details much of the nomenclature for the flow regime, but essential subsidiary information is contained in a more detailed sketch of the geometry in Fig. 2.12. However, to analyze the flow completely, the further information contained in sketch format in Figs. 2.11 and 2.12 must be considered completely. The geometry is of two pipes of differing area, Ai and A 2 , which are butted together with an orifice of area, At, sandwiched between them. This geometry is very common in engine ducting. For example, it could be the throttle body of a carburetor with a venturi and a throttle plate. It could also be simply a sharp-edged, sudden contraction in pipe diameter where A 2 is less than Ai and there is no actual orifice of area At at all. In the latter case the flow naturally forms a vena contracta with an effective area of value At which is less than A 2 . In short, the theoretical analysis to be presented here is a more accurate and extended, and inherently more complex, version of that already presented for sudden expansions and contractions in pipe area in Sec. 2.11. In Fig. 2.12 the expanding flow from the throat to the downstream superposition point 2 is seen to leave turbulent vortices in the corners of that section. That the streamlines of the flow give rise to particle flow separation implies a gain of entropy from the throat to area section 2. On the other hand, the flow from the superposition point 1 to the throat is contracting and can be considered to be isentropic in the same fashion as the contractions debated in Sec. 2.11. This is summarized on the temperature-entropy diagram in Fig. 2.11 where the gain of entropy for the flow rising from pressure p t to pressure p s 2 is clearly visible. The isentropic nature of the flow from p s i to p t can also be observed as a vertical line on Fig. 2.11.
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Fig. 2.11 Temperature-entropy characteristics for a restricted area change. Pt.Tt Pt, ct PS1,T S 1 PS1. CS1



Ps2. Ts2 PS2. C S 2
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m e n that decreases the pressure loss error within the computation and in reality. This effect is exaggerated in test number 3 where, even though the pipe diameters are equal, the suction wave incident at pipe 3 also reduces the gas particle velocity entering pipe 2; the errors on mass flow are here reduced to a maximum of only 4.1%. The opposite effect is shown in test number 4 where an opposing compression wave incident at the branch in pipe 3 forces more gas into pipe 2; the mass flow errors now rise to a maximum value of 20%. In all of the tests the amplitudes of the reflected pressure waves are quite close from the application of the two theories but the compounding effect of the pressure error on the density, and the non-isentropic nature of the flow derived by the more complex theory, gives rise to the more serious errors in the computation of the mass flow rate by the "constant pressure" theory. 2.15 Reflection of pressure waves in tapered pipes The presence of tapered pipes in the ducts of an engine is commonplace. The action of the tapered pipe in providing pressure wave reflections is often used as a tuning element to significantly enhance the performance of engines. The fundamental reason for this effect is that the tapered pipe acts as either a nozzle or as a diffuser, in other words as a more gradual process for the reflection of pressure waves at sudden expansions and contractions previously debated in Sees. 2.10 and 2.11. Almost by definition the process is not only more gradual but more efficient as a reflector of wave energy in that the process is more efficient and spread out in terms of both length and time. As a consequence, any ensuing tuning effect on the engine is not only more pronounced but is effective over a wider speed range.
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Chapter 2 - Gas Flow through Two-Stroke Engines As a tapered pipe acts to produce a gradual and continual process of reflection, where the pipe area is increasing or decreasing, it must be analyzed in a similar fashion. The ideal would be to conduct the analysis in very small distance steps over the tapered length, but that would be impractical as it would be a very time-consuming process. A practical method of analyzing the geometry of tapered pipes is shown in Fig. 2.15. The length, L, for the section or sections to be analyzed is usually selected to be compatible with the rest of any computation process for the ducts of the engine [2.31]. The tapered section of the pipe has a taper angle of 9 which is the included angle of that taper. Having selected a length, L, over which the unsteady gas-dynamic analysis is to be conducted, it is a matter of simple geometry to determine the diameters at the various locations on the tapered pipe. Consider the sections 1 and 2 in Fig. 2.15. They are of equal length, L. At the commencement of section 1 the diameter is da, at its conclusion it is dt,; at the start of section 2 the diameter is db and it is dc at its conclusion. Any reflection process for sections 1 and 2 will be considered to take place at the interface as a "sudden" expansion or contraction, depending on whether the particle flow is acting in a diffusing manner as in Fig. 2.15(b) or in a nozzle fashion as in Fig. 2.15(c). In short, the flow proceeds in an unsteady gas-dynamic process along section 1 in a parallel pipe of representative diameter di and is then reflected at the interface to section 2 where the representa-



(a) the dimensioning of the tapered pipe
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(b) flow in a diffuser



(c) flow in a nozzle



Fig. 2.15 Treatment of tapered pipes for unsteady gas-dynamic analysis.
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Design and Simulation of Two-Stroke Engines tive diameter is d2. This is the analytical case irrespective of whether the flow is acting in a diffusing manner as in Fig. 2.15(b) or in a nozzle fashion as in Fig. 2.15(c). The logical diameter for each of the sections is that area which represents the mean area between the start and the conclusion of each section. This is shown below:
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(2.15.1)



The diameters for each section are related to the above areas by:



and
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(2.15.2)



The analysis of the flow commences by determining the direction of the particle flow at the interface between section 1 and section 2 and the area change which is occurring at that position. If the flow is behaving as in a diffuser then the ensuing unsteady gas-dynamic analysis is conducted using the theory precisely as presented in Sec. 2.10 for sudden expansions. If the flow is behaving as in a nozzle then the ensuing unsteady gas-dynamic analysis is conducted using the theory precisely as presented in Sec. 2.11 for sudden contractions. 2.15.1 Separation of the flow from the walls of a diffuser One of the issues always debated in the literature is flow separation from the walls of a diffuser, the physical situation being as in Fig. 2.15(b). In such circumstances the flow detaches from the walls in a central highly turbulent core. As a consequence the entropy gain is much greater in the thermodynamic situation shown in Fig. 2.9(a), for the pressure drop is not as large and the temperature drop is also reduced due to energy dissipation in turbulence. It is postulated in such circumstances of flow separation that the flow process becomes almost isobaric and can be represented as such in the analysis set forth in Sec. 2.10. Therefore, if flow separation in a diffuser is estimated to be possible, the analytical process set forth in Sec. 2.9 should be amended to replace the equation that tracks the non-isentropic flow in the normal attached mode, namely the momentum equation, with another equation that simulates the greater entropy gain of separated flow, namely a constant pressure equation. Hence, in Sec. 2.9, the set of equations to be analyzed should delete Eq. 2.10.4 (or as Eq. 2.10.9 in its final format) and replace it with Eq. 2.15.3 (or the equivalent Eq. 2.15.4) below. The assumption is that the particle flow is moving, and diffusing, from section 1 to section 2 as in Fig. 2.15(b) and that separation has been detected. Constant superposition pressure at the interface between sections 1 and 2 produces the following function, using the same variable nomenclature as in Sec. 2.9. Psl-Ps2 = 0
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Chapter 2 • Gas Flow through Two-Stroke Engines This "constant pressure" equation is used to replace the final form of the momentum equation in Eq. 2.10.9. The "constant pressure" equation can be restated in the form below as that most likely to be used in any computational process:



X£7-Xg7=0



(2-15-4>



You may well inquire at what point in a computation should this change of tack analytically be conducted? In many texts in gas dynamics, where steady flow is being described, either theoretically or experimentally, the conclusion reached is that flow separation will take place if the particle Mach number is greater than 0.2 or 0.3 and, more significantly, if the included angle of the tapered pipe is greater than a critical value, typically reported widely in the literature as lying between 5 and 7°. The work to date (June 1994) at QUB would indicate that the angle is of very little significance but that gas particle Mach number alone is the important factor to monitor for flow separation. The current conclusion would be, phrased mathematically: If M s i > 0.65 employ the constant pressure equation, Eq. 2.15.4 If M s i < 0.65 employ the momentum equation, Eq. 2.10.9



(2.15.5)



Future work on correlation of theory with experiment will shed more light on this subject, as can be seen in Sec. 2.19.7. Suffice it to say that there is sufficient evidence already to confirm that any computational method that universally employs the momentum equation for the solution of diffusing flow, in steeply tapered pipes where the Mach number is high, will inevitably produce a very inaccurate assessment of the unsteady gas flow behavior. 2.16 Reflection of pressure waves in pipes for outflow from a cylinder This situation is fundamental to all unsteady gas flow generated in the intake or exhaust ducts of a reciprocating IC engine. Fig. 2.16 shows an exhaust port (or valve) and pipe, or the throttled end of an exhaust pipe leading into a plenum such as the atmosphere or a silencer box. Anywhere in an unsteady flow regime where a pressure wave in a pipe is incident on a pressure-filled space, box, plenum or cylinder, the following method is applicable to determine the magnitude of the mass outflow, of its thermodynamic state and of the reflected pressure wave. The theory to be generated is generally applicable to an intake port (or valve) and pipe for inflow into a cylinder, plenum, crankcase, or at the throttled end of an intake pipe from the atmosphere or a silencer box, but the subtle differences for this analysis are given in Sec. 2.17. You may well be tempted to ask what then is the difference between this theoretical treatment and that given for the restricted pipe scenario in Sec. 2.12, for the drawings in Figs. 2.16 and 2.12 look remarkably similar. The answer is direct. In the theory presented here, the space from whence the particles emanate is considered to be sufficiently large and the flow so three-dimensional as to give rise to the fundamental assumption that the particle velocity within the cylinder is considered to be zero, i.e., ci is zero.
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Fig. 2.76 Outflow from a cylinder or plenum to a pipe. The solution of the gas dynamics of the flow must include separate treatments for subsonic outflow and sonic outflow. The first presentation of the solution for this type of flow was by Wallace and Nassif [2.5] and their basic theory was used in a computer-oriented presentation by Blair and Cahoon [2.6]. Probably the earliest and most detailed exposition of the derivation of the equations involved is that by McConnell [2.7]. However, while all of these presentations declared that the flow was analyzed non-isentropically, a subtle error was introduced within the analysis that negated that assumption. Moreover, all of the earlier solutions, including that by Bingham [2.19], used fixed values of the cylinder properties throughout and solved the equations with either the properties of air (y = 1.4 and R = 287 J/kgK) or exhaust gas (y = 1.35 and R = 300 J/kgK). The arithmetic solution was stored in tabular form and indexed during the course of a computation. Today, that solution approach is inadequate, for the precise equations in fully non-isentropic form must be solved at each instant of a computation for the properties of the gas which exists at that location at that juncture. Since a more complex solution, i.e., that for restricted pipes in Sect. 2.12, has already been presented, the complete solution for outflow from a cylinder or plenum in an unsteady gas-dynamic regime will not pose any new theoretical difficulties. The case of subsonic particle flow will be presented first and that for sonic flow is given in Sec. 2.16.1. In Fig. 2.16 the expanding flow from the throat to the downstream superposition point 2 is seen to leave turbulent vortices in the corners of that section. That the streamlines of the flow give rise to particle flow separation implies a gain of entropy from the throat to area section 2. On the other hand, the flow from the cylinder to the throat is contracting and can be considered to be isentropic in the same fashion as the contractions debated in Sees. 2.11 and 2.12. This is summarized on the temperature-entropy diagram in Fig. 2.17 where the gain of entropy for the flow rising from pressure p t to pressure pS2 is clearly visible. The isentropic nature of the flow from pi to p t , a vertical line on Fig. 2.17, can also be observed. The properties and composition of the gas particles are those of the gas at the exit of the cylinder to the pipe. The word "exit" is used most precisely. For most cylinders and plenums
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(a) temperature-entropy characteristics for subsonic outflow. LU
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(b) temperature-entropy characteristics for sonic outflow. Fig. 2.17 Temperature-entropy characteristics for cylinder or plenum outflow. the process of flow within the cylinder is one of mixing. In which case the properties of the gas at the exit for an outflow process are that of the mean of all of the contents. Not all internal cylinder flow is like that. Some cylinders have a stratified in-cylinder flow process. A twostroke engine cylinder would be a classic example of that situation. There the properties of the gas exiting the cylinder would vary from combustion products only at the commencement of the exhaust outflow to a gas which contains increasingly larger proportions of the air lost during the scavenge process; it would be mere coincidence if the exiting gas at any instant had the same properties as the average of all of the cylinder contents. This is illustrated in Fig. 2.25 where there are stratified zones labeled as CX surrounding the intake and exhaust apertures. The properties of the gas in those zones will differ from the mean values for all of the cylinder, labeled in Fig. 2.25 as Pc, Trj, etc., and also the gas properties Re and yc- In that case a means of tracking the extent of the stratification must be employed and these variables determined as Pcx» Tcx> Rcx> YCX. etc., and employed for those properties subscripted with a 1 in the text below. Further debate on this issue is found in Sec. 2.18.10.
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Design and Simulation of Two-Stroke Engines While this singularity of stratified scavenging should always be borne in mind, and dealt with should it arise, the various gas properties for cylinder outflow are defined as: y = Yi



R = Ri



G 5 = G 5l



01,



G 7 = G 7i , etc.



As usual, the analysis of flow in this context uses, where appropriate, the equations of continuity, the First Law of Thermodynamics and the momentum equation. The reference state conditions are:
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or,



as:



The continuity equation for mass flow in previous sections is still generally applicable and repeated here, although the entropy gain is reflected in the reference acoustic velocity and density at position 2: (2.16.3)



rht — rh 2 = 0



This equation becomes, where the particle flow direction is not conventionally significant: p t [ C c A j C s c t ] - P02Xs2 A 2 G 5 ao2(X i2 - X r 2 ) = 0



(2.16.4)



The above equation, for the mass flow continuity for flow from the throat to the downstream station 2, contains the coefficient of contraction on the flow area, C c , and the coefficient of velocity, C s . These are conventionally connected in fluid mechanics theory to a coefficient of discharge, Cd, to give an effective throat area, Ateff, as follows: Cd = CCCS



and Ateff = CdAt



This latter equation of mass flow continuity becomes:



then du tions ar



C d P t A t c t - Po2X s G 2 5 A 2 G 5 a 02 (X i2 - X r 2 ) = 0 The First Law of Thermodynamics was introduced for such flow situations in Sec. 2.8. The analysis required here follows similar logical lines. The First Law of Thermodynamics for flow from the cylinder to superposition station 2 can be expressed as: ~2 h
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G5a? - (G5aS2 + cs2 )-o



or,



(2.16.5)



The First Law of Thermodynamics for flow from the cylinder to the throat can be expressed as: hl+
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or,



(2.16.6)



The momentum equation for flow from the throat to superposition station 2 is expressed as: A



(2.16.7)



2(Pt - Ps2) + m s2( c t " c s2) = 0



The unknown values will be the reflected pressure wave at the boundary, pr2, the reference temperature at position 2, namely T02, and the pressure, p t , and the velocity, ct, at the throat. There are four unknowns, necessitating four equations, namely the mass flow equation in Eq. 2.16.4, the two First Law equations, Eq.2.16.5 and Eq.2.16.6, and the momentum equation, Eq.2.16.7. All other "unknown" quantities can be computed from these values and from the "known" values. The known values are the downstream pipe area, A2, the throat area, At, the gas properties leaving the cylinder, and the incident pressure wave, pi2Recalling that, (
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then due to isentropic flow from the cylinder to the throat, the temperature reference conditions are given by: T 01 = - 2 ai = al01^1 Xi or T m m ~ Y As Ti and Xj are input parameters to any given problem, then T01 is readily determined. In which case, from Eqs. 2.16.1 and 2.16.2, so are the reference densities and acoustic velocities for the cylinder and throat conditions. As shown below, so too can the density and temperature at the throat be related to the reference conditions. vG5 Pt " P01Xt n
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Design and Simulation of Two-Stroke Engines The continuity equation set in Eq. 2.16.4 reduces to: vG5
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PoiXt C d A t c t - Po2(Xi2 + X r 2 - l) u ; , A 2 G 5 ao 2 (X i 2 - X r 2 ) = 0
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The First Law of Thermodynamics in Eq.2.16.5 reduces to: G 5 (aoiX!) 2 - (G 5 a 0 2 (X i 2 - X r 2 )) + G 5 ag 2 (X i 2 + X r 2 - if
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The First Law of Thermodynamics in Eq. 2.16.6 reduces to: G< ( a 0lXi) 2 - (a 0 iX t ) 2
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The momentum equation, Eq. 2.16.7, reduces to: Po[xt
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[c, - G 5 a 0 2 (X i 2 - X r 2 )] = 0 The five equations, Eqs.2.16.8 to 2.16.11, cannot be reduced any further as they are polynomial functions of the four unknown variables, X r2; , X(, ao2; and c t . These functions can be solved by a standard iterative method for such problems. I have determined that the NewtonRaphson method for the solution of multiple polynomial equations is stable, accurate and rapid in execution. The arithmetic solution on a computer is conducted by a Gaussian Elimination method. 2.16.1 Outflow from a cylinder where sonic particle velocity is encountered In the above analysis of unsteady gas outflow from a cylinder the particle velocity at the throat will quite commonly be found to reach, or even attempt to exceed, the local acoustic velocity. This is not possible in thermodynamic or gas-dynamic terms. The highest particle velocity permissible is the local acoustic velocity at the throat, i.e., the flow is permitted to become choked. Therefore, during the mathematical solution of Eqs. 2.16.8 to 2.16.11, the local Mach number at the throat is monitored and retained at unity if it is found to exceed it. As,



it



Mt = a



01Xt



= 1 then c t = a 0 1 X t



132



(2.16.12)



'



Chapter 2 - Gas Flow through Two'Stroke Engines Also, contained within the solution of the First Law of Thermodynamics for outflow from the cylinder to the throat, in Eq. 2.16.10, is a direct solution for the pressure ratio from the cylinder to the throat. The combination of Eqs. 2.16.10 and 2.16.12 provides: G5{(a0iX1)2-(a01Xt)2}-(a01Xt)2=0 , Consequently,



or Pi



NG35 (2.16.13)



y+ 1



The pressure ratio from the cylinder to the throat where the flow at the throat is choked, i.e., where the Mach number at the throat is unity, is known as "the critical pressure ratio." Its deduction is also to be found in many standard texts on thermodynamics or gas dynamics. It is applicable only if the upstream particle velocity is considered to be zero. Consequently it is not a universal "law" and its application must be used only where the thermodynamic assumptions used in its creation are relevant. For example, it is not employed in either Sees. 2.12.1 or 2.17.1. This simplifies the entire procedure because it gives a direct solution for two of the unknowns and replaces two of the four equations employed above for the subsonic solution. It is probably easier and more accurate from an arithmetic standpoint to eliminate the momentum equation, use the continuity and the First Law of Eqs. 2.16.8 and 2.16.9, but it is more accurate thermodynamically to retain it! The acquisition of all related data for pressure, density, particle velocity and mass flow rate at both superposition stations and at the throat follows directly from the solution of the two polynomials for Xr2 and ao22.16.2 Numerical examples of outflow from a cylinder The application of the above theory is illustrated by the calculation of outflow from a cylinder using the data given in Table 2.16.1. The nomenclature for the data is consistent with the theory and the associated sketch in Fig. 2.17. The units of the data, if inconsistent with strict SI units, is indicated in the several tables. The calculation output is shown in Tables 2.16.2 and 2.16.3. Table 2.16.1 Input data to calculations of outflow from a cylinder No.



Pi



1"! °C



ni



dt mm



1 2 3 4 5



5.0 5.0



1000 1000 500 500 500



0.0 1.0 0.0 0.0 0.0



3 3 25 25 25



1.8 1.8 1.8
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d2 mm 30 30 30 30 30



cd



Pi2



n2



0.9 0.9 0.75 0.75 0.75



1.0 1.0



0.0 1.0 0.0 0.0 0.0



1.0 1.1 0.9



Design and Simulation of Two-Stroke Engines Table 2.16.2 Output from calculations of outflow from a cylinder No.



Pr2



Ps2



T S 2°C



Pt



T t °C



m s 2 g/s



1



1.0351



1.0351



999.9



2.676



805.8



3.54



2 3



1.036 1.554



1.036 1.554



999.9 486.4



2.641 1.319



787.8 440.0



3.66 85.7



4 5



1.528 1.538



1.672 1.392



492.5 479.9



1.546 1.025



469.5 392.9



68.1 94.3



Table 2.16.3 Further output from calculations of outflow from a cylinder No.



Ct



M,



CS2



Ms2



aoi & aot



ao2



1 2 3 4 5



663.4 652.9 372.0 262.9 492.7



1.0 1.0 0.69 0.48 0.945



18.25 18.01 175.4 130.5 213.5



0.025 0.025 0.315 0.234 0.385



582.4 568.3 519.6 519.6 519.6



717.4 711.5 525.1 522.1 530.5



The input data for test numbers 1 and 2 are with reference to a "blowdown" situation from gas at high temperature and pressure with a small-diameter port simulating a cylinder port or valve that has just commenced its opening. The cylinder has a pressure ratio of 5.0 and a temperature of 1000°C. The exhaust pipe diameter is the same for all of the tests, at 30 mm. In tests 1 and 2 the port diameter is equivalent to a 3-mm-diameter hole and has a coefficient of discharge of 0.90. The gas in the cylinder and in the exhaust pipe in test 1 has a purity of zero, i.e., it is all exhaust gas. The purity defines the gas properties as a mixture of air and exhaust gas where the air is assumed to have the properties of specific heats ratio, y, of 1.4 and a gas constant, R, of 287 J/ kgK. The exhaust gas is assumed to have the properties of specific heats ratio, y, of 1.36 and a gas constant, R, of 300 J/kgK. For further explanation see Eqs. 2.18.47 to 2.18.50. To continue, in test 1 where the cylinder gas is assumed to be exhaust gas, the results of the computation in Tables 2.16.2 and 2.16.3 show that the flow at the throat is choked, i.e., M t is 1.0, and that a small pulse with a pressure ratio of just 1.035 is sent into the exhaust pipe. The very considerable entropy gain is evident by the disparity between the reference acoustic velocities at the throat and at the pipe, aot and ao2, at 582.4 and 717.4 m/s, respectively. It is clear that any attempt to solve this flow regime as an isentropic process would be very inaccurate. The presentation here of a non-isentropic analysis with variable gas properties is unique and its importance can be observed by a comparison of the results of tests 1 and 2. Test data set 2 is identical to set number 1 with the exception that the purity in the cylinder and in the
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Chapter 2 - Gas Flow through Two-Stroke Engines pipe is assumed to be unity, i.e., it is air. The mass flow rate from data set 1 is 3.54 g/s and it is 3.66 g/s when using data set 2; that is an error of 3.4%. Mass flow errors in simulation translate ultimately into errors in the prediction of air mass trapped in a cylinder, a value directly related to power output. This error of 3.4% is even more significant than it appears as the effect is compounded throughout the entire simulation of an engine when using a computer. The test data sets 3 to 5 illustrate the ability of pressure wave reflections to dramatically influence the "breathing" of an engine. The situation is one of exhaust from a cylinder from gas at high temperature and pressure with a large-diameter port simulating a cylinder port or valve which is at a well-open position. The cylinder has a pressure ratio of 1.8 and a temperature of 500°C. The exhaust pipe diameter is the same for all of the tests, at 30 mm. The port diameter is equivalent to a 25-mm-diameter hole and has a typical coefficient of discharge of 0.75. The gas in the cylinder and in the exhaust pipe has a purity of zero, i.e., it is all exhaust gas. The only difference between these data sets 3 to 5 is the amplitude of the pressure wave in the pipe incident on the exhaust port at a pressure ratio of 1.0, i.e., undisturbed conditions, or at 1.1, i.e., providing a modest opposition to the flow, or at 0.9, i.e., a modest suction effect on the cylinder, respectively. The results show considerable variations in the ensuing mass flow rate exiting the cylinder, ranging from 85.7 g/s when the conditions are undisturbed in test 3, to 68.1 g/s when the incident pressure wave is of compression, to 94.3 g/s when the incident pressure wave is one of expansion. These swings of mass flow rate represent variations of-20.5% to +10%. It will be observed that test 4 with the lowest mass flow rate has the highest superposition pressure ratio, PS2, at the pipe point, and test 5 with the highest mass flow rate has the lowest superposition pressure in the pipe. As this is the pressure that would be monitored by a fast response pressure transducer, one would be tempted to conclude that test 3 is the one with the stronger wave action. Such is the folly of casually examining measured pressure traces in the exhaust ducts of engines; this opinion has been put forward before in Sec. 2.2.1. This illustrates perfectly both the advantages of utilizing pressure wave effects in the exhaust system of an engine to enhance the mass flow through it, and the disadvantages of poorly designing the exhaust system. These simple numerical examples reinforce the opinions expressed earlier in Sec. 2.8.1 regarding the effective use of reflections of pressure waves in exhaust pipes. 2.17 Reflection of pressure waves in pipes for inflow to a cylinder This situation is fundamental to all unsteady gas flow generated in the intake or exhaust ducts of a reciprocating IC engine. Fig. 2.18 shows an inlet port (or valve) and pipe, or the throttled end of an intake pipe leading into a plenum such as the atmosphere or a silencer box. Anywhere in an unsteady flow regime where a pressure wave in a pipe is incident on a pressure-filled space, box, plenum or cylinder, the following method is applicable to determine the magnitude of the mass inflow, of its thermodynamic state and of the reflected pressure wave. In the theory presented here, the space into which the particles disperse is considered to be sufficiently large, and also three-dimensional, to give the fundamental assumption that the particle velocity within the cylinder is considered to be zero.
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Fig. 2.18 Inflow from a pipe to a cylinder or plenum.



(2.17.1)



C!=0



The case of subsonic particle flow will be presented first and that for sonic flow is given in Sec. 2.17.1. In Fig. 2.18 the expanding flow from the throat to the cylinder gives pronounced turbulence within the cylinder. The traditional assumption is that this dissipation of turbulence energy gives no pressure recovery from the throat of the port or valve to the cylinder. This assumption applies only where subsonic flow is maintained at the throat. (2.17.2)



Pt = Pl



On the other hand, the flow from the pipe to the throat is contracting and can be considered to be isentropic in the same fashion as other contractions debated in Sees. 2.11 and 2.12. This is summarized on the temperature-entropy diagram in Fig. 2.19 where the gain of entropy for the flow rising from pressure p t to cylinder pressure pi is clearly visible. The isentropic nature of the flow from pS2 to p t , a vertical line on Fig. 2.19, can also be observed. The properties and composition of the gas particles are those of the gas at the superposition point in the pipe. The various gas properties for cylinder inflow are defined as: y = y2



R = R2



G 5 = G
 ^q2



> r



gas properties Y1 R 1 PQ1 T 01



gas properties Y2 R2 p 0 2 T02



(b) two adjacent meshes in a tapered pipe



mesh 2 mesh 1 jXql Xpi



dt



/xp^ II Xq2



ii.



-2*.



gas properties ?1 R 1 PQ1 T 01



gas properties Y2 R 2 PQ2 T 02



(c) two adjacent meshes in a restricted pipe Fig. 2.22 Adjacent meshes in pipes of differing discontinuities.
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Chapter 2 - Gas Flow through Two-Stroke Engines "new" values, i.e., the values of X p and Xq for each mesh having endured the loss of wave energy due to friction as described in Sec. 2.18.6. Consider the inter-mesh boundary between mesh 1 and 2 as being representative of all other inter-mesh boundaries within any one of the pipes in the entire ducting of the engine. At the commencement of the computation for the time step, the information for mesh 1 had available the left- and rightward pressure waves for that mesh at the left- and right-hand boundaries; as seen in Sec. 2.18.2 they were labeled as PR and PL and PRI and PLI, and to denote that they are attached to mesh they will be relabeled here as IPR and IPL and ipRi and i p u . The equivalent values for mesh 2 at the commencement of the computation time step would be 2PR and 2PL a n d 2PR1 a n d 2PL1 • To start a second time step this same set of information must be updated and this discussion elucidates the connection between the new values of X p i and Xq2, i.e., two variables, for the inter-mesh boundary between mesh 1 and 2 and the updated values required for IPRI and IPLI and 2PR and 2PL» ie., four unknown values, at the same physical position. If the gas properties and reference gas state are identical in meshes 1 and 2 then the solution is trivial, as follows: lX L i = 2 X q 2 and 2 X R = iX p l



(2.18.37)



If, as is almost inevitable, the gas properties and reference gas state are not identical in meshes 1 and 2, then a temperature discontinuity exists at the inter-mesh boundary and the solution is conducted exactly as set out in Sec. 2.5. The similarity of the required solution and of the nomenclature is evident by comparison of Fig. 2.22(a) and Fig. 2.5. (b) tapered pipes The same approach to this computation situation within the GPB model exists for two of the four unknowns, i.e., IPLI and 2PR, at the inter-mesh boundary in the tapered section of any pipe. In this situation the known quantities are the values of IPRI and 2PL> a s : IPRI



and



2pL



= PoXpl7



(2-18.38)



= poX^ 7



(2.18.39)



The similarity of the sketch in Fig. 2.22(b) and Fig. 2.15 indicates that the fundamental theory for this solution is given in Sec. 2.15 with the base theory as given in Sees. 2.10 and 2.11. As related there, the basis of the method employed is to recognize whether the particle flow is diffusing or contracting. If it is contracting then the flow is considered to be isentropic and the thermodynamics of the solution is given in Sec. 2.11 for subsonic particle flow and in Sec. 2.11.1 for sonic flow. The Benson "constant pressure" criterion gives an excellent initial guess for the values of the unknown quantities and considerably reduces the number of iterations required for the application of the more complete gas-dynamic theory in Sec. 2.11. If the particle flow is recognized to be diffusing then the flow is considered to be non-isentropic and the solution is given in Sec. 2.10 for subsonic particle flow and in Sec. 2.10.1 for sonic flow.



153



Design and Simulation of Two-Stroke Engines As with contracting flow, the Benson "constant pressure" criterion gives an excellent initial guess for the values of the three remaining unknown quantities in diffusing flow. Remember that as the flow is non-isentropic, the third unknown quantity is the reference temperature, incorporating the entropy gain, on the downstream side of the expansion. For diffusing flow, special attention should be paid to the information on flow separation given in Sec. 2.15.1 where the pipe may be steeply tapered or the particle Mach number is high. 2.18.8 Wave reflections at the ends of a pipe after a time step During computer modeling, the duct of an engine is meshed in distance terms and referred to within the computer program as a pipe which may have a combination of constant and gradually varying area sections between discontinuities. Thus, a tapered pipe is not a discontinuity in those terms, but a sudden change of section is treated as such. So too is the end of a pipe at an engine port or valve, or at a branch. This meshing nomenclature is shown in Fig. 2.22(c), with a restricted pipe employed as the example. At first glance, the "joint" between mesh 1 and mesh 2 in Fig. 2.22(c), with the change of diameter from d\ to d2 from mesh 1 to mesh 2, appears to be no different from the previous case of tapered pipes discussed in Sec. 2.18.7. However, the fact that there is an orifice of diameter dt between the two mesh sections, and that the basic theory for a restricted pipe is presented in a separate section, Sec. 2.12, prevents this situation from being discussed as just another inter-mesh boundary problem. It is in effect a pipe discontinuity. All engine configurations being modeled contain pipes, plenums, cylinders and are fed air from, and exhaust gas to, the atmosphere. The atmosphere is nothing but another form of plenum. A cylinder during the open cycle is nothing but another form of plenum in which one of the walls moves and holes, of varying size and shape, open and close as a function of time. It is the pipes that connect these discontinuities, i.e., cylinders, plenums and the atmosphere, together. However, pipes are connected to other pipes, either at branches or at the type of junction such as shown in Fig. 2.22(c). This latter case of the restricted pipe cannot be treated as an inter-mesh problem as it is simply easier, from the viewpoint of the overall organization of the logic and structure of the computer software, to consider it as a junction at the ends of two separate pipes. The point has already been made in Sec. 2.18.7 that each mesh space is an "island" of information and that the results of the pipe analyses in Sees. 2.18.1 to 2.18.6 lead only to the determination of the new values of left and right moving pressure waves at the left- and righthand boundaries of the mesh space, i.e., p p and p q . In Sec. 2.18.7, the analysis focused on an inter-mesh boundary and the acquisition of the remaining two unknown values for the pressure waves at each boundary of every mesh, except for that at the left-hand end of the lefthand mesh of any pipe, and also for the right-hand end of the right-hand mesh of any pipe. For example, imagine in Fig. 2.22(a) that mesh 1 is at the extreme left-hand end of the pipe. The value of X q i automatically becomes the required value of X L for mesh 1. To proceed with the next time step of the calculation, the value of XR is required. What then is the value of X R ? The answer is that it will depend on what the left-hand end of the pipe is connected to, i.e., a cylinder, a plenum, etc. Equally, imagine in Fig. 2.22(a) that mesh 2 is at the extreme right-hand end of the pipe. The value of X p i automatically becomes the required
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Chapter 2 - Gas Flow through Two-Stroke Engines value of XRI for mesh 1. To proceed with the next time step of the calculation, the value of XLI is required. What then is the value of XLI ? The answer, as before, is that it will depend on what the right-hand end of the pipe is connected to, i.e., a branch, a restricted pipe, the atmosphere, etc. The GPB modeling method stores information regarding the "hand" of the two end meshes in every pipe, and must be able to index the name of that "hand" at its connection to its own discontinuity, so that the numerical result of the computation of boundary conditions at the ends of every pipe is placed in the appropriate storage location within the computer. Consider each boundary condition in turn, a restricted pipe, a cylinder, plenum or atmosphere, and a branch. (a) a restricted pipe, as sketched in Fig. 2.22(c) Imagine, just as it is sketched, that mesh 1 is at the right-hand end of pipe 1 and that mesh 2 is at the left-hand end of pipe 2. Thence: !X R 1 = X p l and



2XL



= Xq2



(2.18.40)



The unknown quantities are the values of the reflected pressure waves, iprj and 2 PR, represented here by their pressure amplitude ratios, namely IXLI and 2XR. The analytical solution for these, and also for the entropy gain on the downstream side of whichever direction the particle flow takes, is to be found in Sec. 2.12. In terms of the notation in Fig. 2.8, which accompanies the text of Sec. 2.12, the value referred to as X p i is clearly the incident wave XJI, and the value of X q 2 is obviously the incident pressure wave Xj 2 . (b) a cylinder, plenum, or the atmosphere as sketched in Figs. 2.16 and 2.18 A cylinder, plenum, or the atmosphere is considered to be a large "box," sufficiently large to consider the particle velocity within it to be effectively zero. For the rest of this section, a cylinder, plenum, or the atmosphere will be referred to as a "box." In the theory given in Sees. 2.16 and 2.17, the entire analysis is based on knowing the physical geometry at any instant and, depending on whether the flow is inflow or outflow, either the thermodynamic state conditions of the pipe or the "box" are known values. As previously in this section, the "hand" of the incident wave at the mesh in the pipe section adjacent to the cylinder is an important element of the modeling process. Imagine that mesh 1, as shown in Fig. 2.22(a), is that mesh at the left-hand end of the pipe and attached to the cylinder exactly as it is sketched in either Fig. 2.16 or 2.18. In which case at the end of the time step in computation, to implement the theory given in Sees. 2.16 and 2.17, the following is the nomenclature interconnection for that to occur:



and



l X L = Xqj



(2.18.41)



pi2 = p 0 1 x g 7



(2.18.42)
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Design and Simulation of Two-Stroke Engines The properties of the gas subscripted as 2 in Fig. 2.16 or 2.18 are the properties of the gas in the mesh 1 used here as the illustration. At the conclusion of the computation for boundary conditions at the "box," using the theory of Sees. 2.16 and 2.17, the amplitude of the reflected pressure wave, pr2, is provided. So too for outflow is the entropy gain in the form of the reference temperature, To2- In nomenclature terms, this reflected pressure wave is the "missing" pressure wave value at the lefthand of mesh 1 to permit the computation to proceed to the next time step. ( 1XR -



Pr2



\QX1 (2.18.43)



Po One important final point must be made in this section regarding the rather remote possibility of encountering supersonic particle velocity in any of the pipe systems during the superposition process at any mesh point. By the end of this section you have been brought to the point where the amplitudes of all of the left and right moving pressure waves have been established at both ends of all meshes within the ducting of the engine. At this juncture it is necessary to search each of these mesh positions for the potential occurrence of supersonic particle velocity in the manner described completely in Sec. 2.2.4 and, if found, apply the corrective action of a weak shock to give the necessary subsonic particle velocity (Sees. 2.152.17). Unsteady gas flow does not permit supersonic particle velocity. It is self-evident that the particles cannot move faster than the disturbance which is giving them the signal to move. 2.18.9 Mass and energy transport along the duct during a time step In the real flow situation the energy and mass transport is conducted at the molecular level. Computational facilities are not large enough to accomplish this, so it is carried out in a mesh grid spacing of some 10 to 25 mm, a size commonly used in automotive engines. The size of mesh length is deduced by making the simple assumption that the calculation time step, dt, should translate to an advance of about 1° or 2° crank angle for any engine design. Within each mesh space, as shown in Fig. 2.20, the properties of the gas contained are assumed to be known at the start of a time step. During the subsequent time step, dt, as a result of the wave transmission, particles and energy are going to be transported from mesh space to mesh space, and heat transfer is going to occur by internal means, such as friction or a catalyst, or by external means through the walls of the duct. To determine the effect of all of these mechanisms, the First Law of Thermodynamics is employed, and the situation is sketched in Figs. 2.23 and 2.24. Here the energy transport across the boundaries for the mesh space J will have unique values depending on the particle directions of this transport. This is illustrated in Fig. 2.23, where four different cases are shown to be possible. The four cases will be described below. All pressures, particle velocities and densities are, by definition, for the superposition situation at the physical location at the appropriate end of the mesh J. The left-hand end of any mesh is denoted as the "in" side and the righthand end as the "out" side for flow of mass and energy and as a sign convention when apply-



156



Chapter 2 - Gas Flow through Two-Stroke Engines



Po To mesh J



mesh J



CASE1 mass flow, enthalpy and purity of gas with properties of mesh (J)



CASE 3 mass flow, enthalpy and purity of gas with properties of mesh (J+1)



mesh J



CASE 2 mass flow, enthalpy and purity of gas with properties of mesh (J-1)



CASE 4 mass flow, enthalpy and purity of gas with properties of mesh (J)



^ ^



mesh J ^ ^



mesh J •w,



Fig. 2.23 Mass, energy and gas species transport at mesh J during time interval dt.
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Fig. 2.24 The mesh J which encounters mass and energy transfer during time dt.
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Design and Simulation of Two-Stroke Engines ing the First Law of Thermodynamics. Manifestly, as with case 2, there will be situations where the gas is flowing outward at what is nominally the "in" side of the mesh but the arithmetic sign convention of the pressure wave analysis takes care of that problem automatically. Remember that the GPB computer simulation must interrogate each mesh boundary and apply with precision the result of that interrogation as cases 1 to 4. At the commencement of the time step, the system for mesh J has a known mass, pressure, temperature, and volume. The notation describes the "before" and "after" situation during the time step, dt, for the mass, pressure, and temperature by a "b" and "a" prefix for the system properties. This gives a symbolism for mesh J for the "before" conditions of mass, bmj, pressure, bPj, and temperature, t,Tj. As each mesh has a constant flow area, Aj, volume, Vj, and a stagnation temperature, t,Tj, the four cases can be analyzed as follows: (i) case 1 pressure particle velocity



jX in = jX R + jX L - 1 jCin=jG5 J a o ( j X R - J X L )



density



jPin=JP()J X S



5



specific enthalpy



c2 jdhin=jCPbTJ+J-^ 2



mass flow increment



jdm in = jp i n Aj jc in dt



enthalpy increment



jdH in = jdhi n jdm in



air flow increment



jdFlin = j n jdm in



(ii) case 2 JXin = JXR + JXL - 1



pressure particle velocity
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density
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mass flow increment



jdmjn = jpjn Aj jCjn dt



enthalpy increment



jdHjn = jdhjn jdmjn



air flow increment



jdrij n = j-ill jdmjn



(Hi) case 3 pressure particle velocity densit



y



jXoUt = JXRI + jX L i - 1 jC 0Ut = J+1 G 5



J + 1 ao(jX R 1 -jX L 1 )



JPout=J+iPo j X ^ i G s c2



specific enthalpy mass flow increment
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jdh o u t = J + 1 C P b T J+1 +



jdmoUt = jp out Aj jc out dt



enthalpy increment



jdHout = jdhout jdmoUt



air flow increment



jdll 0u t = j+iIT jdmoUt



(iv) case 4 pressure particle velocity densit



y



jX0Ut = JXRI + JXLI -1 jC0Ut=jG5 ja 0 (jX R 1 -jX L 1 ) jPout=jP0 J X oS 5 c2
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specific enthalpy



jdh 0Ut =jCp i,Tj H



mass flow increment



jdmoUt = jp0ut Aj jc out dt



enthalpy increment



jdH0Ut = jdhout jdmoUt



air flow increment



jdn o u t = jll jdniout
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Design and Simulation of Two-Stroke Engines For the end meshes the required information for cases 1 to 4 is deduced from the boundary conditions of the flow which have been applied appropriately at the left- or right-hand edge of a mesh space. This means that the "hand" of the flow has to be taken into account when transferring the information from the solution emanating from the particular boundary condition for inflow or outflow with respect to the mesh space as distinct from "inflow" or "outflow" from a cylinder, plenum, restricted pipe or branch. However, the logic of the sign convention is quite straightforward in practice. The acquisition of the numerical information regarding heating effects due to friction and heat transfer in any time step, 5Qf and 8Qh, have already been dealt with in Sec. 2.18.6. Should a catalyst or some similar internal heating device be present within the mesh space and in operation, during the time increment dt, then it is assumed that the quantity of heat which emanates from it, 5Qj nt , can be determined and used as numerical input to the analysis below. It should be pointed out that catalysts are a very common component within exhaust systems at this point in history as a means of reducing exhaust emissions. However, a cooling device could be employed instead to give this internal heat transfer effect, and water injection would be one such example. In both examples, the chemical composition of the gas will also change and this requires a further extension to the analysis given below. During the time step, and from the continuity equation, we derive the new system mass, amj:



a mj



= b mj + jdm in - jdmoUt



(2.18.44)



The First Law of Thermodynamics for the system which is the mesh space is: heat transfer + energy in = change of system state + energy out + work done (5Q int + 8Q f + 5 Q h ) J + J d H i n = dUj+jdH o u t + PjdVj



(2.18.45)



The work term is clearly zero. All of the terms except that for the change of system state are already known through the theory given above in this section. Expansion of this unknown term reveals:
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As the velocities at either end of a mesh are almost identical, the difference between the kinetic energy terms is insignificant, so they can be neglected. This reduces Eq. 2.18.46 to: dUj=jCv( a mj



a T j - b m j b Tj)



(2.18.47)



This can be solved directly for the system temperature, a Tj, after the time step.
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Chapter 2 - Gas Flow through Two-Stroke Engines the boundrig land to account boundary nflow" or »f the sign iction and C 2.18.6. 'sh space y of heat analysis •exhaust i cooling injection will also



The gas properties in the mesh space will have changed due to the mass transport across its boundaries. As with the case of mass and energy transport, direction is a vital consideration and the four cases presented in Fig. 2.23 are applicable to the discussion. For almost all engine calculations the gases within it are either exhaust gas or air. This situation will be debated here, as it is normality, but the more general case of a multiplicity of gases being present throughout the system can be handled with equal simplicity. After all, air and exhaust gas are composed of a multiplicity of gases. Consider a mixture of air and exhaust gas with a purity, n , defined as: mass of air



n = total mass



Hence the reasoning for the inclusion of the air flow increment in the four cases of mass and energy transport presented above and in Fig. 2.23. The new purity, a Oj , in mesh space J is found simply as follows: n
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If the gas properties of air and exhaust gas are denoted by their respective gas constants and specific heat ratios as R a j r and Rexh a n d Yair a n d Yexh> then the new properties of the gas in the mesh space after the time step are: gas constant
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(2.18.48)



specific heats ratio



lRj=anjRair+(l-anj)R
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(2.18.50) (2.18.51)



It should be noted that all of the gas properties employed in the theory must be indexed for their numerical values based on the gas composition and temperature at every step in time and at every location, using the theoretical approach given in Sec. 2.1.6. From this point it is possible, using the theory given in Sec. 2.18.3, to establish the remaining properties in space J, in particular the reference acoustic velocity, density and temperature. The average superposition pressure amplitude ratio, a Xj, in the duct is derived using Eq. 2.18.1 with the updated values of the pressure amplitude ratios at either end of the mesh space. The connection for the new reference temperature, aTo, is given by Eq. 2.18.3 as: ' _ a »T0 -



xf
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Design and Simulation of Two-Stroke Engines Consequently the other reference conditions are: reference acoustic velocity



reference density
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All of the properties of the gas at the conclusion of a time step, dt, have now been established at all of the mesh boundaries and in all of the mesh volumes. 2.18.10 The thermodynamics of cylinders and plenums during a time step During a time step in calculation the pipes of the engine being simulated are connected to cylinders and plenums. For simplicity, as in Sec. 2.18.8, an engine cylinder or a plenum will be referred to occasionally and collectively as a "box." A plenum is in reality a cylinder of constant volume in calculation terms. During the time step, due to mass flow entering or leaving the box, the state conditions of the box will change. For example, during exhaust outflow from an engine cylinder, the pressure and the temperature fall and its mass is reduced. In the GPB simulation method proceeding in small time steps of 1 ° or 2° of crankshaft angle at some rotational speed, the situation is treated as quasi-steady flow for that period of time. To proceed to the next time step of the simulation the new state conditions in all cylinders and plenums must be determined. It should be recalled that the whole point of the simulation process is to predict the mass and state conditions of the gas in the cylinder at the conclusion of the open cycle, and as influenced by the pressure wave action in the ducting, so that a closed cycle computation may provide the requisite data of power, torque, fuel consumption or emissions. The application of the boundary conditions given in Sees. 2.16 and 2.17 provides all of the information on mass, energy and air flow at the mesh boundaries adjacent to the cylinder or plenum. Fig. 2.25 shows the cylinder with state conditions of pressure, Pc, temperature, Tc, volume, Vc> mass, mc, etc., at the commencement of a time step. The gas properties are defined by the purity, lie, the data value of which leads directly to the gas constant, Re, and specific heats ratio, Yc> m the manner shown by Eqs. 2.18.50 and 2.18.51 and from the application of the theory in Sec. 2.1.6 regarding gas properties. It will be noted that the box has "inflow" and "outflow" apertures, which implies that there are only two apertures. The values of mass flow increment during the time step, shown as either dmi and drug, are in fact the combined total of all of those ports or valves designated as being "inflow" or "outflow." The same reasoning applies to the energy and air flow terms, dHj and dPi, or dHg and dPs; they are the combined totals of the energy and air flow terms of the perhaps several intake or exhaust ducts at a cylinder. All of these terms are the direct equivalents of, indeed those at the boundary edges of a pipe mesh adjacent to a box are identical to, those quoted as cases 1 to 4 in Sec. 2.18.9. Note that the direction arrow at either "inflow" or "outflow" in Fig. 2.25 is bidirectional. In short, simply because a port is designated as inflow does not mean that the flow is always
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mass dm£ enthalpy dHg airdllE



mass dm| enthalpy dH| airdlli



dV C Fig. 2.25 The thermodynamics of open cycleflowthrough a cylinder. toward the cylinder. All ports and valves experience backflow at some point during the open cycle. The words "inflow" and "outflow" are, in the case of an engine cylinder, a convenient method of denoting ports and valves whose nominal job is to supply air into the cylinder of an engine. When dealing with an intake plenum, or an exhaust silencer box, "inflow" and "outflow" become a directionality denoted at the whim of the modeler; but having made a decision on the matter, the ensuing sign convention must be adhered to rigidly. The sign convention, common in engineering thermodynamics, is that inflow is "positive" and that outflow is also "positive"; this sign convention is employed not only in the theory below, but throughout this text. Backflow, by definition, is opposite to that which is decreed as positive and is then a negative quantity. The mesh computation must then reorient in sign terms the numerical values for the right- and left-hand ends of pipes during inflow and outflow boundary calculations as appropriate to those junctions defined as "inflow" or "outflow" at the cylinders or plenums. While the computer software logic for this is trivial, care must be taken not to confuse the thermodynamic needs of the mesh spaces defined in Sec. 2.18.9 with those of the cylinder or plenum being examined here. Heat transfer is defined as positive for heat added to a system and work out is also a positive action. Employing this convention, the First Law of Thermodynamics reads as: heat transfer + energy in = change of system state + energy out + work done The entire computation at this stage makes the assumption that the previous application of the boundary conditions, using the theory of Sees. 2.16 and 2.17, has produced the correct values of the terms dmi, dHi, dPi, diriE, dHg and dP£. To reinforce an important point which has been made before, during the application of the boundary conditions in the case of a
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Design and Simulation of Two-Stroke Engines cylinder where the outflow is stratified, the local properties of zone CX, which are pressure, Pcx> temperature, Tex, purity, Ilex, etc., are those that replace the mean values of pressure, Pcx> temperature, Tex, purity, Ilex, etc In which case the solution of the continuity equation and the First Law of Thermodynamics is as accurate and as straightforward as it was in Sec. 2.18.9 in Eqs. 2.18.44 to 2.18.49.1 provide further debate on this topic in Ref. [2.32]. The subscript notation for the properties and state conditions within the box after the time step, dt, is CI, i.e., the new values are pressure, Pci, temperature, Tci, purity, FIci, etc. The heat transfer, 8Qc, to or from the box in the time step is given by the local convection heat transfer coefficient, Ch, the total surface area, Ac, and the average wall temperature of the box, T w . (2.18.55)



oQc = C h A c ( T w - T c )dt



The value of the heat transfer coefficient, Ch, to be employed during the open cycle is the subject of much research, of which the work by Annand [2.58] is noteworthy. The approach by Annand is recommended for the acquisition of heat transfer coefficients for both the open and the closed cycle within the engine cylinder. For all engines, it should be noted that at some period during the closed cycle an allowance must be made for the cooling of the cylinder charge due to the vaporization of the fuel. For spark-ignition engines it is normal to permit this to happen linearly from the trapping point to the onset of ignition. For compressionignition units it is conventional to consider that this occurs simultaneously with each packet of fuel being burned during a computational time step. The work of Woschni [2.60] has also provided significant contributions to this thermodynamic field. The continuity equation for the process during the time step, dt, is given by: mci = mc + dmj - drng



(2.18.56)



The First Law of Thermodynamics for the cylinder or plenum system is: 5Q C + dH! = d U c + dH E +



?c + ?cl



dV c



(2.18.57)



The work term is clearly zero for a plenum of constant volume. All of the terms except that for the change of system state, dUc, and cylinder pressure, Pci, are already known through the theory given above in this section. Expansion of one unknown term reveals: dUc = mciuci - mcuc



(2.18.58)



dUc = m c l C V a T c l - mcCVcTc
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This reduces to:
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Chapter 2 - Gas Flow through Two-Stroke Engines where the value of the specific heat at constant volume is that appropriate to the properties of the gas within the cylinder at the beginning and end of the time step: Cv c



= - ^ _ Yc-1



^



cv C1



=^£1_ Yci-1



Normally, as with the debate on the gas constant, R, below, the values of Cv and y should be those at the beginning and end of the time step. However, little inaccuracy ensues, as does considerable algebraic simplification, by taking the known values, Cyc» Yc a n o ' Rc> a t m e commencement of the time step and assuming that they persist for the duration of that time step. The exception to this is during a combustion process where the temperature changes during a given time step are so extreme that the gas properties must be indexed correctly using the theory of Sec. 2.1.6 and, if necessary, an iteration undertaken for several steps to acquire sufficient accuracy. At the conclusion of the time step the cylinder volume is Vci caused by the piston movement and this is: V c i = V c + dV c



(2.18.60)



As the mass of the cylinder, mci, is given by Eq. 2.18.56 and the new cylinder pressure and temperature are related by the state equation: PciVci = mciRcTci



(2.18.61)



Eqs. 2.18.56 to 2.18.61 may be combined to produce a direct solution for Tci for a cylinder or plenum as: 8Q C + dH, - dH E + m c C v T c - -£—CTr, = ( m c + dm r - dm E ) C v +
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This can be solved directly for the system temperature, Tci, after the time step, and with dVc as zero in the event that any plenum or cylinder has no volume change. The cylinder pressure is found from Eq. 2.18.61. The gas properties in the box will have changed due to the mass transport across its boundaries. For almost all engine calculations the gases within the box are either exhaust gas or air. This situation will be debated here, as it is normality, but the more general case of a multiplicity of gases being present throughout the system can be handled with equal simplicity. After all, air and exhaust gas are composed of a multiplicity of gases. This argument, with the same words, is precisely that mounted in the previous section Sec. 2.18.9 for flow through the mesh spaces.
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Design and Simulation of Two-Stroke Engines The new purity, Ilci, in the box is found simply as follows:
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The new properties of the gas in the box after the time step are: gas constant



R C1 = I l d R * + (l - n c l ) R e x h



(2.18.64)



specific heats ratio



y c l = n c l Yai r + (1 - n c l ) y e x h



(2.18.65)



From this point it is possible, using the theory given in Sees. 2.18.3 and 2.1.6, to establish the remaining properties in the box, in particular the reference acoustic velocity, density and temperature. The connection for the new reference temperature, To, is given by the isentropic relationship between pressure and temperature as: T
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Consequently the other reference conditions to be employed at the commencement of the next time step are: reference acoustic velocity



reference density



a 0 = -y/YciRciTb
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All of the properties of the gas at the conclusion of a time step, dt, have now been established at all of the mesh boundaries, in all of the mesh volumes and in all cylinders and plenums of the engine being modeled. It becomes possible to proceed to the next time step and continue with the GPB simulation method, replacing all of the "old" values with the "new" ones acquired during the progress described in entirety in this Sec. 2.18. A new time step may now commence with all data stores refreshed with the updated numerical information. Information on the effect of the results of the modeling process of the open cycle and in all of the ducts may need to be collected. This is discussed in the next section. 2.18.11 Airflow, work, and heat transfer during the modeling process The modeling of an engine, or the modeling of any device, that inhales and exhales in an unsteady fashion, is oriented toward the determination of the effect of that unsteady process 166



Chapter 2 - Gas Flow through Two-Stroke Engines on many facets of the operation. For example, the engine designer will wish to know the totality of the air flow into the engine as well as the quantification of it with respect to time or crankshaft angle, i.e., to determine the engine delivery ratio as well as the extent, or lack, of backflow at certain periods of crankshaft rotation which may deteriorate the overall value. Thus, during a calculation, summations of quantities will be made by the modeler to aid the design process. To illustrate this, the example of delivery ratio will be used in the first instance. Airflow into an engine The air flow into an engine is the summation of all of the increments of air flow at each time step at any point in the intake tract. Any mesh point can be selected for this purpose, as the net mass of air flow should be identical at every mesh point over a long time period such as a complete engine cycle. Consider the general case first. A parameter B is required to be assessed for its mean value B over a period of time t at a particular location J. The time period starts at ti and ends at t2- Equally well, for an engine running at engine speed N this can be carried out over, and is more informative during, specific periods of crankshaft angle 9 ranging from 9i to 02- This is effected by: t=t2
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The relationship between crankshaft angle, in degree units, and time for an engine is: 60
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1 = — 360N 6N



(2.18.70)



For the specific case of air flow into the engine, the modeler will select a mesh J for the assessment point, and the shrewd modeler will select mesh J as being that value beside the intake valves or ports of the engine. The total mass of air flow, m a , passing this point will then be: 9=720
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The crankshaft period selected will be noted as 720°. This would be correct for a fourstroke cycle engine for that is its total cyclic period. On the other hand, for a two-stroke cycle
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Design and Simulation of Two-Stroke Engines engine the cyclic period is 360° and the modeler would perform the summation appropriately. If the engine were a multi-cylinder unit of n cylinders then the accumulation process would be repeated at all of the intake ports of the unit. To transfer that data to a delivery ratio, DR, value the conventional theory is used where pref is the reference density for the particular industry standard employed and Vsv is the swept volume of all of the cylinders of the engine: cylinder = n
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Pref SV The term for cyclic air flow rate for a two-stroke engine is called scavenge ratio, SR, where the reference volume term is the entire cylinder volume. This is given by: cylinder = n



Scavenge Ratio
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(2.18.73) V



Pref ( SV + CV) The above example is for one of the many such terms required for design assessment during modeling. The procedure is identical for the others. Some more will be given here as further examples. Work done during an engine cycle The work output for an engine is that caused by the cylinder pressure, pc, acting on the piston(s) of the power unit. The in-cylinder work is known as the indicated work and is often reduced to a pseudo-dimensionless value called mean effective pressure; in this case it is the indicated mean effective pressure. Let us assume that there are n cylinders each with an identical bore area, A, but a total swept volume, Vsv- The piston movement in any one cylinder at each time step is a variable, dx, as is the time step, dt, and the volume change, dV The work done, 8W, at each time step in each cylinder is, 8W = P c Adx = P c d V



(2.18.74)



The total work done, Wc, for that cylinder over a cycle is given by the summation of all such terms for that period. Remember that the thermodynamic cycle period is 0c, and for a four-stroke engine is 720° and for a two-stroke engine is 360°. Thus this accumulated work done is,
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The total work done by the engine, W E , over a cycle is given by, cylinder=n



WE =



XWC



(2.18.76)
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The indicated power output of the engine, which is calculated by the simulation, is the rate of execution of this work at N rpm and is:



four-stroke engine
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The indicated mean effective pressure, imep, for the engine is that pressure which would act on the pistons throughout the thermodynamic cycle and produce the same work output, thus: WE imep = - — V



(2.18.79)



SV



The brake values, i.e., those which would be measured on a "brake" or dynamometer, are any or all of the above values of indicated performance multiplied by the mechanical efficiency, T|m. Other work and heat-transfer-related terms, such as pumping mean effective pressure during the intake stroke and also during the exhaust stroke of a four-stroke engine, or pumping mean effective pressure for the induction into the crankcase of a two-stroke engine, or heat loss during the open cycle of any engine, can be determined throughout the GPB modeling process, either cycle by cycle or cumulatively over many cycles, in exactly the same fashion as for imep. Similarly, the designer may wish to know, and relate to measured terms, the mean pressures and temperatures at significant locations throughout the engine; such mean values are found using the methodology given above.
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Design and Simulation of Two-Stroke Engines 2.18.12 The modeling of engines using the GPB finite system method In the literature there has been reported correlation of measurement and this theory in several international conferences and meetings. The engines modeled and compared with experiments include two-stroke and four-stroke power units. One reference in particular [2.32] describes the latest developments in the inclusion within the GPB modeling process of the scavenging of a two-stroke engine. The present method employed for the closed cycle period of the modeling process is as I describe [2.25, Chapter 4] using a rate of heat release approach for the combustion period. The references list these publications [2.31, 2.32, 2.33, 2.34, 2.35, 2.40 and 2.41]. 2.19 The correlation of the GPB finite system simulation with experiments A theoretical simulation process in design engineering which has not been checked for accuracy against relevant experiments is, depending on the purposes for which it is required, at best potentially misleading and at worst potentially dangerous. In the technology allied to the simulation of unsteady gas flow, many experiments have been carried out by the researchers involved. Virtually every reference in the literature cited here carries evidence, relevant or irrelevant, of experimentation designed to test the validity of the theories presented by their author(s). I am closely associated with a new series of experiments, reported by Kirkpatrick et al. [2.41, 2.65, 2.66], designed specifically to test the validity of the theories of unsteady gas flow, and in particular those presented here, and to compare and contrast the GPB finite system simulation with both the experiments and with other simulation methods such as Riemann characteristics, Lax-Wendroff, Harten-Lax-Leer, etc. The experimental apparatus is quite unique and is detailed fully by Kirkpatrick [2.41]. It will be described here sufficiently well so that the presentation of the experimental test results may be understood fully. Although the main purpose is to determine the extent of the accuracy of the GPB simulation method, the test method and the experimental results illustrate also many of the contentions in the theory presented above. 2.19.1 The QUB SP (single pulse) unsteady gas flow experimental apparatus Most experimenters and modelers in unsteady gas dynamics have correlated the measured pressure-time diagrams in the ducts of engines, firing or motored, against their theoretical contentions. As all unsteady gas flow within the ducts of engines is in a state of superposition, this makes the process of correlation very difficult indeed. It is almost impossible to tell which wave is traveling in which direction. While fast-response pressure transducers are still the best experimental tool that the theoretician in this subject possesses, the simple truth is that they are totally directionally insensitive. That much is manifestly clear in just about every numerical example quoted up to this point in the text. Worse, the correlation of mass flow is in an even more parlous state when working with engines, either motored or firing. While the cylinder pressure may be recorded accurately, the density record in the same place is non-existent since a temperature, or purity, or density transducer with a sufficiently fast response has yet to be invented. Thus, while the experimenter may infer the mass of trapped charge, or as a matter of even greater necessity the mass of trapped air charge, in the cylinder from the overall engine air consumption and the cylinder pressure transducer record, the



170



Chapter 2 - Gas Flow through Two-Stroke Engines blunt truth is that he is "whistling in the wind." For those who are my contemporaries in this technology, let them be assured that I readily admit to being as guilty of perfidy in my technical publications as they are. It was this "guilt complex" which led to the design of the QUB SP apparatus. The nomenclature "SP" stands for "single pulse." The criteria for the design of the apparatus are straightforward: (i) Base it on the assumption that a fast-response pressure transducer is the only accurate experimental tool readily available, (ii) The pipe(s) attached to the device must be sufficiently long as to permit visibility of a pressure wave traveling left or right without undergoing superposition in the plane of the transducer while recording some particular phenomenon of interest, (iii) The cylinder of the device must be capable of having the mass and purity of its contents recorded with absolute accuracy, (iv) The cylinder of the device must be capable of containing any gas desired, and at a wide variety of state conditions, prior to the commencement of the experiment which could be the simulation of either an exhaust or an induction process, (v) The pipes attached to the cylinder must be capable of containing any gas desired, over a wide variety of state conditions, prior to the commencement of the experiment which could be the simulation of either an exhaust or an induction process, (vi) The pipes attached to the device must be capable of holding any of the discontinuities known in engine technology, i.e., diffusers, cones, bends, branches, sudden expansions and contractions and restrictions, throttles, carburetors, catalysts, silencers, air filters, poppet valves, etc. These design criteria translate into the single pulse device shown in Fig. 2.26. The cylinder is a rigid cast iron container of 912 cm 3 volume and can contain gas up to a pressure of 10 bar and a temperature of 500°C. The gas can be heated electrically (H). The cylinder has valves, V, which permit the charging of gas into the cylinder at sub-atmospheric or supraatmospheric pressure conditions. The port, P, at the cylinder has a 25-mm-diameter hole that mates with a 25-mm-diameter aluminum exhaust pipe. The valve mechanism, S, is a flat polished nickel-steel plate with a 25-mm-diameter hole that mates perfectly with the port and pipe at maximum opening. It is actuated by a pneumatic impact cylinder and its movement is recorded by an attached 2-mm pitch comb sensed by an infrared source and integral photodetector. Upon impact the valve slider opens the port from a "perfect" sealing of the cylinder, gas flows from (or into in an induction process) the cylinder and seals it again upon the conclusion of its passing. A damper, D, decelerates the valve to rest after the port has already been closed. An exhaust pulse generated in this manner is typical in time and amplitude of, say, a two-stroke engine at 3000 rpm. A typical port opening lasts for 0.008 second. The cylinder gas properties of purity, pressure and temperature are known at commencement and upon conclusion of an event; in the case of purity, by chemical analysis through a valve, V, if necessary. The pressure is recorded by a fast-response pressure transducer. The temperature is known at commencement and at conclusion, without concern about the time response of that transducer, so that the absolute determination of cylinder mass can be conducted accurately. The coefficients of discharge, Cd, of the cylinder port, under wide variations of cylinderto-pipe pressure ratio giving rise to inflow or outflow and valve opening as port-pipe area
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Fig. 2.53 Measured and calculated pressures with Mach 0.7 criterion. The result of the computations using the GPB modeling method are shown on the same figures with the theoretical criterion for flow separation from the walls of a diffuser, as debated in Sec. 2.15.1, differing in each of the three figures. Recall from the discussion in that section, and by examining the criterion declared in Eq. 2.15.5, that gas particle flow separation from the walls of a diffuser will induce deterioration of the amplitude of the reflection of a compression wave as it traverses a diffuser. The taper of 8° included angle employed here would be considered in steady gas flow to be sufficiently steep as to give particle flow separation from the walls. The theory used to produce the computations in Figs. 2.51 to 2.53 was programmed to record the gas particle velocity at every mesh within the diffuser section. The Eq. 2.15.3 statement was implemented at every mesh at every time step, except that the computational switch was set at a Mach number of 0.5 when computing the theory shown in Fig. 2.51, at a Mach number of 0.6 for the theory plotted in Fig. 2.52, and at a Mach number of 0.7 for the theory presented in Fig. 2.53. It will be seen that the criterion presented in Eq. 2.15.5 provides the accuracy required. It is also clear that any computational method which cannot accommodate such a fluid mechanic modification of its thermodynamics will inevitably provide considerable inaccuracy. Total reliance on the momentum equation alone for this calculation gives a reflected wave amplitude at the pressure transducer of 0.5 atm. It is also clear that flow separation from the walls occurs only at very high Mach numbers. As the criterion of Eq. 2.15.5 is employed for the creation of the theory in Figs. 2.43 to 2.45, where the taper angle is at 12.8° included, it is a reasonable assumption that wall taper angle in unsteady gas flow is not the most critical factor. The differences between measurement and computation are indicated on each figure. It can be observed that the GPB finite system modeling gives a very accurate representation of the measured events for the reflection of compression pressure waves at a tapered pipe ending at the atmosphere. 2.19.8 A pipe with a gas discontinuity attached to the QUB SP apparatus The experiment simulates an exhaust process with a straight pipe attached to the cylinder. Fig. 2.54 shows a straight aluminum pipe of 5.913 m and 25-mm internal diameter attached to the port and ending at a closed end with no exit to the atmosphere. There are pressure transducers attached to the pipe at stations 1, 2 and 3 at the length locations indicated. However, at
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Design and Simulation of Two-Stroke Engines 3.401 m from the cylinder port there is a sliding valve S with a 25-mm circular aperture which, when retracted, seals off both segments of the exhaust pipe. Prior to the commencement of the experiment, the cylinder was filled with air and the initial cylinder pressure and temperature were 1.5 bar and 293 K. The segment of the pipe betwen the cylinder and the valve S is filled with air at a pressure and temperature of 1.5 bar and 293 K, and the segment between the valve S and the closed end is filled with carbon dioxide at the same state conditions. The experiment is conducted by retracting the valve S to the fully open position and impacting the valve at the cylinder port open at the same instant, i.e., the pneumatic impact cylinder I in Fig. 2.26 opens the cylinder port P and then closes it in the manner described in Sec. 2.19.1. An exhaust pulse is propagated into the air in the first segment of the pipe and encounters the carbon dioxide contained in the second segment before echoing off the closed end. In the quiescent conditions for the instant of time between retracting the valve S and sending a pressure wave to arrive at that position some 0.015 second later, it is not anticipated that either the carbon dioxide or the air will have migrated far from their initial positions, if at all. This is a classic experiment examining the boundary conditions for pressure wave reflections at discontinuities in gas properties in engine ducting as described in Sec. 2.5. The gas properties of carbon dioxide are significantly different from air as the ratio of specific heats, y, and the gas constant, R, are 1.28 and 189 J/kgK, respectively. The reference densities in the two segments of the pipe in this experiment, and employed in the GPB modeling process, are then given by: reference density of air
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As the reference acoustic velocity, ao, can be stated as:
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Chapter 2 - Gas Flow through Two-Stroke Engines and replacing the distance from the origin as y, i.e., replacing (x+L), then Eq. A2.1.5 becomes: a
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This is the fundamental thermodynamic equation and the remainder of the solution is merely mathematical "juggling" to effect a solution. This is carried out quite normally by making logical substitutions until a solution emerges. Let _2_ — f _£. I, in which case the following are the results of this substitution: °t ^ " x '
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This relationship is substituted into Eq. A2.1.6 which produces: ^ y V 7 " 1 92y dx. 3x'
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Integrating this expression introduces an integration constant, k: l-Y
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As y = x + L, then
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and from the original substitution, the fact that x is a constant, and that the gas particle velocity is c and is also the rate of change of dimension L with time:
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If at the wave head the following facts are correct, the integration constant, k, is: p = Po



c=0



then k = 1



whence the equation for the particle velocity, c, in unsteady gas flow is deduced:
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The positive sign is the correct one to adopt because if p > po then c must be a positive value for a compression wave.
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Appendix A2.2 Moving shock waves in unsteady gas flow The text in this section owes much to the often-quoted lecture notes by Bannister [2.2]. The steepening of finite amplitude waves is discussed in Sec. 2.1.5 resulting in a moving shock wave. Consider the case of the moving shock wave, AB, illustrated in Fig. A2.2. The propagation velocity is a and it is moving into stationary gas at reference conditions, po and po. The pressure and density behind the shock front are p and p, while the associated gas particle velocity is c. Imagine imposing a mean gas particle velocity, a, on the entire system illustrated in Fig. A2.2(a) so that the regime in Fig. A2.2(b) becomes "reality." This would give a stationary shock, AB, i.e., the moving front would be brought to rest and the problem is now reduced to one of steady flow. Consider that the duct area is A and is unity. The continuity equation shows across the now stationary shock front: (a - c)p A = apoA
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The momentum equation gives, where force is equal to the rate of change of momentum, (a - (a - c))ap0A = (p - p 0 )A capo = P ~ PO
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This can be rearranged as: P _ Po P
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a (b) shock wave imagined to be stationary Fig. A2.2 The moving shock wave.
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Design and Simulation of Two-Stroke Engines The First Law of Thermodynamics across the now stationary shock front shows: „ ^ (a - c) „ „, c T D A + — = CnTp, + — P A p B
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Substituting from Eq. A2.2.3 for i-2- and writing a 0 = — - produces: P Po 2
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Combining Eqs. A2.2.2 and A2.2.4: 2
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Dividing throughout by ag and substituting —— for it provides the relationship for the Po propagation velocity of a moving compression shock wave as:
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Chapter 2 - Gas Flow through Two-Stroke Engines Substituting this latter expression for the shock propagation velocity, a, into Eq. A2.2.5 gives a direct relationship for the gas particle velocity, c: A -1 Y iPo fV + 1 P , Y - 1 2y P o 2y
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The temperature and density relationships behind the shock are determined as follows, first from the equation of state:
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which when combined with Eq. A2.2.1 gives: T
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which when combined with Eq. A2.2.5 gives: ( T
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and in further combination with Eq. A2.2.6 reveals the temperature relationship: 'Y-l _P_ Y + l Po P , Po
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and in further combination with Eq. A2.2.8 reveals the density relationship: P
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Design and Simulation of Two-Stroke Engines The functions in Eqs. 2.2.9 and 2.2.10 reveal the non-isentropic nature of the flow. For example, an isentropic compression would give the following relation between pressure and density: _P_
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Po



This is clearly quite different from that deduced for the moving shock wave in Eq. A2.2.10. The non-isentropic functions relating pressure, temperature and density for a moving shock wave are often named in the literature as the Rankine-Hugoniot equations. They arise again in the discussion in Sec. 2.2.4.
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Chapter 2 - Gas Flow through Two-Stroke Engines Appendix A2.3 Coefficients of discharge in unsteady gas flow In various sections of this chapter, such as Sees. 2.12, 2.16, 2.17, and 2.19, a coefficient of discharge, Cd, is employed to describe the effective area of flow through a restriction encountered at the throat of a valve or port at a cylinder, or of flow past a throttle or venturi section in an inlet duct. Indeed a map of measured coefficients of discharge, Cd, is displayed in Fig. 2.27. It will be observed from this map that it is recorded over a wide range of pressure ratios and over the full range of port-to-pipe-area ratio, k, from zero to unity. The area ratio, k, is defined as: throat area Area ratio, k =



Af = —pipe area Ap



r A 9 o i\ (fu.J.i)



Where the geometry under scrutiny is a port in the cylinder wall of a two-stroke engine and is being opened or closed by the piston moving within that cylinder, it is relatively easy to determine the effective throat and pipe areas in question. All such areas are those regarded as normal to the direction of the particle flow. In some circumstances these areas are more difficult to determine, such as a poppet valve in an engine cylinder, and this matter will be dealt with more completely below. A poppet valve is not a valving device found exclusively in a four-stroke engine, as many two-stroke engines have used them for the control of both inlet and exhaust flow. Measurement of coefficient of discharge The experimental set-up for these measurements varies widely but the principle is illustrated in Fig. A2.3. The cylinder of the engine is mounted on a steady flow rig and the experimentally determined air mass flow rate, rh e x , is measured at various pressure drops from the cylinder to the pipe for outflow, or vice-versa for inflow, through the aperture of area, At> leading from the cylinder to the pipe of area, A p . The illustration shows a two-stroke engine cylinder with the piston held stationary giving a geometric port area, At, feeding an exhaust pipe with an inner diameter, djS, and where the flow is coming from, or going to, a pipe where the diameter is dp. It involves the measurement of the pressures and temperatures, pO, To, within the cylinder and at the pipe point, p2, T2, respectively. In the illustration, the flow is suction from the atmosphere, giving "exhaust" flow to the exhaust pipe, and so the cylinder pressure and temperature are the atmospheric conditions, po and To- The values of pressure and temperature within the cylinder are regarded as stagnation values, i.e., the particle velocity is so low as to be considered zero, and at the pipe point they are the static values. The mass rate of flow of the gas, rh e x , for the experiment is measured by a meter, such as a laminar flow meter or an orifice designed to ISO, BS, DIN or ASME standards. The experiment is normally conducted using air as the flow medium. The theoretical mass flow rate, rh is , is traditionally determined [2.7] using isentropic nozzle theory between the cylinder and the throat for outflow, or pipe and throat for inflow, using the measured state conditions in the cylinder, at the throat, or in the pipe, which are pi and Ti, p t and Tt, or P2 and T2, respectively, and using the nomenclature associated with
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B~™BS1042 ORIFICE T Fig. A2.3 Experimental apparatus for Cj measurement. either Fig. 2.16 or Fig. 2.18. The theory is normally modified to incorporate the possibility of sonic flow at the throat, and the careful researcher [2.7] ensures that the critical pressure ratio is not applied to the inflow condition for flow from pipe to cylinder. Some [2.61] employ overall pressure ratios sufficiently low so as to not encounter this theoretical problem. The coefficient of discharge, Cdis, is then determined as: r< _ m ex v-Hic 'dis — m IS
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The extra appellation of "is" to the subscript for Cd refers to the fact that the measured mass flow rate is compared with that calculated isentropically. If the objective of measuring the coefficient of discharge, Cd, is simply as a comparator process for the experimental improvement of the flow in two-stroke engine porting, or of poppet valving in the cylinder heads of two- or four-stroke engines, then this classic method is completely adequate for the purpose. The only caveats offered here for the enhancement of that process is that the correct valve curtain area for poppet valves should be employed (see
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Chapter 2 - Gas Flow through Two-Stroke Engines Appendix A5.1), and that the range of pressure ratios used experimentally should be much greater than the traditional levels [2.61]. The determination of Q for accurate application within an engine simulation However, if the object of the exercise is the very necessary preparation of Cd maps of the type displayed by Kirkpatrick [2.41], for employment within engine simulation and modeling, then the procedure described above for the deduction of the coefficient of discharge, Cd, is totally inaccurate. The objective is to measure and deduce Cd in such a manner that when it is "replayed" in a computer simulation of the engine, at identical values of pressure, temperature and area ratio, the calculation would predict exactly the mass flow rate that was measured. At other thermodynamic state conditions, the discharge coefficient is characterized by the pressure ratio and the area ratio and fluid mechanic similarity is assumed. There may be those who will feel that they could postulate and apply more sophisticated similarity laws, and that is a legitimate aspiration. For the above scenario to occur, it means that the theoretical assessment of the ideal mass flow rate during the experimental deduction of Cd must not be conducted by a simple isentropic analysis, but with exactly the same set of thermodynamic software as is employed within the actual computer simulation. In short, the bottom line of Eq. A2.3.2 must be acquired using the non-isentropic theory, described earlier, applied to the geometry and thermodynamics of the steady flow experiment which mimics the outflow or inflow at a cylinder, or some similar plenum to duct boundary. This gives a significantly different answer for Cd by comparison with that which would be acquired by an isentropic analysis of the ideal mass flow rate. To make this point completely, this gives an "ideal" discharge coefficient, Cdi, and is found by:



where m n i s is the theoretical non-isentropic mass flow rate described above. However, even with this modification to the classic analytical method, the value of "ideal" discharge coefficient, Cdi, is still not the correct value for accurate use within a computer engine simulation. Taking cylinder outflow as the example, if Eqs. 2.16.8 and 2.17.8 are examined it can be seen that the actual coefficient of discharge arises from the need for the prediction of an effective area of the throat of the restriction, formed by the reality of gas flow through the aperture of the cylinder port. Hence, the value of port area, Aeff, is that value which, when presented into the relevant thermodynamic software for the analysis of a particular flow regime at the measured values of upstream and downstream pressure and temperature, will calculate the measured value of mass flow rate, rh e x . This involves an iterative process within the theory for flow to or from the measured value of pipe area, A2, until the experimentally measured values of pi, Ti, P2, T2, and m e x coincide for a unique numerical value of effective throat to pipe area ratio, kgff. The relevant value of Cd to be employed with
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Design and Simulation of Two-Stroke Engines an engine simulation value, i.e., the "actual" coefficient of discharge, Cda, is then determined as: u _ Aeff k eff - —— A2
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The algebraic solution to this iterative procedure (for it requires a solution for the several unknowns from an equal number of simultaneous polynomial equations) is not trivial. The number of unknowns depends on whether the flow regime is inflow or outflow, and it can be subsonic or sonic flow for either flow direction; the number of unknowns can vary from two to five, depending on the particular flow regime encountered. The iterative procedure is completed until a satisfactory error band has been achieved, usually 0.01% for any one unknown variable. Then, and only then, with the incorporation of the actual discharge coefficient, Cda,at the same cylinder-to-pipe pressure ratio, P, and geometric area ratios, k, into the simulation will the correct value of mass flow rate and pressure wave reflection and formation be found in the replay mode during an unsteady gas-dynamic and thermodynamic engine computer simulation. Apart from some discussion in a thesis by Bingham [2.64], I am unaware of this approach to the determination of the actual coefficient of discharge, Cda, being presented in the literature until recent times [5.25]. I have published a considerable volume of Cd data relating to both two- and four-stroke engines, but all of it is in the format of Cdi and all of it is in the traditional format whereby the ideal mass flow rate was determined by an isentropic analysis. Where the original measured data exist in a numeric format, that data can be re-examined and the required Cda determined. Where it does not, and the majority of it no longer exists as written records, then that which I have presented is well nigh useless for simulation purposes. Furthermore, it is the complete digitized map, such as in Fig. 2.27, that is needed for each and every pipe discontinuity to provide accurate simulation of unsteady gas flow through engines. Some measurements ofCj at the exhaust port of an engine In Figs. A2.4 to A2.7 are the measured discharge coefficients for both inflow and outflow at the exhaust port of a 125 cm 3 Grand Prix racing motorcycle engine, as shown in Fig. A2.3 [5.25]. These figures plot the discharge coefficients with respect to pressure ratio from the cylinder to the pipe, P, and for geometrical area ratios, k, of 0.127, 0.437, 0.716 and 0.824, respectively. On each figure is shown both the actual discharge coefficient, Cda, and the ideal coefficient, Cdi, a s given by Eq. A2.3.3. It should be noted that any difference between these two numbers, if replayed back into an engine simulation at identical k and P values, will give precisely that ratio of mass flow rate difference. At a low area ratio, k, there is almost no difference between Cdi and Cda- The traditional analysis would be equally effective here. As the area ratio increases, and where the mass flow rate is, almost by definition, increasing, then the mass flow rate error through the application of a Cdi value also rises. The worst case is probably inflow at high area ratios, where it is seen to be 20%.
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Fig. A2.6 Coefficients of discharge for port k=0.716.
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Fig. A2.7 Coefficients of discharge for port k=0.824.



Further discussion is superfluous. The need to accurately measure and, even more important, to correctly reduce the data to obtain the actual discharge coefficient, C oRpd
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(3.1.22)



Design and Simulation of Two-Stroke Engines In other words, in terms of the symbolism shown in Fig. 3.1, in the first part of the Benson two-part model, the volume of air, dV am , supplied into the mixing zone is zero. In the second part of the Benson two-part model, there is no further air supplied into the perfect displacement zone, i.e., the value of dVpd is zero. 3.1.4 Inclusion of short-circuiting of scavenge airflow in theoretical models In the book by Benson [1.4], the theory for the Benson-Brandham two-part model described in the preceding section is extended to include short-circuiting of the flow directly to the exhaust, as illustrated in Fig. 3.1. A proportion of the incoming scavenge flow, O, is diverted into the exhaust duct without scavenging exhaust gas or mixing with it in the cylinder. This results in modifications to Eqs. 3.1.21 and 22 to account for the fact that any cylinder scavenging is being conducted by an air flow of reduced proportions, numerically (1 - a)SR v . After such modifications, Eqs. 3.1.21 and 22 become: when



0 < SRV < (1 - a)SR pd
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This two-part volumetric scavenge model has been widely quoted and used in the literature. Indeed the analytical approach has been extended in many publications to great complexity [3.3]. 3.1.5 The application of simple theoretical scavenging models Eqs. 3.1.1-24 are combined within a simple package, included in the Appendix Listing of Computer Programs as Prog.3.1, BENSON-BRANDHAM MODEL. This and all of the programs listed in the Appendix are available separately from SAE. It is self-explanatory in use, with the program prompting the user for all of the data values required. As an example, the output plotted in Figs. 3.2 and 3.3 is derived using the program. Apart from producing the data to plot the perfect displacement scavenging and perfect mixing scavenging lines, two further examples are shown for a perfect scavenging period, SRpcj, of 0.5, but one is with zero short-circuiting and the second is with o equal to 10%. These are plotted in Figs. 3.2 and 3.3 as SEV-SRV and TEV-SRV characteristics. To calculate a perfect mixing characteristic, all that needs to be specified is that SRpcj and o are both zero, because that makes Eq. 3.1.24 identical to Eq. 3.1.19 within the program. From an examination of the two figures, it is clear that a TEV-SRV characteristic provides a better visual picture for the comparison of scavenging behavior than does a SEV-SRV graph. This is particularly evident for the situation at light load, or low SRV levels, where it is nearly impossible to tell from Fig. 3.2 that the 10% short-circuit line has fallen below the perfect mixing line. It is very clear, however, from Fig. 3.3 that such is the case. Further, it is easier to
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Fig. 3.2 Benson-Brandham model of scavenging characteristics.
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Design and Simulation of Two-Stroke Engines come to quantitative judgments from TEV-SRV characteristics. Should the two lines in Fig. 3.3 be the TEV-SRV behavior for two real, rather than theoretically ideal, engine cylinders, then it would be possible to say positively that the bmep or power potential of one cylinder would be at least 10% better than the other. This could be gauged visually as the order of trapped mass improvement, for that is ultimately what trapping efficiency implies. It would not be possible to come to this judgment so readily from the SEV-SRV graph. On the other hand, the SEV-SRV characteristic also indicates the purity of the trapped charge, as that is the alternative definition of scavenging efficiency, and in this case one that is totally accurate. As flammability limits of any charge are connected with the level of trapped exhaust gas, the SE value in mass terms indicates the potential for the cylinder to fire that charge upon ignition by the spark plug. Should that not happen, then the engine will "fourstroke," or "eight-stroke" until there has been sufficient scavenging processes for the SE value to rise to the appropriate level to fire. In very broad terms, it is unlikely that a cylinder homogeneously filled with air-fuel mixture and exhaust gas to a SE value of less than 0.4 will be successfully fired by a spark plug. This is bound to be the case at light loads or at low SR levels, and is a common characteristic of carburetted two-stroke SI engines. A more extended discussion of this topic takes place in Sec. 4.1.3. In such a situation, where the engine commences to fire unevenly, there will be a considerable loss of air-fuel mixture through the exhaust port, to the considerable detriment of specific fuel consumption and the level of exhaust emissions of unburned hydrocarbons. To further emphasize this important point, in the case of the differing cylinder scavenging characteristics cited in Fig. 3.3, there would be a small loss of fresh charge with one of them, and at least 10% loss with the other, should the SR value for each scavenge process be less than 0.5 while the engine was in this "fourstroking" mode. This makes it very important to be able to design or develop cylinders with high trapping efficiencies at light loads and low SR values. Remember that the SR axis is, in effect, the same axis as throttle opening. Care must be taken to differentiate between massrelated SE-SR and volume-related SEV-SRV characteristics; this matter will be dealt with later in this chapter. The literature is full of alternative theoretical models to that suggested by Benson and Brandham. Should you wish to study this matter further, the technical publications of Baudequin and Rochelle [3.3] and Changyou and Wallace [3.4] should be perused, as well as the references contained within those papers. This subject will be covered again later in this chapter, as it is demonstrated that these simple two-part models of scavenging provide poor correlation with experimentally derived results, even for experiments conducted volumetrically. You are probably wondering where, in all of the models postulated already in this chapter, does loop or cross or uniflow scavenging figure as an influence on the ensuing SE-SR or TE-SR characteristics. The answer is that they do in terms of SRpcj and a values, but none of the literature cited thus far provides any numerical values of use to the engine designer or developer. The reason is that this requires correlation of the theory with relevant experiments conducted on real engine cylinders and until recent times this had not occurred. The word "relevant" in the previous sentence is used very precisely. It means an experiment conducted as the theory prescribes, by an isobaric, isothermal and isovolumic process. Irrelevant experiments, in that context, are quite common, as the experimental measurement of SE-SR behav-



019



Chapter 3 - Scavenging the Two-Stroke Engine ior by me [3.7] and [3.13], Asanuma [3.8] and Booy [3.9] in actual firing engines will demonstrate. Such experiments are useful and informative, but they do not assist with the assignment of theoretical SRpcj and o values to the many engine cylinders described in those publications. An assignment of such parameters is vital if the results of the experiments are to be used to guide engine simulations employing mass-based thermodynamics and gas dynamics. 3.2 Experimentation in scavenging flow Since the turn of the 20th Century, the engineers involved with the improvement of the two-stroke engine took to devolving experimental tests aimed at improving the scavenging efficiency characteristics of the engines in their charge. This seemed to many to be the only logical methodology because the theoretical route, of which Sec. 3.1 could well be described as the knowledge base pre-1980, did not provide specific answers to specific questions. Many of these test methods were of the visualization kind, employing colored liquids as tracers in "wet" tests and smoke or other visible particles in "dry" tests. I experimented extensively with both methods, but always felt the results to be more subjective than conclusive. Some of the work was impressive in its rigor, such as that of Dedeoglu [3.10] or Rizk [3.11] as an example of liquid simulation techniques, or by Ohigashi and Kashiwada [3.12] and Phatak [3.19] as an example of gas visualization technology. The first really useful technique for the improvement of the scavenging process in a particular engine cylinder, be it a loop- or cross- or uniflow-scavenged design, was proposed by Jante [3.5]. Although the measurement of scavenging efficiency in the firing engine situation [3.7, 3.8, 3.9] (Plate 3.2) is also an effective development and research tool, it comes too late in terms of the time scale for the development of a particular engine. The cylinder with its porting has been designed and constructed. Money has been spent on casting patterns and on the machining and construction of a finished product or prototype. It is somewhat late in the day to find that the SE-SR characteristic is, possibly, less than desirable! Further, the testing process itself is slow, laborious and prone to be influenced by extraneous factors such as the effect of dissimilarly tuned exhaust pipes or minor shifts in engine air-fuel ratio. What Jante [3.5] proposed was a model test on the actual engine cylinder, or a model cylinder and piston capable of being motored, which did not have the added complexity of confusing the scavenging process with either combustion behavior or the unsteady gas dynamics associated with the exhaust tuning process. 3.2.1 The Jante experimental method of scavenge flow assessment The experimental approach described by Jante [3.5] is sketched in Fig. 3.4. A photograph of an experimental apparatus for this test employed at QUB some years ago is shown in Plate 3.1. It shows an engine, with the cylinder head removed, which is being motored at some constant speed. The crankcase provides the normal pumping action and a scavenging flow exits the transfer ports and flows toward, and out of, the open cylinder bore. At the head face is a comb of pitot tubes, which is indexed across the cylinder bore to provide a measured value of vertical velocity at various points covering the entire bore area. Whether the pitot tube comb is indexed radially or across the bore to give a rectangular grid pattern for the recording of the pitot tube pressures is immaterial. The use of pitot tubes for the recording of
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Design and Simulation of Two-Stroke Engines gas velocities is well known, and the theory or practice can be found in any textbook on fluid mechanics [3.14]. The comb of pitot tubes shown in Fig. 3.4 can be connected to a variety of recording devices, ranging from the simplest, which would be an inclined water manometer bank, to some automatic data logging system through a switching valve from a pressure transducer. Irrespective of the recording method, the velocity of gas, c, in line with the pitot tube is given by: 4,/Ap~water



(3.2.1)



m/s



where Ap water is the pitot-static pressure difference in units of mm of water. The engine can be motored at a variety of speeds and the throttle set at various opening levels to vary the value of scavenge ratio, SR. The most important aspect of the resulting test is the shape of the velocity contour map recorded at the open cylinder bore. Jante [3.5] describes various significant types of patterns, and these are shown in Fig. 3.5. There are four velocity contour patterns, (a)-(d), shown as if they were recorded from various loop-scavenged engines with two side transfer ports and one exhaust port. The numerical values on the velocity contours are in m/s units. Jante describes pattern (a) as the only one to produce good scavenging, where the flow is ordered symmetrically in the cylinder about what is often referred to as the "plane of symme-
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Fig. 3.4 Experimental configuration for Jante test.
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Fig. 3.5 Typcial velocity contours observed in the Jante test.



Plate 3.1 A comb ofpitot tubes for the Jante test on a motorcycle engine.
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Design and Simulation of Two-Stroke Engines try." The velocity contours increase in strength from zero at the center of the cylinder to a maximum at that side of the cylinder opposite to the exhaust port; in the "trade" this side is usually referred to as the "back of the cylinder." (As with most professional specializations, the use of jargon is universal!) The other patterns, (b)-(d), all produce bad scavenging characteristics. The so-called "tongue" pattern, (b), would give a rapid and high-speed flow over the cylinder head face and proceed directly to, and presumably out of, the exhaust port. The pattern in (c), dubbed the "wall" pattern, would ultimately enfold large quantities of exhaust gas and become a classic mixing process. So, too, would the asymmetrical flow shown in (d). I, at one time, took a considerable interest in the use of the Jante test method as a practical tool for the improvement of the scavenging characteristics of engines. At QUB there is a considerable experimental and theoretical effort in the development of actual engines for industry. Consequently, up to 1980, this method was employed as an everyday development tool. At the same time, a research program was instituted at QUB to determine the level of its effectiveness, and the results of those investigations are published in technical papers [1.23, 3.13]. In an earlier paper [3.6] I had published the methodology adopted experimentally at QUB for the recording of these velocity contours, and had introduced several analytical parameters to quantify the order of improvement observed from test to test and from engine to engine. It was shown in Refs. [1.23] and [3.13] that the criterion of "mean velocity," as measured across the open cylinder bore, did determine the ranking order of scavenging efficiency in a series of cylinders for a 250cc Yamaha motorcycle engine. In that work the researchers at QUB also correlated the results of the Jante testing technique with scavenging efficiency measurements acquired under firing conditions with the apparatus shown in Plate 3.2. The work of Nuti and Martorano [3.33] confirmed that cylinders tested using the Jante simulation



Plate 3.2 QUB apparatus for the measurement of scavenging efficiency underfiringconditions.
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Chapter 3 - Scavenging the Two-Stroke Engine method correlated well with scavenging efficiency measurements acquired under firing conditions by cylinder gas sampling. In particular, they agreed that the "mean velocity" criterion that I proposed [3.6] was an accurate indicator of the scavenging behavior under firing conditions. The main advantages of the Jante test method are that (a) it is a test conducted under dynamic conditions, (b) it is a test which satisfies the more important, but not all, of the laws of fluid mechanics regarding similarity (see Sec. 3.2.2), (c) it is a test on the actual hardware relevant to the development program for that engine, (d) it does not require expensive instrumentation or hardware for the conduct of the test, and (e) it has been demonstrated to be an effective development tool. The main disadvantages of the Jante test method are that (a) it is a test of scavenging flow behavior conducted without the presence of the cylinder head, which clearly influences the looping action of the gas flow in that area, (b) it is difficult to relate the results of tests on one engine to another engine even with an equal swept volume, or with an unequal swept volume, or with a differing bore-stroke ratio, (c) it is even more difficult to relate "good" and "bad" velocity contour patterns from loop- to cross-scavenged engines, (d) it has no relevance as a test method for uniflow-scavenged engines, where the flow is deliberately swirled by the scavenge ports at right angles to the measuring pitot tubes, (e) because it is not an absolute test method producing SE-SR or TE-SR characteristics, it provides no information for the direct comparison of the several types of scavenging flow conducted in the multifarious geometry of engines in existence, and (f) because it is not an absolute test method, no information is provided to assist the theoretical modeler of scavenging flow during that phase of a mathematical prediction of engine performance. 3.2.2 Principles for successful experimental simulation of scavenging flow Some of the points raised in the last paragraph of Sec. 3.2.1 require amplification in more general terms. Model simulation of fluid flow is a science [3.14] developed to deal with, for example, the realistic testing of model aircraft in wind tunnels. Most of the rules of similarity that compare the model to be tested to reality are expressed in terms of dimensionless quantities such as Reynolds, Froude, Mach, Euler, Nusselt, Strouhal, and Weber numbers, to name but a few. Clearly, the most important dimensionless quantity requiring similarity is the Reynolds number, for that determines whether the test is being conducted in either laminar or turbulent flow conditions, and, as the real scavenging flow is demonstrably turbulent, at the correct level of turbulence. To be pedantic, all of the dimensionless quantities should be equated exactly for precision of simulation. In reality, in any simulation procedure, some will have less relevance than others. Dedeoglu [3.10], in examining the applicability of these several dimensionless factors, maintained that the Strouhal number was an important similarity parameter. Another vitally important parameter that requires similarity in any effective simulation of scavenging flow is the motion of the piston as it opens and closes the transfer ports. The reason for this is that the gas flow commences as laminar flow at the port opening, and becomes fully developed turbulent flow shortly thereafter. That process, already discussed in Chapters 1 and 2, is one of unsteady gas-dynamic flow where the particle velocity varies in 223



Design and Simulation of Two-Stroke Engines time from zero to a maximum value and then returns to zero at transfer port closure. If one attempts to simulate the scavenging flow by holding the piston stationary, and subjects the cylinder to steady flow of either gas or liquid, then that flow will form attachments to either the piston crown or the cylinder walls in a manner which could not take place in the real velocity-time situation. This effect has been investigated by many researchers, Rizk [3.11], Percival [3.16], Sammons [3.15], Kenny [3.18] and Smyth [3.17], and they have concluded that, unless the test is being conducted in steady flow for some specific reason, this is not a realistic simulation of the scavenging flow. As more recent publications show Jante test results conducted in steady flow it would appear that not all are yet convinced of that conclusion [3.50]. 3.2.3 Absolute test methods for the determination of scavenging efficiency To overcome the disadvantages posed by the Jante test method, it is preferable to use a method of assessment of scavenging flow that will provide measurements of scavenging, trapping and charging efficiency as a function of scavenge ratio. It would also be preferable to conduct this test isolated from the confusing effects of combustion and exhaust pipe tuning characteristics. This implies some form of model test, but this immediately raises all of the issues regarding similarity discussed in Sec. 3.2.2. A test method which does not satisfy these criteria, or at least all of the vitally important dimensionless criteria, is unacceptable. It was Sammons [3.15] who first postulated the use of a single-cycle apparatus for this purpose. Because of the experimental difficulty of accurately measuring oxygen concentrations by gas analysis in the late 1940s (a vital element of his test method), his proposal tended to be forgotten. It was revived in the 1970s by Sanborn [3.13], who, together with researchers at QUB, investigated the use of a single-cycle apparatus using liquids to simulate the flow of fresh charge and exhaust gas. Sanborn continued this work [3.21] and other researchers investigated scavenging flow with this experimental methodology [3.22]. At QUB there was a growing realization that the occasional confusing result from the liquid-filled apparatus was due to the low Reynolds numbers found during the experiment, and that a considerable period of the simulated flow occurred during laminar or laminarturbulent transition conditions. Consequently, the QUB researchers reverted to the idea postulated by Sammons [3.15], for in the intervening years the invention of the paramagnetic analyzer, developed for the accurate determination of oxygen proportions in gas analysis, had realized the experimental potential inherent in Sammons' original technique. (As a historical note, for it illustrates the frailty of the human memory, I had forgotten about, or had relegated to the subconscious, the Sammons paper and so reinvented his experimental method.) However, as will become more evident later, the QUB apparatus incorporates a highly significant difference from the Sammons experimental method, i.e., the use of a constant volume cylinder during the scavenge process. The QUB apparatus sketched in Fig. 3.6, and appearing in Plate 3.3, is very thoroughly described and discussed by Sweeney [3.20]. The salient features of its operation are a constant volume crankcase and a constant volume cylinder during the single cycle of operation from tdc to tdc at a known turning rate. The equivalent rotational rate is 700 rev/min. The cylinder is filled with air to represent exhaust gas, and the crankcase is filled with carbon dioxide to represent the fresh air charge. Here, one similarity law is being well satisfied, in 224
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that the typical density ratio of crankcase air charge to cylinder exhaust gas is about 1.6, which corresponds almost exactly with the density ratio of 1.6 for the carbon dioxide to air used in the experiment. The Reynolds numbers are well into the turbulent zone at the midflow position, so yet another similarity law is satisfied.
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Fig. 3.6 QUB single-cycle gas scavenging apparatus.



Plate 3.3 The single-cycle gas scavenging experimental apparatus at QUB.



225



Design and Simulation of Two-Stroke Engines The gases in the cylinder and the crankcase are at atmospheric temperature at the commencement of the process. The crankcase pressure is set at particular levels to produce differing values of scavenge ratio, SRV, during each experiment. At the conclusion of a single cycle, the crankshaft is abruptly stopped at tdc by a wrap-spring clutch brake, retaining under the movable cylinder head the trapped charge from the scavenging flow. The movable cylinder head is then released from the top piston rod and depressed so that more than 75% of the trapped gas contents are forced through a paramagnetic oxygen analyzer, giving an accurate measurement from a representative gas sample. If i>o is the measured oxygen concentration (expressed as % by volume) in the trapped charge, M o n is the molecular ratio of nitrogen to oxygen in air, and C p m is a correction coefficient for the slight paramagnetism exhibited by carbon dioxide, then Sweeney [3.20] shows that the volumetric scavenging efficiency, SEV, is given by:
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The correction coefficient for carbon dioxide in the presence of oxygen, C p m , is a negative number, -0.00265. The value of M o n is traditionally taken as 79/21 or 3.762. The scavenge ratio, SRV, is found by moving the piston, shown as item 5 in Fig. 3.6, inward at the conclusion of the single cycle experiment until the original crankcase state conditions of pressure and temperature are restored. A dial gauge accurately records the piston movement. As the piston area is known, the volume of charge which left the crankcase, V cc , is readily determined. The volume of charge, V c , which scavenged the cylinder, is then calculated from the state equation: Pccvcc .. PcyVc T T



(3.2.3)



The temperatures, T c y and T cc , are identical and equal to the atmospheric temperature, T at . The cylinder pressure, p c y , is equal to the atmospheric pressure, pat. The cylinder volume can be set to any level by adjusting the position of the cylinder head on its piston rod. The obvious value at which to set that volume is the cylinder swept volume,



VsvThe scavenge ratio, SRV, is then: V SRV = —— V
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In the final paragraph of Sec. 3.1, the desirability was emphasized of conducting a relevant scavenging experiment in an isothermal, isovolumic and isobaric fashion. This experiment satisfies these criteria as closely as any experiment ever will. It also satisfies all of the
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Chapter 3 - Scavenging the Two-Stroke Engine relevant criteria for dynamic similarity. It is a dynamic experiment, for the piston moves and provides the realistic attachment behavior of scavenge flow as it would occur in the actual process in the firing engine. Sweeney [3.20, 3.23] demonstrates the repeatability of the test method and of its excellent correlation with experiments conducted under firing conditions. Some of those results are worth repeating here, for that point cannot be emphasized too strongly. The experimental performance characteristics, conducted at full throttle for a series of modified Yamaha DT 250 engine cylinders, are shown in Fig. 3.7. Each cylinder has identical engine geometry so that the only modifications made were to the directioning of the transfer ports and the shape of the transfer duct. Neither port timings nor port areas were affected so that each cylinder had almost identical SR characteristics at any given rotational speed. Thus, the only factor influencing engine performance was the scavenge process. That this is significant is clearly evident from that figure, as the bmep and bsfc behavior is affected by as much as 15%. When these same cylinders were tested on the single-cycle gas scavenging rig, the SEV-SRV characteristics were found to be as shown in Fig. 3.8. The figure needs closer examination, so a magnified region centered on a SRV value of 0.9 is shown in Fig. 3.9. Here, it can be observed that the ranking order of those same cylinders is exactly as in Fig. 3.7, and so too is their relative positions. In other words, Cylinders 14 and 15 are the best and almost as effective as each other, so too are cylinders 9 and 7 but at a lower level of scavenging efficiency and power. The worst cylinder of the group is cylinder 12 on all counts. The "double indemnity" nature of a loss of 8% SEV at a SRV level of 0.9, or a TEV drop of 9%, is translated into the bmep and bsfc shifts already detailed above at 15%. A sustained research and development effort has taken place at QUB in the experimental and theoretical aspects of scavenging flow. For the serious student of the subject, the papers published from QUB form a series, each using information and thought processes from the preceding publication. That reading list, in consecutive order, is [3.6], [1.23], [3.13], [3.20], [1.10], [3.23], [1.11], and [3.17]. 3.2.4 Comparison of loop, cross and uniflow scavenging The QUB single-cycle gas scavenge experiment permits the accurate and relevant comparison of SEV-SRV and TEV-SRV characteristics of different types of scavenging. From some of those previous papers, and from other experimental work at QUB hitherto unpublished, test results for uniflow-, loop- and cross-scavenged engine cylinders are presented to illustrate the several points being made. At this stage the most important issue is the use of the experimental apparatus to compare the various methods of scavenging, in order to derive some fundamental understanding of the effectiveness of the scavenging process conducted by these several methodologies. In Sec. 3.3 the information gained will be used to determine the theoretical relevance of this experimental data in the formulation of a model of scavenging to be incorporated within a complete theoretical model of the firing engine. Figs. 3.10-3.13 give the scavenging and trapping characteristics for eight engine cylinders, as measured on the single-cycle gas scavenging rig. It will be observed that the test results fall between the perfect displacement line and perfect mixing line from the theories of Hopkinson [3.1]. By contrast, as will be discussed in Sec. 3.3, some of the data presented by others [3.3, 3.4] lie below the perfect mixing line.
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Fig. 3.7 Measured performance characteristics.
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Fig. 3.8 Measured isothermal scavenging characteristics.
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Fig. 3.9 Magnified region ofSE-SR characteristics.
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Fig. 3.10 Scavenging efficiency characteristics.



The cylinders used in this study, virtually in order of their listing in Figs. 3.10-3.13, are as follows, first for those shown in Figs. 3.10 and 3.11: (a) A 250 cm 3 loop-scavenged cylinder, modified Yamaha DT 250 cylinder no. 12, and called here YAM12, but previously discussed in [1.23]. The detailed porting geometry is drawn in that paper, showing five scavenge ports.
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SCAVENGE RATIO, SRv Fig. 3.11 Trapping efficiency characteristics.
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SCAVENGE RATIO, SRv Fig. 3.12 Scavenging efficiency characteristics. (b) A 250 cm 3 loop-scavenged cylinder, modified Yamaha DT 250 cylinder no. 14, and called here YAM14, but previously discussed in [1.23]. The detailed porting geometry is drawn in that paper, showing five scavenge ports. (c) A 409 cm 3 classic cross-scavenged cylinder, called CROSS. It is a cylinder from an outboard engine. The detailed porting geometry and the general layout is virtually as illustrated in Fig. 1.3. However, the engine details are proprietary and further technical
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SCAVENGE RATIO, SRv Fig. 3.13 Trapping efficiency characteristics. description is not possible. The design approach is discussed in Sec. 3.5.2 and a sketch of the layout is to be found in Fig. 3.32(a). (d) A ported uniflow-scavenged cylinder of 302 cm 3 swept volume, called UNIFLOW. It has a bore stroke ratio of 0.6, and the porting configuration is not dissimilar to that found in the book by Benson [1.4, Vol 2, Fig. 7.7, p213]. The engine details are proprietary and further technical description is not possible. Then there are those cylinders shown in Figs. 3.12 and 3.13, with the UNIFLOW cylinder repeated to provide a standard of comparison: (e) A 409 cm 3 cross-scavenged cylinder, called GPBDEF. It is a prototype cylinder designed to improve the scavenging of the same outboard engine described above as CROSS. The technique used in the design is given Sec. 3.5.3. The detailed porting geometry and the general layout is illustrated in Figs. 3.32(b) or 3.34(a). (f) A loop-scavenged cylinder of 375 cm 3 swept volume, called SCRE. This engine has three transfer ports, after the fashion of Fig. 3.38. (g) A 250 cm 3 QUB cross-scavenged cylinder, called QUBCR, and previously described in [1.10] in considerable detail. The detailed porting geometry is drawn in that paper. The general layout is almost exactly as illustrated in Figs. 1.4 or 3.34(b). (h) A loop-scavenged cylinder of 65 cm 3 swept volume, called LOOPSAW. This engine has two transfer ports, after the fashion of the upper left sketch in Fig. 1.2 or Fig. 3.35. The engine is designed for use in a chainsaw and is very typical of all such cylinders designed for small piston-ported engines employed for industrial or outdoor products. The disparate nature of the scavenging characteristics of these test cylinders is clearly evident. Note that they all fall within the envelope bounded by the lines of "perfect displacement scavenging" and "perfect mixing scavenging." By the end of 1994 at QUB, a large
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Design and Simulation of Two-Stroke Engines library of information on this subject has been amassed with up to four QUB single-cycle gas rigs conducting tests on over 1300 differing cylinder geometries. During the course of this accumulation of data, there have been observed test points which have fallen below the "perfect mixing" line. Remember when examining these diagrams that the higher the scavenge ratio then so too is the potential bmep or torque that the engine may attain. An engine may be deliberately designed to produce a modest bmep, such as a chainsaw or a small outboard, and hence the quality of its scavenging characteristics above, say, a SRV value of 1.0 is of no consequence. If an engine is to be designed to produce high specific power and torque, such as a racing outboard or a motocross engine, then the quality of its scavenging characteristics below, say, a SRV value of 1.0 is equally of little consequence. Figs. 3.10 and 3.11 present what could be loosely described as the best and worst of scavenging behavior. As forecast from the historical literature, the UNIFLOW cylinder has the best scavenging characteristic from the lowest to the highest scavenge ratios. It is not the best, however, by the margin suggested by Changyou [3.4], and can be approached by optimized loop and cross scavenging as shown in Figs. 3.12 and 3.13. The two Yamaha DT 250 cylinders, discussed in Sec. 3.2.2, are now put in context, for the firing performance parameters given in Fig. 3.7 are obtained at scavenge ratios by volume in excess of unity. This will be discussed in greater detail later in Chapter 5. It will be observed from the trapping efficiency diagram, Fig. 3.11, that the superior scavenging of the CROSS engine is more readily observed by comparison with the equivalent SE-SR graph in Fig. 3.10. This is particularly so for scavenge ratios less than unity. While the trapping of the UNIFLOW engine at low SRV values is almost perfect, that for the CROSS engine is also very good, making the engine a good performer at idle and light load; that indeed is the experience of both the user and the researcher. The CROSS engine does not behave so well at high scavenge ratios, making it potentially less suitable as a high-performance unit. That it is possible to design loop scavenging poorly is evident from the characteristic shown for YAM 12, and the penalty in torque and fuel consumption as already illustrated in Fig. 3.7. Figs. 3.12 and 3.13 show that it is possible to design loop- and cross-scavenged engines to approach the "best in class" scavenging of the UNIFLOW engine. Indeed, it is arguable that the GPBDEF and QUBCR designs are superior to the UNIFLOW at scavenge ratios by volume below 0.5. Put very crudely, this might translate to superior performance parameters in a firing engine at bmep levels of 2.5 or 3.0 bar, assuming that the combustion efficiency and related characteristics are equivalent. Observe in Figs. 3.12 and 3.13 that both the LOOPSAW and SCRE designs, both loop scavenged, are superior to either YAM 12 or YAM 14, and approach the UNIFLOW engine at high SR values above unity. For the SCRE, a large-capacity cylinder designed to run at high bmep and piston speed, that is an important issue and indicates the success of the optimization to perfect that particular design. On the other hand, the LOOPSAW unit is designed to run at low bmep levels, i.e., 4 bar and below, and so the fact that it has good scavenging at high scavenge ratios is not significant in terms of that design requirement. To improve its firing performance characteristics, it can be observed that it should be optimized, if at all possible, to approach the GPBDEF scavenging characteristic at SRV values below unity. 9^9



Chapter 3 - Scavenging the Two-Stroke Engine The inferior nature of the scavenging of the cross-scavenged engine, CROSS, at full throttle or a high SRV value, is easily seen from the diagrams. It is for this reason that such power units have generally fallen from favor as outboard motors. However, in Sec. 3.5.3 it is shown that classical cross scavenging can be optimized in a superior manner to that already reported in the literature [1.10] and to a level somewhat higher than a mediocre loop-scavenged design. It is easier to develop a satisfactory level of scavenging from a cross-scavenged design, by the application of the relatively simple empirical design recommendations of Sec. 3.5, than it is for a loop-scavenged engine. The modified Yamaha cylinder, YAM 12, has the worst scavenging overall. Yet, if one merely examined by eye the porting arrangements of the loop-scavenged cylinders, YAM 14, YAM 12, LOOPS AW and SCRE, prior to the conduct of a scavenge test on a single-cycle apparatus, it is doubtful if the opinion of any panel of "experts" would be any more unanimous on the subject of their scavenging ability than they would be on the quality of the wine being consumed with their dinner! This serves to underline the importance of an absolute test for scavenging and trapping efficiencies of two-stroke engine cylinders. It is at this juncture that the first whiff of suspicion appears that the Benson-Brandham model, or any similar theoretical model, is not going to provide sensible data for the prediction of scavenging behavior. In Fig. 3.2 the scavenging exhibited by that theory for a cylinder with no short-circuiting and a rather generous allowance of a 50% period of perfect displacement prior to any mixing process, appears to have virtually identical scavenging characteristics at high scavenge ratios to the very worst cylinder experimentally, YAM 12, in Fig. 3.10. As all of the other cylinders in Figs. 3.10 and 3.11 have much better scavenging characteristics than the cylinder YAM 12, clearly the Benson-Brandham model would have great difficulty in simulating them, if at all. In the next section this theoretical problem is investigated. 3.3 Comparison of experiment and theory of scavenging flow 3.3.1 Analysis of experiments on the QUB single-cycle gas scavenging rig As has already been pointed out, the QUB single-cycle gas scavenging rig is a classic experiment conducted in an isovolumic, isothermal and isobaric fashion. Therefore, one is entitled to compare the measurements from that apparatus with the theoretical models of Hopkinson [3.1], Benson and Brandham [3.2], and others [3.3], to determine how accurate they may be for the modeling of two-stroke engine scavenging. Eq. 3.1.19 for perfect mixing scavenging is repeated here: SEV = l - e " S R v



(3.1.19)



Manipulation of this equation shows: log e (l - SE V ) = - S R V



(3.3.1)



Consideration of this equation for the analysis of any experimental SEV and SRV data should reveal a straight line of traditional equation format, with a slope m and an intercept on the y axis of value c when x is zero.
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y = mx + c



The Benson-Brandham model contains a perfect scavenging period, SRpci, before total mixing occurs, and a short-circuited proportion, a. This resulted in Eqs. 3.1.23 and 24, repeated here: when then and when then



0 < SRV < (1 - c)SR pd SEV = ( 1 - G ) S R V



(3.1.23)



(1 - a)SR v > SRpcj SEV = 1 - (l - SR p d ) e(SR^l~a^)



(3.1.24)



Manipulation of this latter equation reveals: log e (l - SE V ) = (c - 1)SRV + log e (l - SR p d ) + SR p d



(3.3.2)



Consideration of this linear equation as a straight line shows that test data of this type should give a slope m of ( a - 1 ) and an intercept of log e (l - SRpCj) + SRpcj. Any value of shortcircuiting a other than 0 and the maximum possible value of 1 would result in a line of slope m. where



0 > m > -1



The slope of such a line could not be less than - 1 , as that would produce a negative value of the short-circuiting component, a, which is clearly theoretically impossible. Therefore it is vital to examine the experimentally determined data presented in Sec. 3.2.4 to acquire the correlation of the theory with the experiment. The analysis is based on plotting log e (l - SEV) as a function of SRV from the experimental data for two of the cylinders, YAM 14 and YAM 12, as examples of "good" and "bad" loop scavenging, and this is shown in Fig. 3.14. From a correlation standpoint, it is very gratifying that the experimental points fall on a straight line. In Refs. [1.11, 3.34] many of the cylinders shown in Figs. 3.10 to 3.13 are analyzed in this manner and are shown to have a similar quality of fit to a straight line. What is less gratifying, in terms of an attempt at correlation with a Benson and Brandham type of theoretical model, is the value of the slope of the two lines. The slopes lie numerically in the region between - 1 and -2. The better scavenging of YAM14 has a value which is closer to - 2 . Not one cylinder ever tested at QUB has exhibited a slope greater than - 1 and would have fallen into a category capable of being assessed for the short-circuit component a in the manner of the Benson-Brandham model. Therefore, there is no correlation possible with any of the "traditional" models of scavenging flow, as all of those models would seriously underestimate the quality of the scavenging in the experimental case, as alluded to in the last paragraph of Sec. 3.2.4.



234



Chapter 3 - Scavenging the Two-Stroke Engine It is possible to take the experimental results from the single-cycle rig, plot them in the logarithmic manner illustrated and derive mathematical expressions for SEV-SRV and TEV-SRV characteristics representing the scavenging flow of all significant design types, most of which are noted in Fig. 3.16. This is particularly important for the theoretical modeler of scavenging flow who has previously been relying on models of the Benson-Brandham type. The straight line equation, as seen in Fig. 3.14, and in Refs. [1.11, 3.34], is not adequate to represent the scavenging behavior sufficiently accurately for modeling purposes and has to be extended as indicated below: log e (l - SEV) =



K0



+ K!SRV +



K2SR$



(3.3.3)



SCAVENGE RATIO, SRv Fig. 3.14 Logarithmic SEV-SRV characteristics. Manipulating this equation shows: SEv=l-e'Ko+K,SRv+K2SR'>



(3.3.4)



Fig. 3.15 shows the numerical fit of Eq. 3.3.3 to the experimental data for two cylinders, SCRE and GPBDEF. The SCRE cylinder has a characteristic on the log SE-SR plot which approximates a straight line but it is demonstrably fitted more closely by the application of Eq. 3.3.3. The GPBDEF cylinder could not sensibly be fitted by a straight line equation; this is a characteristic exhibited commonly by engines with high trapping efficiency at low scavenge ratios. Therefore, the modeler can take from Fig. 3.16 the appropriate KQ, KI and K2 values for the type of cylinder being simulated and derive realistic values of scavenging efficiency, SEV, and trapping efficiency, TEV, at any scavenge ratio level, SRV. What this analysis fails to do is to provide the modeler with any information regarding the influence of "perfect displacement" scavenging, or "perfect mixing" scavenging, or "short-circuiting" on the experimental
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GPBDEF y = 8.0384e-2 - 1.7861x + 0.29291 xA2 SCREy=1.6182e-2-1.1682x-0.28773x A 2



a GPBDEF • SCRE



SCAVENGE RATIO, SRv Fig. 3.15 Logarithmic SEV-SRV characteristics or theoretical scavenging behavior of any of the cylinders tested. The fact is that these concepts are valuable only as an aid to understanding, for the real scavenge process does not proceed with an abrupt transition from displacement to mixing scavenging, and any attempt to analyze it as such has been demonstrated above to result in failure.



NAME



TYPE



UNI FLOW LOOPSAW SCRE CROSS QUBCR GPBDEF YAM1 YAM6 YAM 12 YAM 14



PORTED UNIFLOW 2 PORT LOOP 3 PORT LOOP 4 PORT + DEFLECTOR QUB CROSS GPB CROSS 5 PORT LOOP 5 PORT LOOP 5 PORT LOOP 5 PORT LOOP



KO



3.3488E-2 2.6355E-2 1.6182E-2 1.2480E-2 2.0505E-2 8.0384E-2 1.8621 E-2 3.1655E-2 -1.4568E-2 2.9204E-2



K1



*2



-1.3651 -1.2916 -1.1682 -1.2289 -1.3377 -1.7861 -0.91737 -1.0587 -0.84285 -1.0508



-0.21735 -0.12919 -0.28773 -0.090576 -0.16627 +0.29291 -0.46621 -0.16814 -0.28438 -0.34226



Fig. 3.16 Experimental values of scavenging coefficients. Modelers of scavenging flow would do well to remember that the scavenging characteristics being encapsulated via Fig. 3.16 from the experimental results are scavenge ratio, scavenging efficiency and trapping efficiency by volume and not by mass. This is a common error to be found in the literature where scavenging characteristics are provided without specifying precisely the reference for those values. Further discussion and amplification of this point will be found in Chapter 5 on engine modeling.
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Chapter 3 - Scavenging the Two-Stroke Engine 3.3.2 A simple theoretical scavenging model which correlates with experiments The problem with all of the simple theoretical models presented in previous sections of this chapter is that the theoretician involved was under some pressure to produce a single mathematical expression or a series of such expressions. Much of this work took place in the pre-computer age, and those who emanate from those slide rule days will appreciate that pressure. Consequently, even though Benson or Hopkinson knew perfectly well that there could never be an abrupt transition from perfect displacement scavenging to perfect mixing scavenging, this type of theoretical "fudge" was essential if Eqs. 3.1.8 to 3.1.24 were to ever be realized and be "readily soluble," arithmetically speaking, on a slide rule. Today's computer- and electronic calculator-oriented engineering students will fail to understand the sarcasm inherent in the phrase, "readily soluble." It should also be said that there was no experimental evidence against which to judge the validity of the early theoretical models, for the experimental evidence contained in paper [3.20], and here as Figs. 3.10 to 3.13, has only been available since 1985. The need for a model of scavenging is vital when conducting a computer simulation of an engine. This will become much more evident in Chapter 5, but already a hint of the complexity has been given in Chapter 2. In that chapter, in Sees. 2.16 and 2.18.10, the theory under consideration is outflow from a cylinder of an engine, exactly as would be the situation during a scavenge process. Naturally, inflow of fresh air would be occurring at the same juncture through the scavenge or transfer ports from the crankcase or from a supercharger. However, in the time element under consideration for a scavenge process, the precise cylinder properties are indexed for the computation of the outflow from the cylinder. These cylinder properties are pressure, temperature, and the cylinder gas properties so that the outflow from the cylinder is calculated correctly and gas of the appropriate purity is delivered into the exhaust pipe. What then is the appropriate purity to use in the computational step? By definition a scavenging process is one that is stratified. If the scavenging could be carried out by a perfect displacement process then the gas leaving the cylinder would be exhaust gas while the cylinder purity and scavenging efficiency approached unity. If the short-circuiting was disastrously complete it would be air leaving the cylinder and the cylinder contents would remain as exhaust gas! The modeling computation requires information regarding the properties of the gas in the plane of the exhaust port for its purity and temperature while assuming that the pressure throughout the cylinder is uniform. The important theoretical step is to be able to characterize the behavior of scavenging of any cylinder as observed volumetrically on the QUB single-cycle gas scavenging rig and connect it to the mass- and energy-based thermodynamics in the computer simulation of a firing engine [3.35]. Consider the situation in Fig. 3.17, where scavenging is in progress in a constant volume cylinder under isobaric and isothermal conditions with both the scavenge and the exhaust ports open. In other words, exactly as carried out experimentally in a QUB single-cycle gas scavenge rig, or as closely as any experiment can ever mimic an idealized concept. The volume of air retained within the cylinder during an incremental step in scavenging is given by, from the volumes of air entering by the scavenge ports and leaving the cylinder through the exhaust port, dV ta = d T a s - d V a e



237



(3.3.5)



Design and Simulation of Two-Stroke Engines



Vas dV as SRV dSRv



nas



SCAVENGE PORT



EXHAUST PORT



Fig. 3.17 Model of scavenging for simulation. Dividing across by the instantaneous cylinder volume, V cy , and assuming correctly that the incremental volume of charge supplied has the same volume which exits the exhaust ports, this gives, dSE cy = n a s dSR v - n e dSR v
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Thence, the essential data for the purity leaving the cylinder is given by rearranging Eq. 3.3.6:



ne = rias



dSE„



(3.3.10)



dSR,



In most circumstances, as the purity, Il a s , is unity for it is fresh charge, Eq. 3.3.10 can be reduced to: rL=i-i^L (3.3.11) dSR v From the measured SEV-SRV curves for any cylinder, such as those in Figs. 3.10 and 3.12, it is possible to determine the charge purity leaving the exhaust port at any instant during the ideal volumetric scavenge process. At any given value of scavenge ratio, from Eq. 3.3.11 it is deduced from this simple function involving the tangent to the SEV-SRV curve at that point.
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Chapter 3 • Scavenging the Two-Stroke Engine In Fig. 3.15, for two engine cylinders GPBDEF and SCRE, the SEV-SRV characteristics have been curve fitted with a line of the form of Eq. 3.3.3: log e (l - SE V ) =



K0



+ iqSRy +



K2SR



The purity of the charge leaving the exhaust port can be deduced from the appropriate differentiation of the relationship in Eq. 3.3.3, or its equivalent in the format of Eq. 3.3.4, and inserting into Eq. 3.3.11 resulting in: n e = n a s - (KJ + 2K 2 SR v )e K o + K l S R v + K 2 S R



(3.3.12)



The application of Eq. 3.3.12 to the experimental scavenging data presented in Fig. 3.16 for the curve fitted coefficients, Ko, KI and K 2 , for many of the cylinders in that table is given in Figs. 3.18 and 3.19. Here the values of purity, n e , at the entrance to the exhaust port are plotted against scavenge ratio, SRV. The presentation is for eight of the cylinders and they are split into Figs. 3.18 and 3.19 for reasons of clarity. The characteristics that emerge are in line with predictions of a more detailed nature, such as the simple computational gas-dynamic model suggested by Sher [3.24, 3.25] and the more complex CFD computations by Blair et al. [3.37]. In one of these papers, Sher shows that the shape of the charge purity characteristic at the exhaust port during the scavenge process should have a characteristic profile. Sher suggests that the more linear the profile the worse is the scavenging, the more "S"-like the profile the better is the scavenging. The worst scavenging, as will be recalled, is from one of the loop-scavenged cylinders, YAM 12. The best overall scavenging is from the loop-scavenged SCRE and UNIFLOW cylinders and, at low scavenge ratios, the cross-scavenged cylinder GPBDEF.



CROSS GPBDEF SCRE YAM 12 —i



2 SCAVENGE RATIO, SRv Fig. 3.18 Purity at the exhaust port during scavenging.
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is clearly a complex function of time, i.e., the engine speed, the displacement/mixing ratio of the fluid mechanics of the particular scavenge process, the heat transfer characteristics of the geometry under investigation, etc. Thus no simple empirical criterion is ever going to satisfy the needs of the simulation for accuracy. My best estimation for the arithmetic value of Ctemp is given by the following function based on its relationship to (a) the attained value of cylinder scavenging efficiency, SE cy , computed as being trapped at the conclusion of a scavenging process, and (b) the mixing caused by time and piston motion, the effects of which are expressed by the mean piston speed, c p . The
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Design and Simulation of Two-Stroke Engines estimated value of C tem p would then be employed throughout the following events during the open cycle period for the scavenging of that particular cylinder. The functions with respect to attained scavenging efficiency and mean piston speed, Kse and Kcp, are relative, i.e., they are maximized at unity, so that the relationship for Ctemp is observed in Eq. 3.3.14 to have an upper bound of 0.65. Memp —



0.65KcpKse (3.3.14) I have observed from practice that the best estimation of the relationships for Kse and Kcp are: Kse = -16.12 + 100.15SEcy - 229.72SE^y + 229.56SE;!y - 82.898SE*y Kcp = -0.34564 + 0.17968cp - 8.0818Cp + 1.2161cJ The value of mean piston speed is obtained from engine geometry using Eq. 1.7.2. The actual values of trapped air temperature and trapped exhaust gas temperature are then found from a simple energy balance for the cylinder at the instant under investigation, thus: m



t a ^ v ta * ta + n^ex^v ex I ex = ^ c y ^ v cy * cy



or, dividing through by the cylinder mass, rricy, SE c y C v t a T t a +\l-



SE cy jC v e x T e x = C v c y T c y



(3.3.15)



The arithmetic values for the temperatures of the air and the exhaust gas is obtained by solution of the linear simultaneous equations, Eqs. 3.3.13 and 3.3.15. 3.3.4 Determining the exit properties by mass It was shown in Sec. 3.3.2 that the exit purity by volume can be found by knowing the volumetric scavenging characteristics of the particular cylinder employed in a particular engine simulation model. The assumption is that the exiting charge purity, n e , is determined as a volumetric value via Eq. 3.3.12, and further assumed to be so mixed by that juncture as to have a common exit temperature, T e . The important issue is to determine the exiting charge purity by mass at this common temperature. It will be observed that Eq. 3.3.12 refers to the assessment of the volumetric related value of the scavenge ratio in the cylinder, SRV (which should be noted is by volume). The only piece of information available at any juncture during the computation, of assistance in the necessary estimation of SRV, is either the scavenging efficiency of the cylinder or the scavenge ratio applied into the cylinder, both of which are mass related within the computer simulation. The latter is of little help as the expansion, or contraction, of the air flow volumetrically into the cylinder space is controlled by the cylinder
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Chapter 3 - Scavenging the Two-Stroke Engine thermodynamics. The instantaneous cylinder scavenging efficiency can be converted from a mass-related value to a volumetric-related value once the average temperatures of the trapped air and the exhaust gas, T ta and T ex , have been found from the above empirical theory. This is found by. v
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The relevant value of the instantaneous scavenge ratio by volume, SRV, is found by the insertion of SEV into Eq. 3.3.3, taking into account the K coefficients for the particular engine cylinder. Having determined SRV, the ensuing solution for the exiting charge purity by volume, n e v , follows directly from Eq. 3.3.12. To convert this value to one which is mass related, n e m , at equality of temperature, T e , for air and exhaust gas at the exit point, the following theoretical consideration is required of the thermodynamic connection between the mass, m ae , and the volume, V ae , of air entering the exhaust system. From the fundamental definitions of purity by mass and volume: em _
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In the unlikely event that the gas constants for air and the exiting charge are identical, the solution is trivial. The gas constants of the mixture are related as follows, by simple proportion: R
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Combining these two equations gives a quadratic equation for n e m . Whence the solution for the exiting purity by mass, n e m , is reduced as: R
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This exit purity, Il e m , is, of course, that value required for the engine simulation model to feed the cylinder boundary equations as the apparent cylinder conditions for the next stage of cylinder outflow, rather than the mean values within the cylinder. Further study of Sec. 2.16 or 2.17 will elaborate on this point. The other properties of the exiting cylinder gas are found as a mixture of n e m proportions of air and exhaust gas, where the pressure is the mean box pressure, p c y , but the temperature
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Design and Simulation of Two-Stroke Engines is T e which is found from the following approximate consideration of the enthalpy of the exiting mixture of trapped air, T ta , and the exhaust gas, T ex . T
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Further properties of the gas mixture are required and are determined using the theory for such mixtures, which is found in Sec. 2.1.6. Incorporation of the theory into an engine simulation This entire procedure for the simulation of scavenging is carried out at each step in the computation by a ID computer model of the type discussed in Chapter 2. In Chapter 5, Sec. 5.5.1, is a detailed examination of every aspect of the theoretical scavenging model on the in-cylinder behavior of a chainsaw engine. In particular, Figs. 5.16 to 5.21 give numerical relevance to the theory in the above discussion. Further discussion on the scavenge model, within a simulation of the same chainsaw engine, is given in Chapter 7. Examples are provided of the effect of widely differing scavenging characteristics on the ensuing performance characteristics of power, fuel economy and exhaust emissions; see Figs. 7.19 and 7.20 in Sec. 7.3.1. 3.4 Computational fluid dynamics In recent years a considerable volume of work has been published on the use of Computational Fluid Dynamics, or CFD, for the prediction of in-cylinder and duct flows in (fourstroke cycle) IC engines. Typical of such publications are those by Brandstatter [3.26], Gosman [3.27] and Diwakar [3.28]. At The Queen's University of Belfast, much experience has been gained from the use of general-purpose CFD codes called PHOENICS and StarCD. The structure and guiding philosophy behind this theoretical package has been described by their originators, Spalding [3.29] or Gosman [3.27]. These CFD codes are developed for the simulation of a wide variety of fluid flow processes. They can analyze steady or unsteady flow, laminar or turbulent flow, flow in one, two, or three dimensions, and single- or two-phase flow. The program divides the control volume of the calculated region into a large number of cells, and then applies the conservation laws of mass, momentum and energy, i.e., the Navier-Stokes equations, over each of these regions. Additional conservation equations are solved to model various flow features such as turbulent fluctuations. One approach to the solution of the turbulent flow is often referred to as a k-epsilon model to estimate the effective viscosity of the fluid. The mathematical intricacies of the calculation have no place in this book, so the interested reader is referred to the publications of Spalding [3.29] or Gosman [3.27], and the references those papers contain. A typical computational grid structure employed for an analysis of scavenging flow in a two-stroke engine is shown in Fig. 3.20. Sweeney [3.23] describes the operation of the program in some detail, so only those matters relevant to the current discussion will be dealt with here.
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Fig. 3.20 Computational grid structure for scavenging calculation. In the preceding sections, there has been a considerable volume of information presented regarding experimentally determined scavenging characteristics of engine cylinders on the single-cycle gas scavenging rig. Consequently, at QUB it was considered important to use the PHOENICS CFD code to simulate those experiments and thereby determine the level of accuracy of such CFD calculations. Further gas-dynamics software was written at QUB to inform the PHOENICS code as to the velocity and state conditions of the entering and exiting scavenged charge at all cylinder port boundaries, or duct boundaries if the grid in Fig. 3.20 were to be employed. The flow entering the cylinder was assumed by Sweeney [3.23] to be "plug flow," i.e., the direction of flow of the scavenge air at any port through any calculation cell at the cylinder boundary was
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Design and Simulation ofTwo'Stroke Engines in the designed direction of the port. A later research paper by Smyth [3.17] shows this to be inaccurate, particularly for the main transfer ports in a loop-scavenged design, and there is further discussion of that in Sec. 3.5.4. Examples of the use of the calculation are given by Sweeney [3.23] and a precis of the findings is shown here in Figs. 3.21-30. The examples selected as illustrations are modified Yamaha cylinders, Nos. 14 and 12, the best and the worst of that group whose performance characteristics and scavenging behavior has already been discussed in Sec. 3.2.4. The computation simulates the flow conditions of these cylinders on the QUB single-cycle test apparatus so that direct comparison can be made with experimental results.
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Fig. 3.22 Yamaha cylinder No. 14 charge purity plots at 29° BBDC.
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Fig. 3.23 Yamaha cylinder No. 14 charge purity plots at 9° BBDC.
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Fig. 3.24 Yamaha cylinder No. 14 charge purity plost at 29° ABDC.
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Fig. 3.25 Yamaha cylinder No. 12 charge purity plots at 39° BBDC.



Fig. 3.26 Yamaha cylinder No. 12 charge purity plots at 29° BBDC.
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Fig. 3.27 Yamaha cylinder No. 12 charge purity plots at 9° BBDC.
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Fig. 3.28 Yamaha cylinder No. 12 charge purity plots at 29° ABDC.
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SCAVENGE RATIO, SRv Fig. 3.29 Comparison of experiment and CFD computation. Comparisons of the measured and calculated SEV-SRV and TEV-SRV profiles are given in Figs. 3.29 and 3.30. It will be observed that the order of accuracy of the calculation, over the entire scavenging flow regime, is very high indeed. For those who may be familiar with the findings of Sweeney et al. [3.23], observe that the order of accuracy of correlation of the theoretical predictions with the experimental data is considerably better in Figs. 3.29 and 30 than it was in the original paper. The reason for this is that the measured data for the variance of the flow from the port design direction acquired by Smyth [3.17] and Kenny [3.31] was applied to the CFD calculations for those same modified Yamaha cylinders to replace the plug flow assumption originally used. It is highly significant that the accuracy is improved, for this moves the CFD calculation even closer to becoming a proven design technique.
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SCAVENGE RATIO, SRv Fig. 3.30 Comparison of experiment and CFD computation. In terms of insight, Figs. 3.21-3.24 and 3.25-3.28 show the in-cylinder charge purity contours for cylinders 14 and 12, respectively. In each figure are four separate cylinder sections culled from the cells in the calculation. The cylinder section (a) is one along the plane of symmetry with the exhaust port to the right. The cylinder section (b) is at right angles to section (a). The cylinder section (c) is on the surface of the piston with the exhaust port to the right. The cylinder section (d) is above section (c) and halfway between the piston crown and the cylinder head. In Fig. 3.21(a) and Fig. 3.25(a) it can be seen from the flow at 39° bbdc that the short-circuiting flow is more fully developed in cylinder 12 than in cylinder 14. The SEV level at the exhaust port for cylinder 14 is 0.01 whereas it is between 0.1 and 0.2 for cylinder 12. This situation gets worse by 29° bbdc, when the SEV value for cylinder 14 is no worse than 0.1, while for cylinder 12 it is between 0.1 and 0.4. This flow characteristic persists at 9° bbdc, where the SEV value for cylinder 14 is between 0.1 and 0.2 and the equivalent value for cylinder 12 is as high as 0.6. By 29° abdc, the situation has stabilized with both cylinders having SEV values at the exhaust port of about 0.6. For cylinder 12, the damage has already been done to its scavenging efficiency before the bdc piston position, with the higher rate of fresh charge flow to exhaust by short-circuiting. This ties in precisely with the views of Sher [3.24] and also with my simple scavenge model in Sec. 3.3.2, regarding the n e -SR v profile at the exhaust port, as shown in Fig. 3.18. Typical of a good scavenging cylinder such as cylinder 14 by comparison with bad scavenging as in cylinder 12 is the sharp boundary between the "up" and the "down" parts of the looping flow. This is easily seen in Figs. 3.23 and 3.27. It is a recurring feature of all loopscavenged cylinders with good scavenging behavior, and this has been observed many times by the research team at QUB.
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Design and Simulation of Two-Stroke Engines At the same time, examining those same figures but in cylinder section (d) closer to the cylinder head level, there are echos of Jante's advice on good and bad scavenging. Cylinder 12 would appear to have a "tongue," whereas cylinder 14 would conform more to the "good" Jante pattern as sketched in Fig. 3.5(a). You may wish to note that I give the measured Jante velocity profiles for cylinders 12 and 14 in Ref. [1.23], and cylinder 12 does have a pronounced "tongue" pattern at 3000 rev/min. CFD calculations use considerable computer time, and the larger the number of cells the longer is the calculation time. To be more precise, with the simpler cell structure used by Sweeney [3.23] than that shown in Fig. 3.20, and with 60 time steps from transfer port opening to transfer port closing, the computer run time was 120 minutes on a VAX 11/785 mainframe computer. As one needs seven individual calculations at particular values of scavenge ratio, SR, from about 0.3 to 1.5, to build up a total knowledge of the scavenging characteristic of a particular cylinder, that implies about 14 hours of computer run time. A further technical presentation in this field, showing the use of CFD calculations to predict the scavenging and compression phases of in-cylinder flow in a firing engine, has been presented by Ahmadi-Befrui et al. [3.30]. In that paper, the authors also used the assumption of plug flow for the exiting scavenge flow into the cylinder and pre-calculated the state-time conditions at all cylinder-port boundaries using an unsteady gas-dynamic calculation of the type described in Chapter 2 and shown in Chapter 5. Nevertheless, their calculation showed the effect on the in-cylinder flow behavior of a varying cylinder volume during the entire compression process up to the point of ignition. However, the insight which can be gained from this calculation technique is so extensive, and the accuracy level is also so very impressive, there is every likelihood that it will eventually become the standard design method for the optimization of scavenging flow in twostroke engines in the years ahead; this opinion takes into account the caveats expressed in Sec. 3.6. 3.5 Scavenge port design By this time any of you involved in actual engine design will be formulating the view that, however interesting the foregoing parts of this chapter may be, there has been little practical advice on design dispensed thus far. I would contend that the best advice has been presented, which would be to construct a single-cycle gas test rig, at best, or a Jante test apparatus if R&D funds will not extend to the construction of the optimum test method. Actually, by comparison with many test procedures, neither is an expensive form of experimental apparatus. However, the remainder of this chapter is devoted to practical advice to the designer or developer of scavenge ports for two-stroke engines. 3.5.1 Uniflow scavenging The only type which will be discussed is that for scavenging from the scavenge ports which are deliberately designed to induce charge swirl. This form of engine design is most commonly seen in diesel power units such as the Rootes TS3 or the Detroit Diesel truck engines. Many uniflow-scavenged engines have been of the opposed piston configuration. The basic layout would be that of Fig. 1.5(a), where the scavenge air enters around the bdc position. One of the simplest port plan layouts is shown as a section through the scavenge 250



Chapter 3 - Scavenging the Two-Stroke Engine ports in Fig. 3.31. The twelve ports are configured at a swirl angle, p, of some 10° or 15°. The port guiding edge is a tangent to a swirl circle of radius, rp. A typical value for rp is related to the bore radius, rcy, and would be in the range: r



cy 2



r



p



cy 1.25



The port width, xp, is governed by the permissible value of the inter-port bar, xt,. This latter value is determined by the mechanical strength of the liner, the stiffness of the piston rings in being able to withstand flexure into the ports, and the strong possibility of being able to dispense with pegging the piston rings. Piston rings are normally pegged in a two-stroke engine to ensure that the ends of the ring do not catch in any port during rotation. Because of the multiplicity of small ports in the uniflow case, the potential for the elimination of pegging greatly reduces the tendency for the piston rings to stick, as will tend to be the case if they are held to a fixed position or if they are exposed to hot exhaust gas during passage over the exhaust ports. The piston ring pegs can be eliminated if the angle subtended by the ports is less than a critical value, 0crit- Although this critical port angle qcrjt is affected by the radial stiffness of the piston rings, nevertheless it is possible to state that it must be less than 23° for



Fig. 3.31 Scavenge port plan layout for uniflow scavenging.
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Design and Simulation of Two-Stroke Engines absolute security, but can be as high as 30° if the piston rings are sufficiently stiff radially and, perhaps more importantly, the ports have adequate top and bottom corner radii to assist with the smooth passage of the rings past the top and bottom edges of the port. It is clear that uniflow scavenging utilizes the maximum possible area of the cylinder for scavenge porting by comparison with any variant of loop or cross scavenging, as shown in Figs. 1.2-1.4. The actual design shown in Fig. 3.31, where the ports are at 15° and the radius, rp, value is sketched at 66% of the cylinder radius dimension, r cy , is a very useful starting point for a new and unknown design. The use of splitters in the "scavenge belt," to guide the flow into a swirling mode, may not always be practical, but it is a useful optimum to aim at, for the splitter helps to retain the gas motion closer to the design direction at the lower values of scavenge ratio, when the gas velocities are inherently reduced. The use of a scroll, as seen in Fig. 3.31, is probably the best method of assisting the angled ports to induce swirling flow. It is difficult to incorporate into multi-cylinder designs with close inter-cylinder spacing. The optimum value of the swirl orientation angle, L Hey



(4.3.29)



The value of cylinder bore, dcy, is self-explanatory. The values of density, p c y , mean piston velocity, c p , and viscosity, |i c y , deserve more discussion. The prevailing cylinder pressure, p c y , temperature, T cy , and gas properties combine to produce the instantaneous cylinder density, p c y . Pcy =



Pcy ^cy x cy



During compression, the cylinder gas will be a mixture of air, rapidly vaporizing fuel and exhaust gas residual. During combustion it will be rapidly changing from the compression gas to exhaust gas, and during expansion it will be exhaust gas. Tracking the gas constant, R cy , and the other gas properties listed in Eq. 4.3.29 at any instant during a computer simulation is straightforward. The viscosity is that of the cylinder gas, u.cy, at the instantaneous cylinder temperature, T cy , but I have found that little loss of accuracy occurs if the expression for the viscosity of air, |Xcy, in Eq. 2.3.11 is employed. The mean piston velocity is found from the dimension of the cylinder stroke, L st , and the engine speed, rps: c p = 2L st rps (4.3.30) Having obtained the Reynolds number, the convection heat transfer coefficient, Ch, can be extracted from the Nusselt number, as in Eq. 2.4.3: C k Nu C h



"



(4.3.31)



d



u



cy



where Ck is the value of the thermal conductivity of the cylinder gas and can be assumed to be identical with that of air at the instantaneous cylinder temperature, T cy , and consequently may be found from Eq. 2.3.10. Annand also considers the radiation heat transfer coefficient, C r , to be given by: C r = 4.25 x 10"9(Tc4y - TC4W)



(4.3.32)



However, the value of C r is many orders of magnitude less than Q,, to the point where it may be neglected for most two-stroke cycle engine calculations. The value of T c w in the above



306



Chapter 4 - Combustion in Two-Stroke Engines stroke



.3.29)



expression is the average temperature of the cylinder wall, the piston crown and the cylinder head surfaces. The heat transfer, 5QL, over a crankshaft angle interval, d0, and a time interval, dt, can be deduced for the mean value of that transmitted to the total surface area exposed to the cylinder gases: dt =
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It is straightforward to expand the heat transfer equation in Eq. 4.3.34 to deal with the individual components of it to the head or crown by assigning a wall temperature to those specific areas. It should also be noted that Eq. 4.3.34 produces a "positive" number for the "loss" of heat from the cylinder, aligning it with the sign convention assigned in Eq. 4.2.2 above. The typical values obtained from the use of the above theory are illustrated in Table 4.2. The example employed is for a two-stroke engine of 86 mm bore, 86 mm stroke, running at 4000 rpm with a cylinder surface mean temperature, T cw , of 220°C. Various timing positions throughout the cycle are selected and the potential state conditions of pressure (in atm units) and temperature (in °C units) are estimated to arrive at the tabulated values for a two-stroke engine, based on the solution of the above equations. The timing positions are in the middle of scavenging, at the point of ignition, at the peak of combustion and at exhaust port opening (release), respectively. It will be observed that the heat transfer coefficients as predicted for the radiation component, C r , are indeed very much less than that for the convection component, C n , and could well be neglected, or indeed incorporated by a minor change to the constant, a, in the Annand model in Eq. 4.3.27.
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Table 4.2 Heat tranfer coefficients using the Annand model Timing Position scavenge ignition burning release



P cy (atm) 1.2 10.0 50.0 8.0



Tcy(°C)
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Cr



250 450 2250 1200



349 1058 860 402



29433 143376 106688 36066



168 652 1130 411



2.2 4.0 84.7 20.2



It can also be seen that the heat transfer coefficients increase dramatically during combustion, but of course that is also the position of minimum surface area and maximum gas tem-
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Design and Simulation of Two-Stroke Engines perature during the heat transfer process and will have a direct influence on the total heat transferred through Eq. 4.3.34. 4.3.5 Internal heat loss by fuel vaporization Fuel is vaporized during the closed cycle. For the spark-ignition engine it normally occurs during compression and prior to combustion. For the compression-ignition it occurs during combustion. Fuel vaporization for the spark-ignition engine Let it be assumed that the cylinder mass trapped is mt and the scavenging efficiency is SE, with an air-fuel ratio, AFR. The masses of trapped air, m ta , and fuel, mtf, are given by: m t a = m t SE



and



m tf = —-&AFR



(4.3.36)



If the crankshaft interval between trapping at exhaust port closing and the ignition point is declared as Gvap, and is the crankshaft interval over which fuel vaporization is assumed to occur linearly, then the rate of fuel vaporization with respect to crankshaft angle, rh v a p , is given by: mVap=^iL D



kg/deg



(4337)



vap



Consequently, the loss of heat from the cylinder contents, §Qvap, f° r a n y given crankshaft interval, d9, is found by the employment of the latent heat of vaporization of the fuel, h vap . Numerical values of latent heat of vaporization of various fuels are to be found in Table 4.1. S



Qvap =



m



vaphvapd0



(4-3.38)



It should be noted that this equation provides a "positive" number for this heat loss, in similar fashion to the application of Eq. 4.3.34. Fuel vaporization for the compression-ignition engine Let it be assumed that the cylinder mass trapped is mt and the charge purity is II, with an overall air-fuel ratio, AFR. The masses of trapped air, m ta , and fuel, mtf, are given by: ,-r



mta = n m t
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(4.4.39)



The crankshaft angle interval over which combustion occurs is defined as b°. Fuel vaporization is assumed to occur as each packet of fuel, dmbe, is burned over a time interval and is related to the mass fraction burned at that juncture, B e , at a crankshaft angle, 0b, from the onset of the combustion process. Let it be assumed that an interval of combustion is occurring
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Chapter 4 - Combustion in Two-Stroke Engines over a crankshaft interval, d0. The increment of fuel mass vaporized and burned during this time and crankshaft interval is given by dm vap , thus: dm v a p = dm b e = ( B 0 b + d e - B 0 b )m t f h v a p



(4.3.40)



Consequently, the loss of heat from the cylinder contents, 5Q vap , for this crankshaft interval, d0, is found by the employment of the latent heat of vaporization of the fuel, h vap . Numerical values of latent heat of vaporization of various fuels are to be found in Table 4.1. 5Qvap = dm v a p h v a p



(4.3.41)



It should be noted that this equation provides a "positive" number for this heat loss, in similar fashion to the application of Eq. 4.3.34, and that this is soluble only if the mass fraction burned is available as numerical information. 4.3.6 Heat release data for spark-ignition engines Already presented and discussed is the heat release and mass fraction burned data for the QUB LS400 engine in Figs. 4.4 and 4.5. A simple model of the profile of the heat release rate curve is extracted from the experimental data and displayed in Fig. 4.6. The heat release period is b°, with a rise time of b°/3 equally distributed about tdc. The ignition delay period is 10°. It will be noted that the heat release rate profile has a "tail" of length b°/3, falling to zero from about one-sixth of the maximum value of heat release. The total area under the profile in Fig. 4.6 is the total heat released, QR, and is given by simple geometry, where Q R 0 is the maximum rate of heat release: QR =



14b°Q Rfl ,. 36



(4.3.42)



The actual value of Q R 0 in Fig. 4.4 is 28.8 J/deg and the period, b°, is 60°. The area under the model profile in Fig. 4.6 is 672 J, which corresponds well with the measured value of 662.6 J. For a theoretical total heat release of 662.6 J, one would predict from the model a maximum heat release rate, Q R 0 , of 28.4 J/deg. The Vibe approach It is possible to analyze a mass fraction burned curve and fit a mathematical expression to the experimental data. This is often referred to as the Vibe method [4.36]. The mathematical fit is exponential with numerical coefficients, a and m, for the mass fraction burned, B 0 , at a particular crankshaft angle, 0b, from the onset of heat release and combustion for a total crank angle duration of b°. It is expressed thus: 'a \ m + l



B0 = l - e '6b
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Fig. 4.6 Possible model of heat release rate for combustion simulation. The analysis of the experimental data in Fig. 4.5 is found to be fitted with coefficients a and m of value 8 and 1.3, respectively, for a total burn period, b°, of 60° duration. This is the "calculated" data referred to in Fig. 4.5. The fit can be seen to be good and when the heat release rate is recalculated from this theoretical equation, and plotted in Fig. 4.4 as "calculated" data, the good correspondence between measurement and calculation is maintained. Thus it is possible to replace the simple line model, as shown in Fig. 4.6, with the Vibe approach. Further data for spark-ignition engines are found in the paper by Reid [4.31] and a reprint of some is in Fig. 4.7. The data show mass fraction burned cuves for a hemispherical combustion chamber on the engine at throttle area ratio settings of 100%, 25% and 10% in Figs. 4.7(a)-(c), respectively. These data come from an engine of similar size and type to the QUB LS400, but with a bore-stroke ratio of 1.39. The engine speed is 3000 rpm and the scavenging efficiency for the cylinder charge in the three data sets in (a) to (c) are approximately 0.8,0.75 and 0.65, respectively; the scavenge ratio was measured at 0.753, 0.428 and 0.241, respectively. It is interesting to note the increasing advance of the ignition timing with decreasing cylinder charge purity and the lengthening ignition delay which accompanies it. Nevertheless, the common factor that prevails for these mass fraction burned curves (and the comment is equally applicable to Fig. 4.5) is that the position of 50% mass fraction burned is almost universally phased between 5° and 10° atdc. In other words, optimization of ignition timing means that, taking into account the ignition delay, the burn process is phased to provide an optimized pressure curve on the piston crown and that is given by having 50% of the fuel burned by about 7.5° atdc. The 50% value for the mass fraction burned, B, usually coincides with the peak heat release rate, QRQ .
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The actual constituents of the gas mixture are dictated by the theory in Sec. 4.3.2 and are fed to the fundamental theory in Sec. 2.1.6 for the calculation of the actual gas properties of the ensuing mixture. During compression the gas purity is constant and is dictated by:



n t = sEtna + (i-sE t )n ex



(4.4.7)



During combustion the gas purity at an interval, 9b, from the onset of burn is dictated by:



n e b =(i-Be b )n t + B0bnex During expansion the gas purity is constant and is n e x .



321



(4.4.8)



Design and Simulation of Two-Stroke Engines A more accurate combustion model in two zones The theory presented here shows a single zone combustion model. A simple extension to burning in two zones is given in Appendix A4.2. Arguably, what is presented there is merely a more accurate single zone model. This is not accidental, as the computation of any combustion process based on heat release data (from a Rassweiler and Withrow analysis), or on a mass fraction burned curve (in the Vibe fashion), must theoretically replay that approach in precisely the same manner as the data were experimentally gathered. Those experimental data are referred to, and analyzed with reference to, a single zone, i.e., the entire combustion chamber. Thermodynamically replay it back into a computer simulation in any other way and the end result is totally inaccurate; perhaps "theoretically meaningless" is a better choice of words to describe a lack of mathematical logic. 4.4.3 A one-dimensional model of flame propagation in spark-ignition engines One of the simplest models of this type was proposed by Blizard [4.2] and is of the eddy entrainment type. The model was used by Douglas [4.13] at QUB and has been expanded greatly by Reid [4.29-4.31]. In essence, the procedure is to predict the mass fraction burned curves as seen in Fig. 4.7 and then apply equilibrium and dissociation thermodynamics to the in-cylinder process. The model is based on the propagation of a flame as shown in Fig. 4.1, and as already discussed in Sec. 4.1.1. The model assumes that the flame front entrains the cylinder mass at a velocity which is controlled by the in-cylinder turbulence. The mass is entrained at a rate controlled by the flame speed, Cfl, which is a function of both the laminar flame speed, qf, and the turbulence velocity, ctrbThe assumptions made in this model are: (a) The flame velocity is the sum of the laminar and turbulence velocities. (b) The flame forms a portion of a sphere centered on the spark plug. (c) The thermodynamic state of the unburned mass which has been entrained is identical to that fresh charge which is not yet entrained. (d) The heat loss from the combustion chamber is to be predicted by convection and radiation heat transfer equations based on the relative surface areas and thermodynamic states of burned and unburned gases. There is no heat transfer between the two zones. (e) The mass fraction of entrained gas which is burned at any given time after its entrainment is to be estimated by an exponential relationship. Clearly, a principal contributor to the turbulence present is squish velocity, of which there will be further discussion in Sec. 4.5. The theoretical procedure progresses by the use of complex empirical equations for the various values of laminar and turbulent flame speed, all of which are determined from fundamental experiments in engines or combustion bombs [4.1,4.4,4.5]. It is clear from this brief description of a turbulent flame propagation model that it is much more complex than the heat release model posed in Sees. 4.4.1 and 4.4.2. As the physical geometry of the clearance volume must be specified precisely, and all of the chemistry of the reaction process followed, the calculation requires more computer time. By using this
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Chapter 4 - Combustion in Two-Stroke Engines theoretical approach, the use of empirically determined coefficients, particularly for factors relating to turbulence, has increased greatly over the earlier proposal of a simple heat release model to simulate the combustion process. It is somewhat questionable if the overall accuracy of the calculation has been greatly improved, although the results presented by Reid [4.294.31] are impressive. There is no doubt that valuable understanding is gained, in that the user obtains data from the computer calculation on such important factors as exhaust gas emissions and the flame duration. However, this type of calculation is probably more logical when applied in three-dimensional form and allied to a more general CFD calculation for the gas behavior throughout the cylinder leading up to the point of ignition. This is discussed briefly in the next section. 4.4.4 Three-dimensional combustion model for spark-ignition engines From the previous comments it is clearly necessary that reliance on empirically determined factors for heat transfer and turbulence behavior, which refer to the combustion chamber as a whole, will have to be exchanged for a more microscopic examination of the entire system if calculation accuracy is to be enhanced. This is possible by the use of a combustion model in conjunction with a computational fluid dynamics model of the gas flow behavior within the chamber. Computational fluid dynamics, or CFD, was introduced in Chapter 3, where it was shown to be a powerful tool to illuminate the understanding of scavenge flow within the cylinder. That the technology is moving toward providing the microscopic in-cylinder gas-dynamic and thermodynamic information is seen in the paper by Ahmadi-Befrui etal. [4.21]. Fig. 4.10 is taken directly from that paper and it shows the in-cylinder velocities, but the calculation holds all of the thermodynamic properties of the charge as well, at a point just before ignition. This means that the prediction of heat transfer effects at each time step in the calculation will take place at the individual calculation mesh level, rather than by empiricism for the chamber as a whole, as was the case in the preceding sections. For example, should any one surface or side of the combustion bowl be hotter than another, the calculation will predict the heat transfer in this microscopic manner giving new values and directions for the motion of the cylinder charge. This will affect the resulting combustion behavior. This calculation can be extended to include the chemistry of the subsequent combustion process. Examples of this have been published by Amsden et al. [4.20] and Fig. 4.11 is an example of their theoretical predictions for a direct injection, stratified charge, spark-ignition engine. Fig. 4.11 illustrates a section through the combustion bowl, the flat-topped piston and cylinder head. Reading across from top to bottom, at 28° btdc, the figure shows the spray droplets, gas particle velocity vectors, isotherms, turbulent kinetic energy contours, equivalence ratio contours, and the octane mass fraction contours. The paper [4.20] goes on to show the ensuing combustion of the charge. This form of combustion calculation is preferred over any of those models previously discussed, as the combustion process is now being theoretically examined at the correct level. However much computer time such calculations require, they will become the normal design practice in the future, for computers are becoming ever more powerful, ever more compact, faster and less costly with the passage of time.
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Fig. 4.10 CFD calculations of velocities in the combustion chamber prior to ignition (from Ref [4.21]).
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Design and Simulation of Two-Stroke Engines At this point, consider that a gas flow process takes place within the time step so that the pressures equalize in the squish band and the bowl, equal to the average cylinder pressure. This implies movement of mass from the squish band to the bowl, so that the mass distributions at the end of the time step are proportional to the volumes, as follows: Ls2_



m s 2 = mt



(4.5.2)
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During the course of the compression analysis, the mass in the squish band was considered to be the original (and equalized in the manner above) value of m s i, so the incremental mass squished, dm sq , is given by: v
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Chapter 4 - Combustion in Two-Stroke Engines velocities observed in various combustion chambers must bear some correspondence with squish velocity. Kee [1.20] reports flame speeds measured in a loop-scavenged engine under the same test conditions as already quoted in Sec. 4.2.3. The chamber was central and the measured flame speed was 24.5 m/s. With the data inserted for the combustion chamber involved, Prog.4.1 predicted maximum squish velocity and squished kinetic energy values of 11.6 m/s and 2.61 mJ, respectively. In further tests using a QUB-type deflector piston engine of the same bore and stroke as the loop-scavenged engine above, Kee [1.20] reports that flame speeds were measured at the same speed and load conditions at 47 m/s within the chamber and 53 m/s in the squish band. The average flame velocity was 50 m/s. With the data inserted for the deflector combustion chamber involved, Prog.4.1 predicted maximum squish velocity and squished kinetic energy values of 38.0 m/s and 50.2 mJ, respectively. In other words, the disparity in squish velocity as calculated by the theoretical solution is seen to correspond to the measured differences in flame speed from the two experimental engines. That the squish action in a QUB-type crossscavenged engine is quite vigorous can be observed in Plate 4.3. If the calculated squish velocity, cSq, is equated to the turbulence velocity, ctrb, of Eq. 4.3.1 and subtracted from the measured flame velocity, Cfl, in each of Kee's experimental examples, the laminar flame velocity, qf, is predicted as 12.9 and 12.0 m/s for the loopscavenged and QUB deflector piston cases, respectively. That the correspondence for qf is so close, as it should be for similar test conditions, reinforces the view that the squish velocity has a very pronounced effect on the rate of burning and heat release in two-stroke engines. It should be added, however, that any calculation of laminar flame velocity [4.2, 4.5] for the QUB 400 type engine would reveal values somewhat less than 3 m/s. Nevertheless, flame speed values measured at 12 m/s would not be unusual in engines with quiescent combustion chambers, where the only turbulence present is that from the past history of the scavenge flow and from the motion of the piston crown in the compression stroke. The design message from this information is that high squish velocities lead to rapid burning characteristics and that rapid burning approaches the thermodynamic ideal of constant volume combustion. There is a price to be paid for this, evidenced by more rapid rates of pressure rise which can lead to an engine with more vibration and noise emanating from the combustion process. Further, if the burning is too rapid, too early, this can lead to (a) high rates of NO x formation (see Appendix A4.2) and (b) slow and inefficient burning in the latter stages of combustion [1.20,4.29]. Nevertheless, the designer has available a theoretical tool, in the form of Prog.4.1, to tailor this effect to the best possible advantage for any particular design of two-stroke engine. One of the beneficial side effects of squish action is the possible reduction of detonation effects. The squish effect gives high turbulence characteristics in the end zones and, by inducing locally high squish velocities in the squish band, increases the convection coefficients for heat transfer. Should the cylinder walls be colder than the squished charge, the end zone gas temperature can be reduced to the point where detonation is avoided, even under high bmep and compression ratio conditions. For high-performance engines, such as those used for racing, the design of squish action must be carried out by a judicious combination of theory and experimentation. A useful design starting point for gasoline-fueled, loop-scavenged engines with central combustion chambers is to keep the maximum squish velocity between 15 and 20
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Design and Simulation of Two-Stroke Engines m/s at the peak power engine speed. If the value is higher than that, the mass trapped in the end zones of the squish band may be sufficiently large and, with the faster flame front velocities engendered by a too-rapid squish action, may still induce detonation. However, if natural gas were the fuel for the engine, then squish velocities higher than 30 m/s would be advantageous to assist with the combustion of a fuel which is notoriously slow burning. As with most design procedures, a compromise is required, and that compromise is different depending on the performance requirements of the engine, and its fuel, over the entire speed and load range. Design of squish effects for diesel engines The use of squish action to enhance diesel combustion is common practice, particularly for DI diesel combustion. Of course, as shown in Fig. 4.9, the case of IDI diesel combustion is a special case and could be argued as one of exceptional squish behavior, in that some 50% of the entire trapped mass is squeezed into a side combustion chamber by a squish area ratio exceeding 98%! However, for DI diesel combustion as shown in Fig. 4.1(b) where the bowl has a more "normal" squish area ratio of some 50 or 60% with a high trapped compression ratio typically valued at 17 or 18, then an effective squish action has to be incorporated by design. Fig. 4.17 shows the results of a calculation using Prog.4.6, with a squish area ratio held constant at 60% with a squish clearance at 1.0 mm, for an engine with a 90 mm bore and stroke and an exhaust closing at 113° btdc. While this is a spurious design for low compression ratio, gasolineburning engines, nevertheless the computations are conducted and the graph in Fig. 4.17 is drawn for trapped compression ratios from 7 to 21. The design message to be drawn is that the higher the compression ratio the more severely must the squish effect be applied to acquire the requisite values of squish velocity and squish kinetic energy. What is an extreme and unlikely design prospect for the combustion of gasoline at a trapped compression ratio of 7 becomes an effective and logical set of values for DI diesel combustion at a trapped compression ratio of 20. Designers and developers of combustion chambers of diesel engines should note this effect and be guided by the computation and not by custom and practice as observed for combustion chamber design as applied successfully to two-stroke engines for the burning of gasoline. 4.6 Design of combustion chambers with the required clearance volume Perhaps the most important factor in geometrical design, as far as a combustion chamber is concerned, is to ensure that the subsequent manufactured component has precisely the correct value of clearance volume. Further, it is important to know what effect machining tolerances will have on the volume variations of the manufactured combustion space. One of the significant causes of failure of engines in production is the variation of compression ratio from cylinder to cylinder. This is a particular problem in multi-cylinder engines, particularly if they are high specific performance units, in that one of the cylinders may have a too-high compression ratio which is close to the detonation limit but is driven on by the remaining cylinders which have the designed, or perhaps lower than the designed, value of compression ratio. In a single- or twin-cylinder engine the distress caused by knocking is audibly evident to the user, but is much less obvious acoustically for a six- or eight-cylinder outboard engine.
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So that the designer may assess all of these factors, as well as be able to produce the relevant data for the prediction of squish velocity by Prog.4.1, there are six design programs included in the Appendix Listing of Computer Programs to cover the main possibilities usually presented to the designer as combustion chamber options. The physical geometry of these six combustion chambers is shown in Fig. 4.18, and all but one are intended primarily for use in loop-scavenged engines. Clearly Prog.4.7 is specifically for use for QUB-type deflector piston engines. The names appended to each type of combustion chamber, in most cases being the jargon applied to that particular shape, are also the names of the computer programs involved. To be pedantic, the name of computer program, Prog.4.4, is BATHTUB CHAMBER. Actually, the "bowl in piston" combustion system would also be found in uniflowscavenged engines, as well as loop-scavenged engines, particularly if they are diesel power units, or even gasoline-fueled but with direct in-cyUnder fuel injection. An example of the calculation is given in Fig. 4.19 for the hemisphere combustion chamber, a type which is probably the most common for loop-scavenged two-stroke engines. A photograph of this type of chamber appears in Plate 4.1, where the bowl and the squish band are evident. A useful feature of this calculation is the data insertion of separate spherical radii for the piston crown and the squish band. A blending radius between the bowl and the squish band is also included as data. The output reflects the tapered nature of the squish band, but it is within the designer's control to taper the squish band or have it as a parallel passage. In the calculation for squish velocity, a tapered squish clearance would be represented by the mean of the two data output values; in the case shown it would be the mean of 1.6 and 2.1 mm, or 1.85 mm. Similarly, the designer can tailor the geometry of any of the central types of chamber to have no squish band, i.e., a zero value for the squish area ratio, should that quiescent format be desirable in some particular circumstance.
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Fig. 4.18 Combustion chamber types which can be designed using the programs. As with most of the programs associated with this book, the sketch on the computer screen is drawn to scale so that you may estimate by eye, as well as by number, the progress to a final solution. In the operation of any of these six programs, the computer screen will produce an actual example upon start-up, just like that in Fig. 4.19, and invite you to change any data value until the required geometry is ultimately produced. Finally, the printer output is precisely what you see on the screen, apart from the title you typed in. 4.7 Some general views on combustion chambers for particular applications The various figures in this chapter, such as Figs. 4.13, 4.18 and 4.19 and Plates 4.1-4.3, show most of the combustion chambers employed in spark-ignition two-stroke engines. This represents a plethora of choices for the designer and not all are universally applicable for both homogeneous and stratified charge combustion. The following views should help to narrow that choice for the designer in a particular design situation.
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Fig. 4.19 Screen and printer output from computer design program, Prog.4.2. 4.7.1 Stratified charge combustion There will be further discussion in Chapter 7 on stratified charging of the cylinder, as distinct from the combustion of a stratified charge. A stratified charge is one where the airfuel ratio is not common throughout the chamber at the point of combustion. This can be achieved by, for example, direct injection of fuel into the cylinder at a point sufficiently close to ignition that the vaporization process takes place as combustion commences or proceeds. By definition, diesel combustion is stratified combustion. Also by definition, the combustion of a directly injected charge of gasoline in a spark-ignition engine is potentially a stratified process. All such processes require a vigorous in-cylinder air motion to assist the mixing and vaporization of air with the fuel. Therefore, for loop- and cross-scavenged engines, the use of a chamber with a high squish velocity capability is essential, which means that all of the offset, total offset or deflector designs in Fig. 4.13, and the bowl in piston design in Fig. 4.18, should be examined as design possibilities. In the case of the uniflow-scavenged engine, the bowl in piston design, as in Fig. 4.1(b) is particularly effective because the swirling scavenge flow can be made to spin even faster in the bowl toward the end of compression. This characteristic makes it as attractive for two-stroke diesel power units as for direct injection fourstroke diesel engines. It is also a strong candidate for consideration for the two-stroke sparkignition engine with the direct injection of gasoline, irrespective of the method of scavenging.
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Design and Simulation of Two-Stroke Engines 4.7.2 Homogeneous charge combustion The combustion of a homogeneous charge is in many ways an easier process to control than stratified charge combustion. On the other hand, the homogeneous charge burn is always fraught with the potential of detonation, causing both damage and loss of efficiency. If the stratified charge burning is one where the corners of the chamber contain air only, or a very lean mixture, then the engine can be run in "lean-burn, high compression" mode without real concern for detonation problems. The homogeneous charge engine will always, under equality of test conditions, produce the highest specific power output because virtually all of the air in the cylinder can be burned with the fuel. This is not the case with any of the stratified charge burning mechanisms, and the aim of the designer is to raise the air utilization value to as high a level as possible, with 90% regarded as a good target value for that criterion. For homogeneous charge combustion of gasoline, where there is not the need for excessive air motion due to squish, the use of the central, bathtub, or offset chambers is the designer's normal choice. This means that the designer of the QUB deflector chamber has to take special care to control the squish action in this very active combustion system. Nevertheless, for high specific output engines, particularly those operating at high rotational speeds for racing, the designer can take advantage of higher flame speeds by using the dual ignition illustrated in Fig. 4.20(a). For many conventional applications, the central squish system shown in Fig. 4.20(b) is one which is rarely sufficiently explored by designers. The designer is not being urged to raise the squish velocity value, but to direct the squished charge into the middle of the chamber. As shown in the sketch, the designer should dish the piston inside the squish band and proportion the remainder of the clearance volume at roughly 20% in the piston and 80% in the head. By this means, the squished flow does not attach to the piston crown, but can raise the combustion efficiency by directly entering the majority of the clearance volume. Should such
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Fig. 4.20 Alternative combustion designs.
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Chapter 4 - Combustion in Two-Stroke Engines a chamber be tried experimentally and fail to provide an instant improvement to the engine performance characteristics, the designer should always remember that the scavenging behavior of the engine is also being altered by this modification. For combustion of other fuels, such as kerosene or natural gas, which are not noted for having naturally high flame speed capabilities, the creation of turbulence by squish action will speed up the combustion process. In this context, earlier remarks in the discussion on stratified charge combustion become applicable in this homogeneous charge context. Combustion chambers for cross-scavenged engines For conventional cross-scavenged engines, it is regretted that little direct advice can be given on this topic, for the simple truth is that the complex shapes possible from the deflector design are such that universal recommendations are almost impossible. Perhaps the only common thread of information which has appeared experimentally over the years is that combustion chambers appear to perform most efficiently when placed over the center of the cylinder, with just a hint of bias toward the exhaust side, and with very little squish action designed to come from either the scavenge side or the exhaust side of the piston. Indeed, some of the best designs have been those which are almost quiescent in this regard. For unconventional cross-scavenged engines, as discussed in Sec. 3.5.3, the associated computer program, Prog.3.3(a), includes a segment for the design of a combustion chamber which is central over the flat top of the piston and squishes from the deflector areas. It is also possible to squish on the flat top of the piston over the edges of the deflector, although no experimental data exist to confirm that would be successful. References for Chapter 4 4.1 B. Lewis, G. Von Elbe, Combustion. Flames and Explosions of Gases. Academic Press, 1961. 4.2 N.C. Blizard, J.C. Keck, "Experimental and Theoretical Investigation of Turbulent Burning Model for Internal Combustion Engines," SAE Paper No. 740191, Society of Automotive Engineers, Warrendale, Pa., 1974. 4.3 T. Obokata, N. Hanada, T. Kurabayashi, "Velocity and Turbulence Measurements in a Combustion Chamber of SI Engine under Motored and Firing Conditions by LD A with Fibre-Optic Pick-up," SAE Paper No. 870166, Society of Automotive Engineers, Warrendale, Pa., 1987. 4.4 W.G. Agnew, "Fifty Years of Combustion Research at General Motors," Prog.Energy Combust.ScL, Vol 4, ppl 15-155, 1978. 4.5 R.J. Tabaczynski, "Turbulence and Turbulent Combustion in Spark-Ignition Engines," Prog.Energy Combust.ScL, Vol 2, pl43, 1977. 4.6 M.S. Hancock, D.J. Buckingham, M.R. Belmont, "The Influence of Arc Parameters on Combustion in a Spark-Ignition Engine," SAE Paper No. 860321, Society of Automotive Engineers, Warrendale, Pa., 1986. 4.7 G.M. Rassweiler, L. Withrow, "Motion Pictures of Engine Flames Correlated with Pressure Cards," SAE Paper No. 800131, Society of Automotive Engineers, Warrendale, Pa., 1980.
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Appendix A4.1 Exhaust emissions The combustion process The combination of Eqs. 4.3.3 and 4.3.4 permits the determination of the molecular composition of the products of combustion for any hydrocarbon fuel, CH n , at any given air-to-fuel ratio, AFR. The mass ratio of any given component gas "G" within the total, ZQ, is found with respect to the total molecular weight of the combustion products, M c :
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Hence if the engine power output is W (in kW units), the delivery ratio is DR, the trapping efficiency is TE, and the engine speed is in rpm, many of the brake specific pollutant emission figures can be determined from an engine simulation, or from design estimations, from combustion in the following manner. The total mass of air and fuel trapped each cycle within the engine, nicy, is given by, using information from Eq. 1.5.2: m„ = TE x DR x n w f x 1 + dref *cyv
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The mass of gas pollutant "G" produced per hour is therefore: rh G = 60 x rpm x m c y x e G



kg/h



(A4.1.4)



and the brake specific pollutant rate for gas "G," bsG, is found as: bsG = ^ S . W



kg/kWh
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Carbon monoxide emissions This is obtained only from the combustion source, and is found as: bsCO = ^ 2 2 W



kg/kWh



(A4.1.6)



Combustion-derived hydrocarbon emissions These are found as: bsHC
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Design and Simulation of Two-Stroke Engines For the simple two-stroke engine they are but a minor contributor by comparison with those from scavenge losses, if scavenging is indeed being conducted by air containing fuel, and in Chapter 7 there is considerable discussion of this topic. It is also a very difficult subject theoretically and the chemistry is not only complex but highly dependent on the mechanism of flame propagation and its decay, quenching or otherwise at the walls or in the crevices of the chamber. Scavenge-derived hydrocarbon emissions The mass of charge lost per hour through the inefficiency of scavenging is found as: „ DR x (1 - TE) x m d r e f mHCscav = 60 x rpm x ' SSL AFR



kg/h



(A4.1.8)



Consequently these devolve to a brake specific pollutant rate as: bsHC scav = ^ § ^ W



kg/kWh



(A4.1.9)



Total hydrocarbon emissions The total hydrocarbon emission rate is then given by the sum of that in Eq. A4.1.7 and Eq. A4.1.9asbsHC: bsHC = bsHC c o m b + bsHCscav
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Emission of oxides of nitrogen Extensive field tests have shown that nitric oxide, NO, is the predominant nitrogen oxide emitted by combustion devices in recent investigations by Coppersmith [4.37], Schefer [4.38] and Zeldovitch [4.39]. The two principal sources of NO in the combustion of conventional fuels are oxidation of atmospheric (molecular N2) nitrogen and to a lesser extent oxidation of nitrogen containing compounds in the fuel (fuel nitrogen). The mechanism of NO formation from atmospheric nitrogen has been extensively studied by several prominent researchers. It is generally accepted that in combustion of lean and near stoichiometric air-fuel mixtures the principal reactions governing formation of NO from molecular nitrogen are those proposed by Zeldovitch [4.39]. O + N 2 
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where Vb is the volume of the burn zone, Tb is the temperature in the burn zone and k is a ratelimiting constant. The symbols, m b 0 and m b N refer to the mass of oxygen and nitrogen, respectively, within the burn zone. Once the formation of NO is determined as a function of time, its formation in any given time-step of an engine simulation is determined, and the summation of that mass increment over the combustion period gives the total mass formation of the oxides of nitrogen. 345



Design and Simulation of Two-Stroke Engines In practice, the execution within a computer simulation is not quite as straightforward, because it is necessary to solve the equilibrium and dissociation behavior within the burn zone. The amount of free oxygen within the burn zone is a function of the local temperature and pressure, as has been discussed in Sec. 4.3.2. Two equilibrium reactions must be followed closely, the first being that for the carbon monoxide given in Eq. 4.3.18 and the second for the so-called "water-gas" reaction: H 2 0 + CO 
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Fig. 5.1(c) Area of a piston skirt controlled port in a cylinder wall.
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Design and Simulation of Two-Stroke Engines The maximum area of the port, A m a x , is calculated relatively easily from the fact that it is rectangular in shape and has corner radii. A



max = x w( x 62 ~ x 9l) " | 2 - ^ l ( r 2 + rb2)
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Virtually all scavenge ports are rectangular in projected area terms and are normally fully open precisely at bdc. Most exhaust ports are also rectangular in profile, although here the variation in shape, as seen in practice, is greater, and are normally fully open precisely at bdc; but the lower edge in some configurations does not extend completely to the bdc position. The more complex port layout with piston crown control This is shown in Fig. 5.1(b). The majority of the cases that have to be treated in this manner fall into two categories. The first is where the top edge of the port is distorted for some particular reason. Perhaps the center section is not horizontal but is curved so as to give the piston ring an easier passage from its expansion into the port to being cajoled into following the profile of the cylinder bore. Perhaps a vertical slot has been profiled into the top edge to give a longer, more gentle, blowdown process and reduce the exhaust noise [8.14]. Perhaps, as is sketched in Fig. 5.1(b), two extra exhaust ports have been added in the blowdown region of the exhaust port to make that process more rapid; this is commonly seen in racing engine design. For whatever reason, the profile becomes too complex for simple algebraic analysis and so the approach seen through Eq. 5.2.5 is extended to expedite the computation of the port area. The particular geometry is analyzed to determine the widths, wj, W2, W3, etc., of the port at even increments of height, Ax, from the top to the bottom of the port. An input data file of this information is presented, to be analyzed using Eq. 5.2.5, and a second data file is generated giving the port area, Ae, with respect to piston position, xe, at various crankshaft angles, 6, from the tdc position. Throughout the engine simulation this file is indexed and linear interpolation is employed to determine the precise area at the particular crankshaft position at that instant during the analysis. Hence, during an engine simulation using the theory of Sees. 2.16 and 2.17, the effective throat area of a port controlled by the piston crown at any juncture (see Eq. 2.16.4) is defined by At> and the numerical value of A t is that given by Ae in Eqs. 5.2.4 or 5.2.5. To carry out this exercise during simulation, be it for a simple regularly shaped port or a more complex shape, the data listed in Figs. 5.1(a) or 5.1(b) are required as input data to it. The simple port layout with piston skirt control This is shown in Fig. 5.1(c) and typically applies to the intake ports. The crankshaft is at an angle, 6, before the tdc position and the piston has moved a length, xe, from the bdc point, having uncovered a port at an angle, 61, before tdc, and will fully uncover it after turning an angle, 62, also before tdc. It is normal design practice to fully uncover the intake ports at or before tdc. The piston travel lengths are xei and xe2, respectively, but are measured from bdc. For intake ports, almost universally, the value of 82 is 0° or at tdc, in which case the value of xe2 is the stroke length, L st . 362
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The area of the port at this juncture is shown in the figure as Ae for a rectangular port of width, x p , and top and bottom corner radii, rt and rb, respectively. Notice that the position of the top and bottom port radii are in the same physical locations for the port, in a cylinder which is considered to be sitting vertically. Thus the analysis for the instantaneous port area, Ae, presented in Eqs. 5.2.1 to 5.2.5, is still applicable except that the values for the port radii must be juxtaposed so as to take this nomenclature into account. The relationship for the maximum port area, A m a x , in Eq. 5.2.6 is correct as it stands. Hence, during an engine simulation using the theory of Sees. 2.16 and 2.17, the effective throat area of a port controlled by the piston crown at any juncture (see Eq. 2.16.4) is defined by At> and the numerical value of At is that given by Ae in Eqs. 5.2.4 or 5.2.5, taking into account the above discussion. To carry out this exercise during simulation, be it for a simple regularly shaped port, or a more complex shape, all of the data listed in Fig. 5.1(c) are required as input data to it. 5.2.2 The porting of the cylinder controlled externally The use of valves of various types to control the flow through the ports of an engine was introduced in Sec. 1.3. For the intake system, reed valves, disc valves and poppet valves are commonly employed. For the exhaust system, poppet valves have been commonly used, particularly for diesel engines. As a further refinement to the piston control of ports leading to the exhaust system, timing edge control valves have been utilized, particularly for the highperformance engines found in racing motorcycles. The areas of the ports or apertures leading into the cylinders of the engine must be accounted for in the execution of a simulation model of an engine. The use of poppet valves Poppet valves are not normally used in simple two-stroke engines, but are to be found quite conventionally in uniflow-scavenged diesel engines used for marine applications or in trucks and buses, such as those shown in Plates 1.4 and 1.7. The area for flow through a poppet valve, at any juncture of its lift, is described in detail in Appendix A5.1. Hence, during an engine simulation using the theory of Sees. 2.16 and 2.17, the geometric throat area of a port controlled by the piston crown at any juncture (see Eq. 2.16.4) is defined by At> and the numerical value of Ae is that given by A t in Appendix A5.1 in Eqs. A5.4 and A5.5. To carry out this exercise during simulation, all of the data shown in Fig. A5.1 are required as input data to it. The use of a control valve for the port timing edge The common practice to date has been to apply timing control valves to the exhaust ports of the engine. A typical arrangement for an exhaust port timing control valve is sketched in Fig. 5.2. In Fig. 5.2(a) the valve is fully retracted so that the timing control edge of the valve coincides with the top edge of the exhaust port. The engine has a stroke dimension of L st and a trapped stroke of length x ts . When the valve is rotated clockwise through a small angle and held at that position, as in Fig. 5.2(b), normally at a lower point in the engine speed range, the trapped stroke is effectively changed to x ets and the total area of the port is reduced. Clearly, the blowdown area and the blowdown timing interval are also reduced. While such a valve
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Fig. 5.2(a) Exhaust control valve in fully retracted position.



Fig. 5.2(b) Exhaust control valve lowered increases effective trapped stroke.
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can never seal the port to the extent that a piston can accomplish within the cylinder bore, the design of the valve can be such that it closely follows the piston profile over the width of the exhaust port(s). There are many practical designs for such valves, ranging from the cylindrical in section [7.4] to guillotine designs and the lever type shown in Fig. 5.2. If the simulation model is to incorporate such a timing edge control valve, then several factors must be taken into account. The first is the altered port profile which can be incorporated into the execution of the analytic process described above. Even the "leakage" profile past the valve can be accounted for by assigning an appropriate width to the port to simulate the area of the leakage path. However, if such a valve is found to seal the cylinder at a timing point other than the fully open position, the simulation model must take into account the change of trapped compression ratio, CRf. This is the consequence of the fact that the clearance volume of the engine will have been deduced from the trapped compression ratio at the full height of the exhaust port. Hence the modified trapped compression ratio with the timing valve lowered is: CR
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The use of a disc valve for the intake system This has been a very popular intake system for many years, particularly for single-cylinder engines, and especially in motorcycles. It is very difficult to incorporate into a multicylinder design. A sketch of the significant dimensions of such a valve is shown in Fig. 5.3 and a photograph of one fitted to an engine is shown in Plate 1.8. Further pertinent information and discussion on disc valve design is seen in Figs. 6.28 and 6.29 and in Sec. 6.4, where the nomenclature is common with this section and the sketches provide further aid to understanding of the analysis below. The total opening period of such a valve, {j)max. is readily seen as the combined angles subtended by the disc and the port: max = p + d
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Thus, the total opening period is distributed around the tdc position in an asymmetrical manner, as presented before in Fig. 1.8. The maximum area of the port can be shown to be a segment of an annulus between two circles of radius r m a x and r m j n , less the corner radii, r p . A
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The instantaneous area, Ae, is found by a similar theoretical approach to that seen in Eqs. 5.2.1-5.2.4, except that the term for the movement of the disc with respect to the angular crankshaft movement is now more simply deduced in that it is linear. For example, if the disc has fully uncovered the corner radii at opening, the instantaneous area at a juncture of 0° from the opening position is given by: 0 / 2
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DISC VALVE



Fig. 5.3 Design dimensions of an intake system disc valve. As the port corner radii are being uncovered by the edge of the disc, the precise solution to the geometrical problem is more complex but can be solved with little loss of accuracy by the iterative approach given above for rectangular ports in Eq. 5.2.1. If x p is considered to be the port height, after 6° from the opening position: Xn = rmax then
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where h is the length along the port centerline and is less than the corner radius, rp. The area of the port during this early stage can be found by the same method given in Eq. 5.2.4, but with the term for dx/d0 replaced by the following equation, where the angle is expressed in degrees: "X _ TtyVnax "*" rminJ dG " 360
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A similar iterative approach is employed for the later stages of port opening or closing when the relevant corner radii are being uncovered or covered, respectively.
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Chapter 5 - Computer Modeling of Engines Hence, during an engine simulation using the theory of Sees. 2.16 and 2.17, the effective throat area of the port posed by the disc valve system at any juncture (see Eq. 2.16.4) is defined by A t; and the numerical value of At) is that given by Ae in Eq. 5.2.10. To carry out this exercise during simulation, all of the data shown in Fig. 5.3 are required as input data to it. The use of a reed valve for the intake system The use of an automatic valve for the control of intake flow is quite common in pulsating air-breathing devices, not only for motorcycles and outboards [1.12, 1.13] but for air and refrigerant compressors [6.6] and in pulsejets [5.22], such as the German VI "doodlebug." The format of the design can assume many mechanical configurations, but the V block shape shown in Fig. 5.4, Fig. 6.27, or Plate 6.1, has become commonplace in high-performance motorcycles. In outboards, and in other uses where space is at a premium or the specific performance requirement is not so great, a simpler flat plate design is often found.
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Fig. 5.4 Design dimensions of a reed petal and reed block.



367



Design and Simulation of Two-Stroke Engines The reed block is placed in the crankcase, or in the scavenge ducts, of a naturally aspirated spark-ignition engine, and permits air flow into the crankcase when the crankcase pressure falls below the atmospheric pressure, and shuts again when it exceeds it. When the reed lifts, and both pressure drop and particle flow take place through the reed block port and across the reed into the crankcase, a complex pattern of pressure is applied to the reed surfaces on both sides. It is the summation of all of these pressures over the entire surface area of the reed petal which gives rise to the force that causes the reed to open, and a combination of these forces and the dynamic spring characteristics of the reed petal which makes it reseat itself. Further pertinent discussion relating to reed valve operation and design is found in Sec. 6.3. At QUB, much research has been carried out on this subject [5.9, 5.14-5.19] and the following is a precis of those findings as applied to their incorporation into a computer model of an engine fitted with a reed valve. Hinds [5.18] showed that the reed valve can be treated as a pressure-loaded cantilevered beam clamped at one end and forced into various modes of vibration by the crankcase pressure acting on one side of the beam, and the superposition pressure at that position in the inlet tract acting upon the other. The basic solution devolves to the determination of the natural frequency in cycles per second, fj, or COj in radians per second, of the first few modes of vibration, j , from the basic theory of pressure loaded beams, thus:
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In the above equation, apart from those symbols defined in Fig. 5.4, the value of Y is the Young's Modulus of the reed petal material, p is its density, and I and A are the second moment of area and cross-section area in the plane of bending, respectively. The second moment of area and cross-section area of a rectangular reed petal are given by: I = Mi. 12



A = xrxt



(5.2.16)



The values of the function related to mode, PjLr, in Eq. 5.2.15 for the first five modes of vibration are determined as 1.875, 4.694, 7.855, 10.996, and 14.137, respectively. The theoretical solution includes the distribution of the pressure along the length of the reed, on both sides, to give the value of the forcing function at each segment along the reed, usually in steps of 1 mm. The pressure on the surface of the reed petal facing the crankcase is assumed to be the crankcase pressure. The pressure on the surface of the reed petal facing the reed block is assumed to be the superposition pressure at that end of the inlet tract [5.16]. Bounce off the reed stop must also be included, should it be in the form shown in Fig. 5.4 or be it a simple tip stop as is often found in practice. The final outcome is a computation of the lift of the reed at each element along its length from the clamping point to the tip for each of the modes of vibration it is following. By correlating theory with experiment, Hinds [5.18]
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Chapter 5 - Computer Modeling of Engines showed that it was quite adequate to consider only the first two modes of vibration and that the higher orders could safely be neglected. For a fuller description of the theoretical model of reed valve motion the thesis by Hinds [5.18] or by Houston [5.19] should be consulted. Houston [5.19] extends the work of Hinds to the movement of reed petals which are other than rectangular in plan profile. The reed block poses two potential restrictions to the flow into the engine, the area at entrance to the reed ports in the block, and the area posed by the lifted reed petals. From a gasdynamic standpoint, the area of the intake duct at the reed block end is denoted by Arp5 and is the area defined from Fig. 5.4 as: AIP = x w x h - (4 -



rc)r2



(5.2.17)



The effective area posed by the reed ports, A^, is given by, where n^, is the number of ports: A



r P = n rp(LpX p - rp2(4 - n))sin (|>rb



(5.2.18)



However, the effective area of flow past the reed petals is a much more debatable issue. For example, flow into the crankcase from the side of the reeds is possible, but this is unlikely between closely spaced adjacent reeds, and possibly not if the reed block is tightly packed into the mouth of the crankcase. The only certain flow direction is tangentially past the reed tip, which at some particular instant has a tip lift of dimension, x t j p . This maximum flow area at that juncture can be defined as Ar(j, where n r is the number of reed petals, thus: A rd = nrxtipXp



(5.2.19)



Actually, this statement is still too simplistic, for the throat area of the flow past the petal is more realistically given by the reed lift, x act , at a point on the reed at the end of the port, i.e., the combination of the distances L p and x s . The more correct solution for the throat of the reed flow area is given by the insertion of x act into Eq. 5.2.19 as a replacement for x t j p . It may seem to the reader that the reed throat area term in Eq. 5.2.19 should be multiplied by the cosine of the reed block half angle, for the same reason as the port area is modified by the sine of that angle in Eq. 5.2.18. The fact is that the discharge coefficients, determined using the approach of Appendix A2.3, employ the geometric area as given in Eq. 5.2.19, thereby automatically taking into account any effects caused by the reed block angle. As a supporting argument in this same context, it will be observed that the reed port area for a flat plate reed is always computed correctly; when §\, as 90° is applied in Eq. 5.2.18, the sine of that value is unity. Hence, during an engine simulation using the theory of Sees. 2.16 and 2.17, the effective throat area of the port posed by the reed system at any juncture (see Eq. 2.16.4) is defined by At) and the numerical value of A t is that given by either A,p or Arcj, whichever is the lesser. To carry out this exercise during simulation, all of the data shown in Fig. 5.4, with the exception of xtjp ana " xact which are computed, are required as input data to it, together with the Young's Modulus and the density of the reed petal material.
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Design and Simulation of Two-Stroke Engines To assist with the analysis of computed data, and to compare it with that measured, it is useful to declare a reed tip lift ratio, Crdt, defined at any instant with respect to the reed length, as: -rdt



Lr



(5.2.20)



The empirical solution for reed valve design, given in Sec. 6.3, may help to further elucidate you about the application of some of the theory shown here. 5.2.3 The intake ducting The intake ducting must be designed to suit the type of induction system, i.e., be it by reed valve, or be it piston skirt controlled, or through the use of a disc valve, all of which have been discussed initially in Sec. 1.3. The modeling of the port has been discussed above. A typical intake duct is shown in Fig. 5.5. It commences at the inlet port, marked as Ajp, and extends to the atmosphere at an inlet silencer box of volume, VIB, and breathes through an air filter of effective diameter, dp. The area of the inlet port, AIP, is normally the area seen in Sec. 5.2 described as the maximum area at the cylinder or crankcase port, A m a x , but is not necessarily so for it is not uncommon in practice that there is a step change at that position. The point is best made by re-examining Figs. 2.16 and 2.18, as the area at the end of the intake system denoted here by Aip is actually the area denoted by A2 in Figs. 2.16 and 2.18. It is good design practice to ensure that A2, i.e., Ajp, precisely equals the maximum port area; it is not always seen in production engines. Should the engine have a reed valve intake system, then it is normal for Ajp to equal the value defined as such in Eq. 5.2.17. Should the engine have a disc valve intake system, then it is normal for Ajp to equal the value defined as A m a x in Eq. 5.2.9. Somewhere within this intake duct there will be a throttle, or combined throttle and venturi if included with a carburetor, of effective diameter, dtv- The throttle and venturi are modeled using the restricted pipe theory from Sec. 2.12. All of the other pipe sections, of lengths Li, L2, and L4, with diameters ranging from do which is equivalent to area An>, to di, d2, d3, and d4, are modeled using the tapered pipe theory found in Sec. 2.15.



Fig. 5.5 Dimensions of an intake system including the carburetor.
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Chapter 5 - Computer Modeling of Engines In this connection the throttle area ratio, Qhr, is defined as the area of the venturi or the area set by the throttle plate, whichever is the lesser, with respect to the downstream section in Fig. 5.5, as: c
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At the end of the intake system, adjacent to the airbox, or to the atmosphere if unsilenced as in many racing engines, the diameter is marked as dimension 64. The input data system to any simulation must be made aware if the geometry there provides a bellmouth end, or is a plain-ended pipe, for Sees. 2.8.2 and 2.8.3 make the point that the pressure wave reflection regime is very dependent on the type of pipe end employed. In other words, the coefficients of discharge of bellmouth and plain-ended pipes are significantly different [5.25]. 5.2.4 The exhaust ducting The exhaust ducting of an engine has a physical geometry that depends on whether the system is tuned to give high specific power output or is simply to provide silencing of the exhaust pressure waves to meet noise and environmental regulations. Even simple systems can be tuned and silenced and, as will be evident in the discussion, the two-stroke engine has the inestimable advantage over its four-stroke counterpart in that the exhaust system should be "choked" at a particular location to provide that tuning to yield a high power output. Compact untuned exhaust systems for industrial engines Many industrial engines such as those employed in chainsaws, weed trimmers, or generating sets have space limitations for the entire package, including the exhaust and intake ducting, yet must be well silenced. A typical system is shown sketched in Fig. 5.6. The system has a box silencer, typically some ten or more cylinder volumes in capacity, depending on the aforementioned space limitations. The pipe leading from the exhaust port is usually parallel and has a diameter, di, representing area, A2, in Fig. 2.16, which normally provides a 15-20% increase over the maximum exhaust port area, A m a x , defined by Eq. 5.2.6. The dimension, do, corresponds to the maximum port area, A m a x . The distribution of box volumes is dictated by silencing and performance considerations, as are the dimensions of the other pipes, dimensioned by lengths and diameter as L2 and d2, and L3 and d3, respectively. Tuned exhaust systems for high-performance, single-cylinder engines Many racing engines, such as those found in motorcycles, snowmobiles and skijets, use the tuned expansion chamber exhaust shown in Fig. 5.7. The dimension, do, corresponds to the maximum port area, A m a x . The pipe leading to dimension, di, may be tapered or it can be parallel, depending on the whim of the designer. The first few sections leading to the maximum diameter, d4, are tapered to give maximum reflective behavior to induce expansion waves, and the remainder of the pipe contracts to reflect the "plugging" pulsations essential for high power output. The empirical design of such a pipe is given in Chapter 6, Sec. 6.2.5. The dimension, &$, is normally some three times larger than d].



371



Design and Simulation of Two-Stroke Engines



o -a



L3



S







>f



VB N I



-^L



WMJ



A



Li



or



r



W



•a



—-



K



I L2



J



Fig. 5.6 Dimensions of a chainsaw exhaust system.



Fig. 5.7 Dimensions of a tuned exhaust system. The tail-pipe, normally parallel of diameter, d-j, is usually about one-half the diameter of that at di. The tail-pipe can lead directly to the atmosphere, but it is extremely noisy as such, vide Plate 5.1. The regulations for motorcycle racing specify a silencer, which is typically a short, straight-through absorption device wrapped around the tail-pipe as seen in Fig. 2.6, the inclusion of which in a simulation is barely noticeable on the ensuing gas dynamics. A discussion on the design of such silencers is found in Chapter 8. Tuned exhaust systems for high-performance, multi-cylinder engines Sketches of a typical arrangement of the exhaust manifold and exhaust system of a multicylinder two-stroke engine are shown in Figs. 5.8(a) and (b). They are drawn in the context of a three-cylinder engine, but the logical extension of the arrangement to twin-cylinder units and to four or more cylinders is quite evident. It will become clear in the ensuing discussion that the three-cylinder engine has distinct tuning possibilities for the creation of high specific power characteristics which are denied the twin-cylinder and the four-cylinder engine, particularly if they are gasoline-fueled and spark-ignited and have exhaust port timings which open at 100° atdc or earlier. It will also become clear that, if the exhaust port timings are low, as may be the case for a well-designed supercharged engine, then a four-cylinder layout could be the optimum design. The close coupled exhaust manifold of the two-stroke engine will be 372



Chapter 5 - Computer Modeling of Engines



Plate 5.1 The QUB 500 single-cylinder 68 bhp engine with the expansion chamber exhaust slung underneath the motorcycle (photo by Rowland White). demonstrated to contain a significant potential for tuning to provide high-performance characteristics not possible in a similar arrangement for a four-stroke engine. The sketches in Fig. 5.8 show the lengths and diameters necessary as input data for a simulation to be conducted. The systems contain an exhaust box which, in the case of the outboard engine, is also the transmission housing leading to the propeller and can be seen in the photograph of the OMC V8 engine in Plate 5.2. That same type of engine, sketched in Fig. 5.8(a), has an exhaust manifold referred to as a "log" type in the jargon of such designs, and contains branches which are effectively T junctions. The manifolds may contain splitters which assist the flow in turning toward the exhaust box and, if effective in that regard, the appropriate branch angles can be inserted into the input data file as is required for the solution of the non-isentropic theory set out in Sec. 2.14. Should the bend at cylinder number 1, i.e., that at the left-hand end of the bank of cylinders sketched, be considered to be tight enough to warrant an appropriate insertion of loss for the gas flow going around it, then the theory of Sec. 2.3.1 can be employed. The design shown in Fig. 5.8(b) is more appropriate to that used for an automotive engine, be it for an automobile or a motorcycle, or for a diesel-engined vehicle, where space is not at such a premium as it is for an outboard engine. The gas flow leaving the manifold toward the exhaust box, which may contain a catalyst or be a silencer, does so by way of a four-way branch. The theory for this flow regime requires an extension to that presented in Sec. 2.14. The sketch shows the junction at a mutual 90° for each pipe, but in practice the pipes have been observed to join at steeper angles, such as 60°, to the final exit pipe. This may not always be a design optimum, for the closer coupling of the cylinders normally takes precedence over the branch angle as a tuning criterion, as what may appear to provide an easier flow for the gas to exit the manifold may reduce the inter-cylinder cross-charging
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Fig. 5.8(a) Geometry of the exhaust system of a three-cylinder outboard engine.



Fig. 5.8(b) Geometry of the exhaust system of a three-cylinder automotive engine.



Fig. 5.8(c) Geometry of the exhaust system of a four-cylinder automotive engine.
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Plate 5.2 A cut-away view of a 300 hp V8 outboard motor (courtesy of Outboard Marine Corporation). characteristics. This subtlety of design will be discussed below during the presentation of data acquired by simulation. Should the design approach given in Fig. 5.8(b) be extended to a four-cylinder engine, then the manifold exit toward the exhaust box reverts to a three-way branch, normally mutually at 90°, as that exit is now located in the middle of the bank of cylinders, i.e., between cylinders numbered 2 and 3 of a four-cylinder unit. This is shown in Fig. 5.8(c). This is particularly true for an automotive diesel or spark-ignition engine, but less correct to be stated categorically if it is for an outboard design, as in Plate 5.2, where the branch lengths Li, L2, L3, etc., are now of some considerable length in a design optimized for power and also where space limitations may prevent full optimization of its potential. 5.3 Heat transfer within the crankcase The heat transfer characteristics in the crankcase of a crankcase compression two-stroke engine is not a topic found in the technical literature. Therefore, I present a logical approach
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Design and Simulation of Two-Stroke Engines to the analysis without any experimental proof that it is accurate. That research will be conducted, but as yet has not been done. The approach is virtually identical to that used in Sec. 4.3.4, and as proposed by Annand [4.15-4.17], for the heat transfer within the cylinder. Annand recommends the following expression to connect the Reynolds and the Nusselt numbers: Nu = aRe 0 - 7



(4.3.28)



where the constant, a, has a value of 0.26 for in-cylinder heat transfer in a two-stroke engine and 0.49 for a four-stroke engine. It seems logical to take the value of "a" as being 0.26, as this is the crankcase of a two-stroke engine, and in the absence of any experimental data to confirm its selection. The Reynolds number is calculated as: Pp
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Within this equation the following terms are selected and defined. The crankcase is rarely filled with other than air and partially vaporized fuel and therefore the properties can be taken to be as for air. Actually, the simulation tracks the precise properties at any instant, but the analysis is more readily understood if air is assumed as being the resident gas. The heat transfer takes place in air between the spinning crankshaft flywheel and crankcase wall interface, so the crankshaft diameter is employed in the determination of Reynolds number and is defined as df. The values of density, p c c , crankshaft surface velocity, Cf, and viscosity, u.ajr, require further discussion. The prevailing crankcase pressure, p c c , temperature, T cc , and gas properties combine to produce the instantaneous crankcase air density, p c c . Pcc Pcc -
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The viscosity is that of air, u ^ , at the instantaneous crankcase temperature, T cc , and the expression for the viscosity of air as a function of temperature in Eq. 2.3.11 is employed. The maximum crankshaft surface velocity is found from the dimension of the flywhel diameter, df, and the engine speed, rps: Cf = jrdfips



(5.3.3)



Having obtained the Reynolds number, the convection heat transfer coefficient, Q,, can be extracted from the Nusselt number, as in Eq. 2.4.3 or 4.3.31:
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Chapter 5 - Computer Modeling of Engines where Ck is the value of the thermal conductivity of air at the instantaneous crankcase temperature, T cc , and consequently may be found from Eq. 2.3.10. The value of T c c w is defined as the average temperature of the crankcase wall surface, the exposed crankshaft and connecting rod surfaces, the surface of the underside of the piston, and the exposed cylinder liner surface. The heat transfer, 5QCC, over a crankshaft angle interval, d6, and a time interval, dt, can be deduced for the mean value of that transmitted to the total surface area exposed to the cylinder gases:
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The total surface area within the crankcase, A c c w , is composed of: Accw = A.crankcase + Apiston + Acrankshaft



(5.3.7)



It is straightforward to expand the heat transfer equation in Eq. 5.3.6 to deal with the individual components of it, by assigning a wall temperature to each specific area noted in Eq. 5.3.7. It should also be noted that Eq. 5.3.6 produces a "positive" number for the "loss" of heat from the cylinder, aligning it with the sign convention assigned in Sec. 4.3.4. The typical values obtained from the use of the above theory are illustrated in Table 5.1. The example employed is for a two-stroke engine of 86 mm bore, 86 mm stroke, running at 4000 rpm with a flywheel diameter of 150 mm. Various state conditions for the crankcase gas throughout the cycle are selected and the potential state conditions of pressure (in atm units) and temperature (in °C units) are estimated to arrive at the tabulated values for a two-stroke engine, based on the solution of the above equations. The three conditions selected are, in table order: at standard atmospheric conditions, at the height of crankcase compression, and at the peak of the suction process. Table 5.1 Crankcase heat transfer using the Annand model Pec (atm) 1.0 1.2 0.6
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Nu
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20 120 60



1770 1448 1078



299,037 224,483 146,493



316 321 210



It can be seen that the convection heat transfer coefficient does not vary greatly over the range of operational conditions within the crankcase, but the variation is sufficiently significant as to warrant the inclusion of the analytical technique within an engine simulation. The
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Design and Simulation of Two-Stroke Engines significance is such as to justify an experimental program to provide a more accurate value of the constant, a, in the Annand model than that which is assumed here as applicable to a twostroke engine crankcase. The values determined for the convection heat transfer coefficient, C h , lying beteen 200 and 320 W/m2K, are much as one would determine from an even simpler analysis, or could be culled from the literature describing somewhat similar physical situations in other fields of engineering. 5.4 Mechanical friction losses of two-stroke engines As the designs of two-stroke engines contain details of physical construction which are relevant variables as far as the friction losses are concerned, it is not possible to determine a fundamental theoretical approach to this topic. The best I can offer is a series of empirical relationships which have been shown to correlate quite well with experimental observations on various types of two-stroke engines. The situation is more complex for the two-stroke engine in comparison to the four-stroke unit in that two-stroke engines are manufactured with both "frictionless" bearings, i.e., rolling element bearings using balls, rollers or needle rollers, and also with hydrodynamic bearings, i.e., the oil pressure-fed plain bearings as seen in virtually all four-stroke cycle engines. The friction characteristics of any engine are also related to the type of lubrication, but virtually all engines which have crankshafts supported by rolling element bearings employ a total loss oiling system into the crankcase of the engine. This is normally in the form of (i) pre-mixed lubricating oil and fuel supplied via the carburetor and hence to the various bearings and friction surfaces, (ii) a pump supplying a metered quantity of oil directly to the bearings and friction surfaces, or (iii) a pump supplying a metered quantity of oil into the inlet tract to be broken up by the air flow and distributed to the bearings and friction surfaces. As a historical note, the British word for pre-mixed oil and gasoline (petrol) was "petroil." The friction characteristics of two-stroke engines can be divided into several classifications, i.e., those with rolling element bearings or those with plain bearings, and for those units which employ spark ignition or compression ignition. Virtually all compression-ignition, twostroke engines use plain bearings. All of the input or output data in the empirical equations quoted below are in strict SI units; the friction mean effective pressure, fmep, is in Pascals; the engine stroke, L st , is in meters; the engine speed, N, is in revolutions per minute. It will be observed that the equations below relating friction mean effective pressure to the variables listed above are of a straight-line format: fmep = a + bL st N where a and b are constants. It is interesting to note, and it would be supported by more fundamental theory on lubrication and friction, that the value of the constant, a, is zero for rolling element bearings. The term in these equations, which combines stroke and engine speed, is piston speed in all but name. Spark-ignition engines with rolling element bearings This classification covers virtually all small engines from industrial units such as chainsaws and weed trimmers to the outboard, the motorcycle and the snowmobile. From the experi-
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Chapter 5 - Computer Modeling of Engines mental evidence, there appear to be somewhat proportionately higher friction characteristics for small industrial engines, i.e., of cylinder capacity less than 100 cm 3 , and I have never satisfactorily resolved whether or not the bank of information which resulted in the provision of Eq. 5.4.1 also incorporates the energy loss associated with the cooling fan normally employed on such engines. industrial engines



fmep=150L st N



(5.4.1)



motorcycles, etc.



fmep = 105LstN



(5.4.2)



Spark-ignition engines with plain bearings This set of engines is normally found in prototype automobiles using direct injection of fuel into the cylinder and with the air supply to the engine provided by a supercharger. fmep = 25,000 + 125LstN



(5.4.3)



Compression-ignition engines with plain bearings This group of engines is normally found in prototype automobiles, and in trucks, buses and generating sets, using direct injection of fuel into the cylinder and with the air supply to the engine provided by a supercharger or a turbocharger. Here, there appear to be two classifications, with somewhat lesser friction characteristics appearing in the automobile set where the engine is more lightly constructed and runs to a higher piston speed. The breakdown point appears to lie between engines with stroke lengths above or below 100 mm. However, diesel engines have higher compression and combustion pressure loadings than spark-ignition engines, and as the bearing and piston ring designs must cope with this loading, they are proportionately greater in size or number. This gives a higher friction content for this type of engine. automobiles



fmep = 34,400 + 175LstN



(5.4.4)



trucks



fmep = 61,000 + 200LstN



(5.4.5)



5.5 The thermodynamic and gas-dynamic engine simulation Virtually everything written up to this point within this text has been oriented toward this section of this chapter. The theory of unsteady gas flow in Chapter 2, the theory of scavenging behavior in Chapter 3, and the theory of combustion and heat transfer in the engine cylinder in Chapter 4, are all brought together into a single computational format and linked together to simulate an engine. For those who have studied the publications in Refs. [2.31-2.35, 2.40-2.41, 5.20-5.21] you will realize that much has been learned, researched, and published on engine modeling since I presented a simple engine simulation program based on Benson's publications on the method of characteristics, together with its computer coding [3.34]. The applications selected here, to illustrate the extent of the design information that comes from a more advanced simulation technique, are a chainsaw, a racing engine and a multicylinder supercharged unit with direct in-cylinder fuel injection for automotive use. The simu-
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Design and Simulation of Two-Stroke Engines lation is assumed to reach equilibrium after some nine or ten cycles of computation and the data for that cycle are collected and stored as being representative of the engine performance characteristics based on the input data file being employed. 5.5.1 The simulation of a chainsaw The chainsaw engine employed for the simulation is a production unit with known measured performance characteristics. It is of 65 cm 3 swept volume, with a bore of 48 mm and a stroke of 36 mm. The trapped compression ratio is 7 and the crankcase compression ratio is 1.5. The induction system is as sketched in Fig. 5.5 and uses a diaphragm carburetor of 22 mm bore. The combination of the venturi and the relative positioning of the throttle and choke butterflies provide a maximum throttle area ratio, Qhr, of 0.61. The intake system access to the crankcase is controlled by the piston skirt, while access to the cylinder is controlled by the piston crown. It has exhaust, transfer, and inlet port opening timings of 108° atdc, 121° atdc, and 75° btdc, respectively. The exhaust, transfer and intake ports are all of the "regular" type as sketched in Fig. 5.1(a) and (c). The single exhaust port is 28 mm wide, the four transfer ports have a total effective width of 47 mm and the single inlet port is 28 mm wide. All ports have top and bottom corner radii. The engine is air cooled and has an exhaust box silencer exactly as sketched in Fig. 5.6, with a total volume of 560 cm 3 . The final outlet pipe, d3, from the silencer is 12 mm diameter and the first pipe has a diameter, di, of 25 mm and a length, Li, of 40 mm. The compact nature of the exhaust silencer is evident. During the simulation, it is necessary to assume values for the mean wall temperatures of the various elements of the ducting and the engine. The values selected are, in °C: cylinder surfaces, 200; crankcase surfaces, 100; inlet duct wall, 50; transfer duct wall, 190; exhaust duct walls, 200; inlet box wall, 40; exhaust box walls, 200. The combustion model employed is exactly as shown in Fig. 4.7(d) for a chainsaw, with an ignition delay of 10°, a combustion duration, b°, of 64°, and Vibe constants, a and m, of 5 and 1.05, respectively. It uses unleaded gasoline at an equivalence ratio, A., of 0.9, and is spark-ignited with an ignition timing of 24° btdc. The burn coefficient, CbUrn> is 0.85. The scavenge model used in the simulation is as given in Sec. 3.3.1 and is characterized by the Ko, Ki and K2 coefficients numerically detailed for a "loopsaw" in Fig. 3.16. Within the simulation these data are applied through the theory given in Sees. 3.3.1 to 3.3.3. The friction characteristics assumed during the simulation are as described above in Eq. 5.4.1. Correlation of simulation with measurements, Figs. 5.9-5.13 Fig. 5.9 shows the close correlation of the measured and simulated power and torque (as bmep) of the engine over the speed range from 5400 to 10,800 rpm. The attained bmep is quite modest at some 4 bar, but when the measured and simulated characteristics of delivery ratio and trapping efficiency are examined in Fig. 5.10, it can be seen that the engine attains this torque level with a peak delivery ratio, DR, of only 0.53 but with a high trapping efficiency of over 70%. This too is not so surprising, as it can be seen from Figs. 3.12, 3.13 and 3.19 that the "loopsaw" scavenging characteristics were indeed quite excellent and virtually up to a "uniflow" standard.
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There is close correlation of the measured and simulated characteristics of delivery ratio and trapping efficiency in Fig. 5.10. As they are so close to the experimental values, they provide the correct information for the computation of charging efficiency, CE, and, with the subsequent employment of a comprehensive closed cycle model, give the requisite correlation with the measured power and torque. Also in Fig. 5.10 is the computation of the scaveng-
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Design and Simulation of Two-Stroke Engines ing efficiency, SE, for which no measurement is available for comparison purposes; the computation predicts that it has a peak value of 0.8 at 6600 rpm. With the simulation closely predicting air flow and power, the potential for accurately simulating the measured brake specific fuel consumption, bsfc, and the emissions of hydrocarbons, bsHC, is realized in Fig. 5.11.
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Fig. 5.11 Measured and computed bsfc and bsHC characteristics of a chainsaw. The closed cycle simulation, relying on the combustion and heat transfer theory of Chapter 4, is seen to give a more than adequate representation of that behavior in Figs. 5.12 and 5.13. In Fig. 5.12 are the measured and computed cylinder pressure diagrams at 9600 rpm, and while the error on peak pressure is relatively small, the computation of the angular position of peak pressure is completely accurate. In Fig. 5.13 at the same speed is the comparison of measurement and calculation of the cylinder pressures during compression and expansion. The Annand model of heat transfer in Sec. 4.3.4, and the fuel vaporization model in Sec. 4.3.5, can be seen to provide very accurate simulation of the compression and expansion processes. The measured data are averaged over 100 engine cycles. Design data available from the simulation, Figs. 5.14-5.27 The computation provides extensive information for the designer, much of which can be measured only with great difficulty, or even not at all due to the lack of, or the non-existence of, the necessary instrumentation. Much of this information is required so that the designer can comprehend the internal gas-dynamic and thermodynamic behavior of the engine and the influence that changes to engine geometry have on the ensuing performance characteristics. The following is a sample of the range and extent of the design information which an accurate
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Fig. 5.12 Measured and calculated cylinder pressure diagrams at 9600 rpm.
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CRANKSHAFT ANGLE, deg. atdc Fig. 5.13 Measured and calculated cylinder pressures in a chainsaw at 9600 rpm. simulation provides. If the accuracy of the simulation is not adequate, the designer cannot rely on any further information that the simulation produces. Manifestly, from Figs. 5.9 to 5.13, the simulation of the chainsaw falls into the "sufficiently accurate" category. Mechanical losses, Figs. 5.14 and 5.15 Figs. 5.14 and 5.15 show the interrelationship between friction, pumping losses and mechanical efficiency. In Fig. 5.14 are the calculated friction and pumping mean effective pres-
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Design and Simulation of Two-Stroke Engines sures, fmep and pmep, respectively. For a two-stroke engine employing crankcase compression, the value of pumping loss is low at 0.3 bar, and it does not increase significantly, even at the much higher delivery ratios observed for the racing engine in Fig. 5.29. Friction is the greater of the two parasitic losses. The impact of the combination of friction and pumping to reduce the indicated work to the brake related value (see Eq. 1.6.9) is found in Fig. 5.15. Over the engine speed range the mechanical efficiency falls by about 6% to a low of some 80%. By
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Fig. 5.25 Temperatures in the intake system of a chainsaw at 9600 rpm. The crankcase pressure has already dropped to 0.8 atm by the time the inlet port opens, sending a sharp, i.e., noisy, pulsation as an intake wave into the inlet duct, which peaks at about the tdc position. The ensuing crankcase pumping action raises its pressure to about 1.5 atm, aided at that juncture by the higher pressure cylinder backflow into the scavenge ducts, as discussed above. The temperatures throughout the intake process are shown in Fig. 5.25 for the crankcase air and at both ends of the intake duct. Heat transfer in the crankcase and inlet tract is responsible for the dichotomy which exists. The air in the crankcase never drops below 60°C, whereas most of the air in the inlet duct oscillates around 40°C. During induction into the crankcase,
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Design and Simulation of Two-Stroke Engines the combination of incoming air at 40°C flowing into an expanding crankcase volume containing air already at about 65°C, decreases the crankcase temperature somewhat to about 60°C. This seems curiously insufficient as a drop in temperature; however, in terms of the mass of air already within the crankcase, the entering quantity is quite small. Put crudely, the DR value is 0.5, or about 32.5 cm 3 in volume terms for a 65 cm 3 engine. The crankcase compression ratio is 1.5, so its maximum volume is 195 cm 3 , therefore the entering quantity is only some 17% of the total in residence. As the air is gulped into the intake duct from the airbox muffler, the temperature around the tdc point briefly drops down close to the atmospheric value. The peak temperature of the crankcase air rises to 120°C and, as shown in Fig. 5.21, can be heated within the cylinder up to 600°C during the early stages of scavenging. Not surprisingly, the majority of fuel vaporization occurs within the cylinder. The cylinder pressure and temperature, Figs. 5.26 and 5.27 The design objective for the engine, in terms of the torque and power it will produce, or the NO x emission it may create, is summed up in Fig. 5.26. It is, after all, cylinder pressure which pushes on the piston area to create that torque and power. It is the level of peak cylinder temperature that influences directly the amount of the emissions of oxides of nitrogen it will produce; this statement, although true, is too naive and requires the amplification supplied in Appendices A4.1 and A4.2. The open cycle period is indicated in the figure and the pressure events during it are barely visible on a diagram drawn to this scale. They would appear to have no influence on the behavioral outcome of the engine in terms of its performance characteristics. From the discussion above that is known to be incorrect, for it is the state conditions of the cylinder at trapping, dictated by the gas-dynamic behavior of the breathing and scavenging system, which results in the pressure and temperature created within the cylinder during the closed cycle period. The temperature profile during the open cycle period is demonstrably much more dramatic during the open cycle period. The point being made is better illustrated in Fig. 5.27. In the next section, the discussion will focus on high-performance engines, with a 125 cm 3 motorcycle racing engine used as the design and simulation example. In Fig. 5.27, there is drawn the calculated cylinder pressure diagrams of the chainsaw engine and the racing motorcycle engine. They are both high-speed engines, but the disparity in the attained cylinder pressures and the attained bmep and specific power output could not be greater. One outperforms the other by a factor approaching three. That means that the specific trapped cylinder mass of air and fuel must be three or more times greater for the motorcycle engine than the chainsaw engine. This disparity of cylinder filling and emptying must occur during the events of the open cycle. On this diagram, drawn to this scale, there is little hint from the two pressure traces during the open cycle that anything untoward, or even different, is occurring. The next section explains how it is possible, and how a simulation procedure by computer can incorporate it by design. Further simulations involving this chainsaw engine In Chapter 6, where the focus is on design assistance for the selection of engine dimensions for either simulation or experimental development, the chainsaw engine discussed here
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Fig. 5.26 Cylinder pressure and temperature in a chainsaw at 9600 rpm.
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Fig. 5.27 Comparison of cylinder pressures in a chainsaw and a racing engine.



is employed as a working example. The effects on the performance characteristics of relatively minor changes of exhaust port timing, or for transfer port timing, are shown in Figs. 6.8-6.11, and in Figs. 6.12-6.15, respectively. In Chapter 7, where the focus is on fuel economy and emissions, the chainsaw engine is again employed as one of the working examples. The results of the simulation, shown here to
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Design and Simulation of Two-Stroke Engines give good correlation with measured exhaust hydrocarbon emissions, is repeated to illustrate that, as well as HC emissions, the emissions of carbon monoxide and exhaust oxygen content may also be calculated as a function of air-fuel ratio or throttle opening; this is shown in Figs. 7.13-7.15 and Figs. 7.16-7.18, respectively. The emissions of nitrogen oxides is a complex topic, but is covered in Appendices A4.1 and A4.2, using this engine and these input data as the working example. Perhaps of even greater interest, in Figs. 7.19 and 7.20, the scavenging characteristics are changed from the LOOPS AW quality used above to four other types, some better and some worse, and the various, differing performance characteristics are derived by simulation. Lastly, the basic physical dimensions of the engine are used to design a low-emissions, simple two-stroke engine and the reduction of the bsHC emissions from the 120 g/kWh level here to 25 g/kWh is a matter of great interest for those involved in R&D in this area. Finally, in Chapter 8, the chainsaw engine data are used as the basis for elaboration on the principles and the practice of designing intake and exhaust silencers. As a consequence, these exercises in simulation, most of which are shown to correlate well with typical measured data, provide the necessary insight into the behavior of an engine which is too complex for the human mind to comprehend. This reinforces the point made frequently in the discussion above, that the interrelationships between the design parameters of an engine are so complicated that only an accurate simulation will unravel them. Once computed, the conclusion seems obvious. Prior to that, they are inexplicable. At that point, the human mind starts to design. 5.5.2 The simulation of a racing motorcycle engine The engine employed for the simulation is a production unit with known measured performance characteristics. It is of 125 cm 3 swept volume, with a bore of 56 mm, a stroke of 50.6 mm, and a connecting rod length of 110 mm. The trapped compression ratio is 9 and the crankcase compression ratio is 1.35. It is the engine as described by Cartwright [4.35] and the exhaust system being used here in the simulation is the pipe he describes as "A2" in that publication. The discharge coefficients for the exhaust port of this engine are shown in Figs. A2.4 to A2.7, but are discussed more thoroughly elsewhere [5.25]. The induction system is as sketched in Fig. 5.5 and uses a slide carburetor of 38 mm bore. There is no real venturi in a racing carburetor and the thin throttle slide provides a maximum throttle area ratio, Ctj,r, of unity. The intake system access to the crankcase is controlled by a reed valve, as sketched in Fig. 5.4. There are six "glass-fiber" petals, each 38 mm long, 22.7 mm wide, and 0.42 mm thick. The reed ports in the block are 32 mm long, 19.6 mm wide, have 1.0 mm corner radii, and start 4 mm from the clamp point. The reed block half angle is 23.5°, and the entry area to the block is 38 mm high, 38 mm wide with 19 mm corner radii. In this design there is no stopplate per se, but a tip movement limit stop, some 13 mm above the reed, is evident. Further general discussion of the properties of reed petals, including the glass-fiber material used here, is found in Sec. 6.3.2. The piston controls the exhaust and transfer ports. It has exhaust and transfer port opening timings of 81° atdc and 115° atdc, respectively. The transfer ports are of the "regular" type as sketched in Fig. 5.1(a). There are six transfer ports giving a total effective width of 80.4 mm, and each has 1.0 mm corner radii. The exhaust port is of the "irregular" profile, almost
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Chapter 5 - Computer Modeling of Engines exactly as shown in Fig. 5.1(b), with the top section varying from 40 to 53 to 40 mm effective width over some 10 mm, and then remaining virtually parallel at 40 mm down to the bdc position. A further aspect of the exhaust port timing is that it has an exhaust control valve, as sketched in Fig. 5.2. If the exhaust control valve perfectly sealed the cylinder at closing timings of 85,90,95,100,105 and 110° btdc, then the trapped compression ratio would be raised from 9.0 to 9.6, 10.3,11.1,11.8,12.4 and 13.1, respectively. The valve does not seal the port in this ideal manner, but does so quite effectively, and in its fully lowered position closes the port at 95° btdc. The engine is liquid cooled and has a tuned exhaust system as sketched in Fig. 5.7. The lengths Li to L7 are 83,189,209, 65, 78, 205 and 250 mm, respectively. The diameters di to d 7 are 37.5, 48.5, 100, 116, 116, 21 and 21 mm, respectively. During the simulation, it is necessary to assume values for the mean wall temperatures of the various elements of the ducting and the engine. The values selected are, in °C: cylinder surfaces, 200; crankcase surfaces (which in this engine receive some coolant), 80; inlet duct wall, 30; transfer duct wall, 100; exhaust duct walls, 350. The combustion model employed is exactly as shown in Fig. 4.7(e) for a racing engine, with an ignition delay of 12°, a combustion duration, b°, of 41°, and Vibe constants, a and m, of 5.25 and 1.25, respectively. The actual engine uses aviation gasoline, the properties of which are given in Sec. 4.3.6, at an air-to-fuel ratio of 11.5. It is spark-ignited with an ignition timing of 20° btdc up to 11,500 rpm, when the system in practice retards the spark linearly until it is at 14° btdc at 12,300 rpm. The simulation incorporates the experimental ignition timing curve. The burn coefficient, Cburn. is 0.85. The scavenge model used in the simulation is as given in Sec. 3.3.1 and is characterized by the Ko, Ki and K2 coefficients numerically detailed for the "YAM14" cylinder in Fig. 3.16. The particular racing engine cylinder has not been scavenge tested, so its precise behavior is unknown. Therefore, the scavenging characteristics of a multiple port, loop-scavenged, motorcycle engine, with relatively good quality scavenging, has been assumed. Within the simulation these data are applied through the theory given in Sees. 3.3.1 to 3.3.3. The friction characteristics assumed during the simulation are as described above in Eq. 5.4.1. Correlation of simulation with measurements, Figs. 5.28-5.33 The measured performance characteristics of power and torque (as bmep) are shown in Fig. 5.28 and compared to those computed by the simulation over the speed range of the engine. The correlation for power and bmep is good. In Fig. 5.29, the measured and computed behavior for delivery ratio, trapping efficiency and charging efficiency are shown; here, too, the correlation is good both in amplitude and profile. The high values of delivery ratio and charging efficiency, compared to the equivalent diagram for the chainsaw in Fig. 5.10, explains the disparity in the bmep and power attained in each case. It does not explain how they are achieved. The simulation of the exhaust gas temperature, not just as a bulk mean value recorded in the middle of the pipe system, but everywhere throughout the pipe at every instant of time, is a vital issue if the simulation is to accurately phase the dynamic events within the long tuned exhaust pipe. It is not possible to record temperature-time histories with the same accuracy as
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Fig. 5.28 Measured and computed performance characteristics of a racing engine.
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Design and Simulation of Two-Stroke Engines ment of reed lift is evident, as is the resulting calculation and measurement of delivery ratio over the entire speed range of the engine, to b6-seen in Fig. 6.26. The timing of opening and closing of the reed petal at the low speed of 5430 rpm shows the reed opening at 160° btdc and closing at 86° atdc, which is an asymmetrical characteristic about tdc. At the "high" engine speed of 9150 rpm, the reed petal opens at 140° btdc and closes at 122° atdc. This confirms the initial view, expressed in Sec. 1.3.4 and Figs. 18(c) and (d), that the reed petal times the inlet flow behavior like a disc valve at low engine speeds and as a piston-controlled intake port at high engine speeds. In other words, it is asymmetrically timed at low speeds and symmetrically timed at high speeds. Within this same paper by Fleck etal. [1.13] there is given a considerable body of experimental and theoretical evidence on reed valve characteristics for steel, glass-fiber- and carbon-fiber-reinforced composites when used as reed petal materials. The paper [1.13] gives the dimensions of the engine with its tuned expansion chamber exhaust system and associated measured power data, which you will find instructive as another working example for the comparison of Prog.6.2v2 with experiment. 6.3.2 The use of specific time area information in reed valve design From the experimental and theoretical work at QUB on the behavior of reed valves, it has been found possible to model in a satisfactory fashion the reed valve in conjunction with an engine modeling program. This implies that all of the data listed as parameters for the reed valve block and petal in Fig. 5.4 have to be assembled as input data to run an engine simulation. The input geometrical data set for a reed valve is even more extensive than that for a piston-controlled intake port, adding to the complexity of the data selection task by the designer before running an engine model. This places further emphasis on the use of some empirical design approach to obtain a first estimate of the design parameters for the reed block and petals, before the insertion of that data set into an engine modeling calculation. I propose to pass on to you my data selection experience in the form of an empirical design for reed valves as a pre-modeling exercise. In Sec. 6.1 there is a discussion on specific time area and its relevance for exhaust, transfer and intake systems. The flow through a reed valve has to conform to the same logical approach. In particular, the value of specific time area for the reed petal and reed port during its period of opening must provide that same numerical value if the flow of air through that aperture is to be sufficient to provide equality of delivery ratio with a piston-controlled intake port. The aperture through the reed valve assembly is seen in Fig. 5.4 and, from the discussion in Sec. 5.2, is to be composed of two segments: the effective reed port area in the flow direction as if the reed petal is not present; and the effective flow area past the reed petal when it has lifted to its maximum, caused either by the gas flow or as permitted by the stop-plate. Clearly, there is little point in not having these two areas matched. For example, if the design incorporates a large reed port area but a stiff reed which will barely lift under the pressure differential from the intake side to the crankcase, very little fresh charge will enter the engine. Equally, the design could have a large flexible reed which lifted easily but exposed only a small reed port, in which case that too would produce an inadequate delivery ratio characteristic. In a matched design, the effective reed port area should be larger than the effective flow



450



Chapter 6 - Empirical Assistance for the Designer area past the petal, but not by a gross margin. Therefore, the empirical design process is made up of the following elements: (i) Ensure that the effective reed port area has the requisite specific time area, on the assumption that the reed petal will lift at an estimated rate for an estimated period. (ii) Ensure that the reed will lift to an appropriate level based on its stiffness characteristics and the forcing pressure ratio from the crankcase. (iii) Ensure that the natural frequency of vibration of the reed petal is not within the operating speed range of the engine, thereby causing interference with criterion (ii) or mechanical damage to the reed petal by the inevitable fatigue failure. The data required for such a calculation are composed of the data sketched in Fig. 5.4 and for the physical properties of Young's Modulus and density of the reed petal. Of general interest, Fleck et al. [1.13] report the physical properties of both composites and steel when employed as reed petal materials, as recorded in a three-point bending test. They show that a glass-fiber-reinforced composite material has a Young's Modulus, Y, of 21.5 GN/m 2 and a density of 1850 kg/m3. The equivalent data for carbon-fiber-reinforced composite and steel is measured in the same manner and by the same apparatus. The value of Young's Modulus for steel is 207 GN/m 2 and its density is 7800 kg/m3. The value of Young's Modulus for a carbonfiber-reinforced composite material is 20.8 GN/m2 and its density is 1380 kg/m3. Within the paper there are more extensive descriptions of the specifications of the glass-fiber and carbon-fiber composite materials actually used as the reed petals. The opening assumption in the calculation is that the specific time area required is the same as that targeted in Eq. 6.1.9 as ASVj related to bmep.



Asvi



bmep + 1.528



~



WA



The theoretical relationship for specific time area for inflow, Eq. 6.1.14, is repeated below: e=e n
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A standard opening period, 0 p , of 200° crankshaft is assumed with a lift-to-crank angle relationship of isosceles triangle form. The maximum lift of the reed is discussed below so that the area, A, may be calculated. The time for each degree of crank rotation is given by dt/d0. From Eq. 6.1.14, the Ad8 term is evaluated with swept volume, V sv , inserted as m 3 , and if the area, A, is in m 2 units, the units for the time-area, ASVj, remain as s/m. J Ad6 = 6A svi V sv rpm *
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Design and Simulation of Two-Stroke Engines The required reed flow area past the petals, Arcj, is given by determining the area of an isosceles triangle of opening which spans an assumed period, 6 p , of 200°: A
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At this point the designer has to estimate values for the reed port dimensions and determine a flow area which will match that required from the time-area analysis. That step is to assign numbers to the reed port dimensions shown in Fig. 5.4, and is found from Eq. 5.2.18. The notation for the data is also given in Fig. 6.27. The effective reed port area is declared as Ar *rp2 (6.3.3) Arp - n rp( L P X P " rD (4 rc))sinrb The required reed flow area, A,p, and the port area, Ar(j, are compared and the port dimensions adjusted until the two values match from Eqs. 6.3.2 and 6.3.3. If anything, you should always err slightly on the generous side in apportioning reed port area. Without carrying out this form of design calculation, one tends to err on the restrictive side because the eye, viewing it on a drawing board or a CAD screen, tends to see the projected plan area and not the allimportant effective area in the flow direction.
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Fig. 6.27 Computer screen output from Prog.6.4, REED VALVE DESIGN.
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Chapter 6 - Empirical Assistance for the Designer The carburetor flow area can be estimated from this required area in the same manner as is effected for a piston-controlled intake port, although with a larger restriction factor, C c , from the reed port area to the carburetor flow area. This is to create a greater pressure differential across the reed, assisting it to respond more rapidly to the fluctuating crankcase pressure. The carburetor flow diameter is notated as d tv in Fig. 5.5, and is deduced by: d



tv = J C c
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where the restriction factor, C c , varies from application to application. The value is bmep dependent, so the value of C c will range from 0.65 to 0.85 for engines with bmep aspirations from 4 bar to 11 bar, respectively. The next requirement is for calculations to satisfy the vibration and amplitude criteria (ii) and (iii) above. These are connected to theory found in texts on "vibrations" or on "strength of materials" such as that by Morrison and Crossland [6.1] or Tse et al. [6.2], and vibration has already been discussed in Sec. 5.2.2 and theory given in Eq. 5.2.15. The natural frequency of the forcing function on the reed is created by the pressure loading across the reed from intake pipe to crankcase, and the first fundamental frequency is equal to the engine speed in cycles per second, i.e., rps. The first-order natural frequency is the one to which some attention should be paid, for it is my experience that it tends to be quite close to the maximum speed of engine operation of a well-matched design. As long as the reed natural frequency is 20% higher than the engine natural frequency, there is little danger of accelerated reed petal damage through fatigue. The final step is to ensure that the reed petal will lift sufficiently during the pumping action of the crankcase. This is precisely what the engine modeling program and reed simulation in Chapter 5, or of Fleck et al. [1.13], is formulated to predict, and provides in Figs. 6.246.26. Therefore, an empirical approach is aimed at getting a first estimate of that lift behavior. Fleck etal. [1.13] show reed tip lift to length ratios, Qdt, in the region of 0.15-0.3. That will be used as the lift criterion for a reed petal undergoing design scrutiny when it is treated as a uniformly loaded beam by a proportion of the pressure differential estimated to be created by the crankcase compression ratio, CRCC. The mean pressure differential, Ap, assumed to act across the reed is found by estimating that this is a linear function of CRCC in atmosphere units, where 18% is regarded as the mean effective value of the maximum: Ap = 0.18(CRCC - 1) x 101325
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From Morrison and Crossland [6.1 ], the deflection, x t j p , at the end of the uniformly loaded beam representing the reed petal, is given by: x
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Design and Simulation of Two-Stroke Engines where the parameter, I, is the second moment of area given in Eq. 5.2.16. The maximum tip lift ratio, CrCjt, for this empirical calculation is then: r c
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Consequently, for implementation in Eq. 6.3.1, the time area of the reeds, for a number of reeds, nr, is given by: j A d e ^ " ^ ^



m 2 deg
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where 6 p can been assigned a value of 200° for the isosceles triangle of lift to x t j p . The above equations, referring to a combination of time areas and the mechanics of reed lift, i.e., Eqs. 6.3.1-6.3.8, should be strictly carried out in SI units, or arithmetic inaccuracies will be the inevitable consequence. The last geometrical dimension to be calculated is the stop-plate radius which should not permit the tip of the reed to move past a Crcjt value of 0.3, but should allow the reed petal to be tangential to it should that lift actually occur. That a lift limit for Crcjt of 0.3 is realistic is seen in Fig. 5.35 for a racing engine. This relationship is represented by the following trigonometrical analysis, where the normal limit criterion is for a tip lift ratio of 0.3:
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6.3.3 The design process programmed into a package, Prog.6.4 This calculation is not as convenient to carry out with an electronic calculator as that for the expansion chamber, as a considerable number of cycles of estimation and recalculation are required before a matched design emerges. Therefore, a computer program has been added to those presented and available from SAE, Prog.6.4, REED VALVE DESIGN. This interactive program has a screen output which shows a plan and elevation view to scale of the reed block and reed petal under design consideration. A typical example is that illustrated in Fig. 6.27, which is also a design of a reed block and petals for a 125 racing engine which has already been discussed in Chapter 5 as a design example. The top part of the sketch on the computer screen shows an elevation section through one-half of the reed block, although it could just as well represent a complete block if that were the design goal. The lower half of the sketch shows a projected view looking normally onto the reed port and the petal as if it were transparent, with the darkened area showing the clamping of the reed by the stop-plate. The scaled dimension to note here is the left-hand edge of the dark area, for that is positioned accurately, while some artistic license has been used to portray the extent of the clamped area rightward of that position!



Chapter 6 • Empirical Assistance for the Designer On the left are all of the input and output data values of the calculation, any one of which can be readily changed, whereupon the computer screen refreshes itself, virtually instantaneously, with the numerical answers and the reed block image. Note that the values of Young's Modulus and reed petal material density are missing from those columns. The data values for Young's Modulus and material density are held within the program as permanent data and all that is required is to inform the program, when it asks, if the petal material is steel, glass-fiber, or carbon-fiber. The information is recognized as a character string within the program and the appropriate properties of the reed material are indexed from the program memory. The reed valve design program, Prog.6.4, is used to empirically design reed blocks and petals in advance of using the data in engine modeling programs. This program is useful to engineers, as it is presumed that they are like me, designers both by "eye" and from the numerical facts. The effectiveness of such modeling programs [1.13] has already been demonstrated in Chapter 5 and in Figs. 6.8-6.15, so it is instructive to examine the empirical design for the 125 Grand Prix engine shown in Fig. 6.27 and compare it with the data declared for the actual engine in Chapter 5, Sec. 5.5.2. The glass-fiber reed has a natural frequency of 160 Hz. As the engine has a natural forcing frequency of 192 Hz, i.e., 11,500 -f 60, this reed is in some long-term danger of fracture from resonance-induced fatigue, for it passes through its resonant frequency each time the machine is revved to 11,500 rpm in each gear when employed as a racing motorcycle engine. Presumably, as the lifetime of a racing engine is rarely excessive, this design is acceptable. Indeed, it is even desirable in that it will vibrate readily at the forcing frequency of the engine. However, it should not be regarded universally as good design practice for an engine, such as a production outboard, where durability over some 2000 hours is needed to satisfy the market requirements. Of some interest is the photograph in Plate 4.1, which is just such a 250 cc twin-cylinder racing motorcycle engine, i.e., each cylinder is 125 cc just like the design being discussed. On this engine is the reed valve induction system which can be observed in the upper right-hand corner of the photograph. The plastic molding attaches the carburetor to the reed block and locks it onto the crankcase. The interior of the molding is profiled to make a smooth area transition for the gas to flow from the round section of the carburetor to the basically rectangular section at the reed block entrance. 6.3.4 Concluding remarks on reed valve design It is not uncommon to find flat plate reed valves being used in small outboard motors and in other low specific power output engines. A flat plate reed block is just that, a single plate holding the reed petals at right angles to the gas flow direction. The designer should use the procedure within Prog.6.4 of declaring a "dummy" reed block angle, (j)rb, of 40° and proceed with the design as usual. Ultimately the plan view of the working drawing will appear with the reed plate, per petal and port that is, exactly as the lower half of the sketch in Fig. 6.27. With this inside knowledge of the reed design and behavior in advance of engine modeling or experimentation, the engineer is in a sound position to tackle the next stage of theoretical or experimental design and development. Should you assemble a computer program to simulate an engine and its reed valve motion, together with the theory presented in Chapters
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Design and Simulation of Two-Stroke Engines 2 and 5, then this section will permit a better initial selection of the data for use within such a model. 6.4 Empirical design of disc valves for two-stroke engines This subject is one which I rarely discuss without a certain feeling of nostalgia, because it was the motorcycle racing engines from MZ in East Germany, with their disc valve inlet systems and expansion chamber exhaust pipes, which appeared on the world's racing circuits during my undergraduate student days. They set new standards of specific power performance and, up to the present day, relegated the then all-conquering four-stroke power units into second place. It was, literally, a triumph of intellect and professional engineering over lack of finance, resources, materials and facilities. For many years thereafter, the disc valve intake system was acknowledged to be the superior method of induction control for high specific output engines. However, it was not long before it was learned how to produce equal, if not superior, performance from piston control of the intake system. The current technical position is that the reed valve has supplanted the piston-controlled intake port for racing engines and is probably the most popular intake control method for all engines from the cheapest 2 hp brushcutter to the most expensive 300 hp V8 outboard motor. Nevertheless, the disc-valved engine, in the flat form made popular by MZ, and identical to the Rotax design shown in Plate 1.8, is still very successful on the racing circuits. Racing engine design has a fashion element, as well as engineering logic, at work; and fashion always comes full circle. Therefore, it is important that a design procedure for disc valve induction be among the designer's options and that engine modeling programs are available to predict the behavior of the disc-valved engine. This enables direct comparisons to be made of engine performance when fitted with all of the possible alternatives for the induction process. As with other data required for engine modeling programs, the designer needs to be able to establish empirical factors so that a minimum of guesswork is required when faced with the too-numerous data bank of a major computer program or when rapid optimization is required for the design. The following discussion sets out a logic procedure which by now should be familiar, for it repeats the same basic empirical methodology used for the piston-controlled intake and the reed valve induction systems. 6.4.1 Specific time area analysis of disc valve systems Figs. 1.7(a), Plate 1.8, and Figs. 6.28 and 6.29 show the mechanical positioning, porting control and timing of the disc valve intake device. The earlier explanations in this chapter regarding the influence of the specific time area on the bmep attainable are just as relevant here, as the disc valve merely gives an asymmetrical element to the inlet port area diagrams of Fig. 6.1 for piston-controlled ports. Consequently, Fig. 6.28 shows that it is possible to (i) open the intake port early, thereby taking full advantage of induction over the period when the crankcase experiences a sub-atmospheric pressure, and (ii) shut it early before the piston forces out any trapped air charge on the crankcase compression stroke. Actually, this is an important feature, for the intake pressure wave is weaker by virtue of taking place over a longer time period, and so the ramming wave is not so strong as to provide the vigorous



456



Chapter 6 - Empirical Assistance for the Designer



ramming effect observed for the piston-controlled induction system. In Fig. 5.3 and Fig. 6.28, the angle required to open the port into the engine is represented by (j)p in degrees of crankshaft rotation. The total cutaway angle on the disc is shown as §&. If the disc valve opens at 9dvo°btdc and closes at 0dVc°atdc, then the total opening period is 9max> where: (6.4.1)



Gmax = 9dvo + ^d vc



It is also straightforward geometry to show that the relationship between 0 m a x , p and $ the carburetor flow diameter, dtv, and the disc valve cutaway angle, ty^. They also give the port aspect ratio at the mid-port height. The aspect ratio is defined as width to height, and the designer should attempt to retain it within the band of 1.0 to 1.25 by suitably adjusting the input parameter of (J)p. The gas flow from the (usually) round carburetor exit area to the port area needs a minimum expansion path to follow so that the coefficient of discharge of the junction is as high as possible. A simple guide to follow is to arrange the carburetor flow diameter to be approximately equal to the width of the intake port at mid-height. In the context of the output in Fig. 6.29, for a 125 racing engine, it can be seen that the predicted carburetor diameter is 39 mm, and is 1 mm larger than that found for the reed valve engine in Fig. 6.27 and for the actual engine in Chapter 5. It is common experience that disc valve racing engines need slightly larger carburetors than when reed valves are employed. Note that the dimension, r max , is not the outer diameter of the disc but the outer radius of the port. The actual disc needs an outer diameter that will seal the face of the intake port during the crankcase compression stroke. This will depend on several factors, such as the disc material, its thickness and stiffness, but a value between 2 and 4 mm of overlap in the radial direction would be regarded as adequate and conventional. 6.5 Concluding remarks Having reached this juncture in the book, you will realize that the end of a design cycle has been achieved. The first chapter introduced the subjects in general, the second elaborated on unsteady gas flow, the third on scavenging, the fourth on combustion, the fifth on engine modeling, and this, the sixth, on the assembly of information so that the engine simulation can be performed in a logical manner. It is now up to you to make the next move. Some will want to use the various computer programs as soon as possible, depending on their level of experience or need. Some will want to create computer software from the theory presented in Chapter 2, so that they can become more familiar with unsteady gas flow as a means of understanding engine behavior. Some will acquire engine modeling programs, of the type used to illustrate Chapter 5, to perform the design process for actual engines. The book is liberally sprinkled with the data for all such programs so that the initial runs can be effected by checking that a computer listing has been inserted accurately or that the results tally with those that illustrate this book.
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The most important global view expressed here for you to consider is that the actual engine, like the engine model, uses the "separate" technologies of Chapters 1 to 4 to behave like the paper engines of Chapter 5. The best engine designer is one who can think in terms of a paper engine turning in his mind, each turn bringing images of the effect of changing the unsteady gas flow regime, the scavenging regime, and the combustion regime together with the mutual interaction of each of those effects. This implies a thorough understanding of all of those topics, and the more thorough that understanding, the more complex can be the interaction which the mind will handle. Should one of those topics be missing or poorly understood, then the quality of the mental debate will suffer. It is hoped that the visual imagery provided by the computer programs referenced will accelerate the understanding of all of these topics. As pointed out frequently thus far, our comprehension of many phenomena is in its infancy and it is only thirty-five years on from the general availability of computers and also the black art of much of the 1950s' technology. It behooves the thinking designer to follow and to study the progress of technology through the technical papers which are published in this and related fields of endeavor. The remainder of this book will concentrate on selected specialized topics, and particularly on the future of the design and development of two-stroke engines. References for Chapter 6 6.1 J.L.M. Morrison, B. Crossland, An Introduction to the Mechanics of Machines. 2nd Ed., Longman, London, 1971. 6.2 F.S. Tse, I.E. Morse, R.T. Hinkle, Mechanical Vibrations. Theory and Applications. 2nd Ed., Allyn and Bacon, 1978. 6.3 C. Bossaglia, Two-Stroke High Performance Engine Design and Tuning. Chislehurst and Lodgemark Press, London, 1972. 6.4 H. Naitoh, M. Taguchi, "Some Development Aspects of Two-Stroke Cycle Motorcycle Engines," S AE Paper No. 660394, Society of Automotive Engineers, Warrendale, Pa., 1966. 6.5 H. Naitoh, K. Nomura, "Some New Development Aspects of Two-Stroke Cycle Motorcycle Engines," SAE Paper No. 710084, Society of Automotive Engineers, Warrendale, Pa., 1971. 6.6 J.F.T. MacClaren, S.V. Kerr, "Automatic Reed Valves in Hermetic Compressors," IIR Conference, Commission III, September 1969. 6.7 R.Fleck, "Expanding the Torque Curve of a Two-Stroke Motorcycle Race Engine by Water Injection," SAE Paper No. 931506, Society of Automotive Engineers, Warrendale, Pa., 1993.
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Reduction of Fuel Consumption and Exhaust Emissions 7.0 Introduction Throughout the evolution of the internal-combustion engine, there have been phases of concentration on particular aspects of the development process. In the first major era, from the beginning of the 20th Century until the 1950s, attention was focused on the production of ever greater specific power output from the engines, be they two- or four-stroke cycle power units. To accomplish this, better quality fuels with superior octane ratings were prepared by the oil companies so that engines could run at higher compression ratios without risk of detonation. Further enhancements were made to die fund of knowledge on materials for engine components, ranging from aluminum alloys for pistons to steels for needle roller bearings, so that high piston speeds could be sustained for longer periods of engine life. This book thus far has concentrated on the vast expansion of the knowledge base on gas dynamics, thermodynamics and fluid mechanics which has permitted the design of engines to take advantage of the improvements in materials and tribology. Each of these developments has proceeded at an equable pace. For example, if a 1980s racing engine had been capable of being designed in 1920, it would have been a case of self-destruction within ten seconds of start-up due to the inadequacies of the fuel, lubricant, and materials from which it would have been assembled at that time. However, should it have lasted for any length of time, at that period in the 1920s, the world would have cared little that its fuel consumption rate was excessively high, or that its emission of unburned hydrocarbons or oxides of nitrogen was potentially harmful to the environment! The current era is one where design, research and development is increasingly being focused on the fuel economy and exhaust emissions of the internal-combustion engine. The reasons for this are many and varied, but all of them are significant and important. The world has a limited supply of fossil fuel of the traditional kind, i.e., that which emanates from prehistorical time and is available in the form of crude oil capable of being refined into the familiar gasoline or petrol, kerosene or paraffin, diesel oil and lubricants. These are the traditional fuels of the internal-combustion engine and it behooves the designer, and the industry which employs him or her, to develop more efficient engines to conserve that dwindling fossil fuel reserve. Apart from ethical considerations, many governments have enacted legislation setting limits on fuel consumption for various engine applications.
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Design and Simulation of Two-Stroke Engines The population of the world has increased alarmingly, due in no small way to a more efficient agriculture which will feed these billions of humans. That agricultural system, and the transportation systems which back it up, are largely efficient due to the use of internal combustion engine-driven machinery of every conceivable type. This widespread use of internal-combustion engines has drawn attention to the exhaust emissions from its employment, and in particular to those emissions that are harmful to the environment and the human species. For example, carbon monoxide is toxic to humans and animals. The combination of unburned hydrocarbons and nitrogen oxides, particularly in sunlight, produces a visible smog which is harmful to the lungs and the eyes. The nitrogen oxides are blamed for the increased proportion of the rainfall containing acids which have a debilitating effect on trees and plant growth in rivers and lakes. Unburned hydrocarbons from marine engines are thought to concentrate on the beds of deep lakes, affecting in a negative way the natural development of marine life. The nitrogen oxides are said to contribute to the depletion of the ozone layer in the upper atmosphere, which potentially alters the absorption characteristics of ultraviolet light in the stratosphere and increases the radiation hazard on the earth's surface. There are legitimate concerns that the accumulation of carbon dioxide and hydrocarbon gases in the atmosphere increases the threat of a "greenhouse effect" changing the climate of the Earth. One is tempted to ask why it is the important topic of today and not yesterday. The answer is that the engine population is increasing faster than people, and so too is the volume of their exhaust products. All power units are included in this critique, not just those employing reciprocating IC engines, and must also encompass gas turbine engines in aircraft and fossil fuelburning, electricity-generating stations. Actually, the latter are the largest single source of exhaust gases into the atmosphere. The discussion in this chapter will be in two main segments. The first concentrates on the reduction of fuel consumption and emissions from the simple, or conventional, two-stroke engine which is found in so many applications requiring an inexpensive but high specific output powerplant such as motorcycles, outboard motors and chainsaws. There will always be a need for such an engine and it behooves the designer to understand the methodology of acquiring the requisite performance without an excessive fuel consumption rate and pollutant exhaust emissions. The second part of this chapter will focus on the design of engines with fuel consumption and exhaust pollutant levels greatly improved over that available from the "simple" engine. Needless to add, this involves some further mechanical complexity or the use of expensive components, otherwise it would be employed on the "simple" engine. As remarked in Chapter 1, the two-stroke engine, either compression or spark ignition, has an inherently low level of exhaust emission of nitrogen oxides, and this makes it fundamentally attractive for future automobile engines provided that the extra complexity and expense involved does not make the two-stroke powerplant non-competitive with the four-stroke engine. Before embarking on the discussion regarding engine design, it is necessary to expand on the information presented in Chapter 4 on combustion, particularly relating to the fundamental effects of air-fuel ratio on pollutant levels and to the basic differences inherent in homogeneous and stratified charging, and homogeneous and stratified combustion.
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Chapter 7 • Reduction of Fuel Consumption and Exhaust Emissions 7.1 Some fundamentals of combustion and emissions The fundamental material regarding combustion is covered in Chapter 4, but there remains some discussion which is specific to this chapter and the topics therein. The first is to reiterate the origins of exhaust emission of unburned hydrocarbons and nitrogen oxides from the combustion process, first explained in Chapter 4. Recall the simple chemical relationship posed in Eq. 4.3.3 for the stoichiometric combustion of air and gasoline, and the discussion wherein it is stressed that the combustion of fuel and air occurs with vaporized fuel and air, but not liquid fuel and air. The stoichiometric combustion equation is repeated here and expanded to include the unburned HC and NO x emissions. CH n + ^ m ( 0 2 + kN 2 ) = x}CO + x 2 C 0 2 + x 3 H 2 0 + x 4 0 2 +x 5 H 2 + x 6 N 2 + x 7 CH b + x 8 NO x



,y j jx



It is shown in Chapter 4 that dissociation [4.1] will permit the formation of CO emission simply as a function of the presence of carbon and oxygen at high temperatures. This is also true of hydrocarbons, shown above as CHb, or of oxides of nitrogen, shown as NO x in the above equation. Nevertheless, the major contributor to CO and HC emission is from combustion of mixtures which are richer than stoichiometric, i.e., when there is not enough oxygen present to fully oxidize all of the fuel. Hydrocarbons are formed by other mechanisms as well. The flame may quench in the remote corners and crevices of the combustion chamber, leaving the fuel there partially or totally unburned. Lubricating oil may be scraped into the combustion zone and this heavier and more complex hydrocarbon molecule burns slowly and incompletely, usually producing exhaust particulates, i.e., a visible smoke in the exhaust plume. A further experimental fact is the association of nitrogen with oxygen to form nitrogen oxides, NO x , and this undesirable behavior becomes more pronounced as the peak combustion temperature is increased at higher load levels or is focusea around the stoichiometric airto-fuel ratio, as shown clearly in Appendices A4.1 and A4.2. It is quite clear from the foregoing that, should the air-fuel ratio be set correctly for the combustion process to the stoichiometric value, even an efficient combustion system will still have unburned hydrocarbons, carbon monoxide, and actually maximize the nitrogen oxides, in the exhaust gas from the engine. Should the air-fuel ratio be set incorrectly, either rich or lean of the stoichiometric value, then the exhaust pollutant levels will increase; except NO x which will decrease! If the air-fuel mixture is very lean so that the flammability limit is reached and misfire takes place, then the unburned hydrocarbon and the carbon monoxide levels will be considerably raised. It is also clear that the worst case, in general, is at a rich airfuel setting, because both the carbon monoxide and the unburned hydrocarbons are inherently present on theoretical grounds. It is also known, and the literature is full of technical publications on the subject, that the recirculation of exhaust gas into the combustion process will lower the peak cycle temperature and act as a damper on the production of nitrogen oxides. This is a standard technique for production four-stroke automobile engines to allow them to meet legislative requirements for
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Design and Simulation of Two-Stroke Engines nitrogen oxide emissions. In this regard, the two-stroke engine is ideally suited for this application, for the retention of exhaust gas is inherent from the scavenging process. This natural scavenging effect, together with the lower peak cycle temperature due to a firing stroke on each cycle, allows the two-stroke engine to produce much reduced nitrogen oxide exhaust emissions at equal specific power output levels. Any discussion on exhaust emissions usually includes a technical debate on catalytic after-treatment of the exhaust gases for their added purification. In this chapter, there is a greater concentration on the design methods to attain the lowest exhaust emission characteristics before any form of exhaust after-treatment is applied. As a postscript to this section, there may be those who will look at the relatively tiny proportions of the exhaust pollutants in Eq. 7.1.1 and wonder what all the environmental, ecological or legislative fuss is about in the automotive world at large. Let them work that equation into yearly mass emission terms for each of the pollutants in question for the annual consumption of many millions of tons of fuel per annum. The environmental problem then becomes quite self-evident! 7.1.1 Homogeneous and stratified combustion and charging The combustion process can be conducted in either a homogeneous or stratified manner, and an introduction to this subject is given in Sec. 4.1. The words "homogeneous" and "stratified" in this context define the nature of the mixing of the air and fuel in the combustion chamber at the period of the flame propagation through the chamber. A compression-ignition or diesel engine is a classic example of a stratified combustion process, for the flame commences to burn in the rich environment of the vaporizing fuel surrounding the droplets of liquid fuel sprayed into the combustion chamber. A carburetted, four-stroke cycle, sparkignition engine is the classic example of a homogeneous combustion process, as the air and fuel at the onset of ignition are thoroughly mixed together, with the gasoline in a gaseous form. Both of the above examples give rise to discussion regarding the charging of the cylinder. In the diesel case, the charging of the cylinder is conducted in a stratified manner, i.e., the air and the fuel enter the combustion chamber separately and any mixing of the fuel and air takes place in the combustion space. As the liquid fuel is sprayed in some 35° before tdc, it cannot achieve homogeneity before the onset of combustion. In the carburetted, spark-ignition, fourstroke cycle engine, the charging of the engine is conducted in a homogeneous fashion, i.e., all of the required air and fuel enter together through the same inlet valve and are considered to be homogeneous, even though much of the fuel is still in the liquid phase at that stage of the charging process. It would be possible in the case of the carburetted, four-stroke cycle engine to have the fuel and air enter the cylinder of the engine in two separate streams, one rich and the other a lean air-fuel mixture, yet, by the onset of combustion, be thoroughly mixed together and burn as a homogeneous combustion process. In short, the charging process could be considered as stratified and the combustion process as homogeneous. On the other hand, that same engine could be designed, viz the Honda CVCC automobile power unit, so that the rich and lean airfuel streams are retained as separate entities up to the point of ignition and the combustion
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process is also carried out in a stratified manner. The main point behind this discussion is to emphasize the following points: (i) If a spark-ignition engine is charged with air and fuel in a homogeneous manner, the ensuing combustion process is almost inevitably a homogeneous combustion process. (ii) If an engine is charged with air and fuel in a stratified manner, the ensuing combustion process is possibly, but not necessarily, a stratified combustion process. In the analysis conducted in Sec. 4.3 for the combustion of gasoline, the air-fuel ratio is noted as the marker of the relationship of that combustion process to the stoichiometric, or ideal. You can interpret that as being the ratio of the air and fuel supply rates to the engine. This will be perfectly accurate for a homogeneous combustion process, but can be quite misleading for a design where stratified charging is taking place. Much of the above discussion is best explained by the use of a simple example illustrated in Fig. 7.1. The "engine" in the example is one where the combustion space can contain, or be charged with, 15 kg of air. Consider the "engine" to be a spark-ignition device and the discussion is equally pertinent for both two-stroke and four-stroke cycle engines. COMBUSTION SPACE



COMBUSTION SPACE INLET DUCT 1 kg OCTANE 15 kg AIR AFR=15



INLET DUCT 1 kg OCTANE 15 kg AIR AFR=15



(a1) HOMOGENEOUS CHARGING



(b1) HOMOGENEOUS BURNING



COMBUSTION ZONE INLET No.1 0.75 kg OCTANE 7.5 kg AIR AFR=10
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INLET No.2 0.25 kg OCTANE 7.5 kg AIR AFR=30
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COMBUSTION ZONE BURN ZONE 0.75 kg OCTANE 11.25 kg AIR AFR=15
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(a3) STRATIFIED CHARGING



(b3) STRATIFIED BURNING



Fig. 7.1 Homogeneous and stratified charging and combustion.
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Design and Simulation of Two-Stroke Engines At a stoichiometric air-fuel ratio for gasoline, this means that a homogeneously charged engine, followed by a homogeneous combustion process, would ingest 1 kg of octane with the air. This situation is illustrated in Fig. 7.1(al) and (bl). The supplied air-fuel ratio and that in the combustion space are identical at 15. If the engine had stratified charging, but the ensuing mixing process is complete followed by homogeneous combustion, then the situation is as illustrated in Fig. 7.1(a2) and (b2). Although one of the entering air-fuel streams has a rich air-fuel ratio of 10 and the other is lean at 30, the overall air-fuel ratio is 15, as is the air-fuel ratio in the combustion space during burning. The supplied air-fuel ratio and that in the combustion space are identical at 15. In effect, the overall behavior is much the same as for homogeneous charging and combustion. If the engine has both stratified charging and combustion, then the situation portrayed in Fig. 7.1(a3) and (b3) reveals fundamental differences. At an equal "delivery ratio" to the previous examples, the combustion space will hold 15 kg of air. This enters in a stratified form with one stream rich at an air-fuel ratio of 10 and the second containing no fuel at all. Upon entering the combustion space, not all of the entering air in the second stream mixes with the rich air-fuel stream, but a sufficient amount does to create a "burn zone" with a stoichiometric mixture at an air-fuel ratio of 15. This leaves 3.75 kg of air unburned which exits with the exhaust gas. The implications of this are: (i) The overall or supplied air-fuel ratio is 20, which gives no indication of the air-fuel ratio during the actual combustion process and is no longer an experimental measurement which can be used to help optimize the combustion process. For example, many current production (four-stroke) automobile engines have "engine management systems" which rely on the measurement of exhaust oxygen concentration as a means of electronically controlling the overall air-fuel ratio to precisely the stoichiometric value, (ii) The combustion process would release 75% of the heat available in the homogeneous combustion example, and it could be expected that the bmep and power output would be similarly reduced. In the technical phrase used to describe this behavior, the "air-utilization" characteristics of stratified combustion are not as efficient as homogeneous combustion. The diesel engine is a classic example of this phenomenon, where the overall air-fuel ratio for maximum thermal efficiency is usually some 30% higher than the stoichiometric value, (iii) The exhaust gas will contain a significant proportion of oxygen. Depending on the exhaust after-treatment methodology, this may or may not be welcome, (iv) The brake specific fuel consumption will be increased, i.e., the thermal efficiency will be reduced, all other parameters being equal. The imep attainable is lower with the lesser fuel mass burned and, as the parasitic losses of friction and pumping are unaffected, the bsfc and the mechanical efficiency deteriorate. (v) An undesirable combustion effect can appear at the interface between the burned and unburned zones. Tiny quantities of aldehydes and ketones are produced as the flame dies at the lean interface or in the end zones, and although they would barely register as pollutants on any instrumentation, the hypersensitive human nose records them as unpleasant odors [4.4]. Diesel engine combustion suffers from this complaint.
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Chapter 7 - Reduction of Fuel Consumption and Exhaust Emissions The above discussion may appear as one of praise for homogeneous combustion and derision of stratified combustion. Such is not the case, as the reality for the two-stroke engine is that stratified charging, and possibly also stratified combustion, will be postulated in this chapter as a viable design option for the reduction of fuel consumption and exhaust emissions. In that case, the goal of the designer becomes the maximization of air-utilization and the minimization of the potentially undesirable side-effects of stratified combustion. On the bonus side, the simple ported two-stroke engine has that which is lacking in the four-stroke cycle powerplant, namely an uncluttered cylinder head zone for the design and creation of an optimum combustion space. 7.2 The simple two-stroke engine This engine has homogeneous charging and combustion and is spark-ignited, burning a volatile fuel such as gasoline, natural gas or kerosene. It is commonly found in a motorcycle, outboard motor or industrial engine and the fuel metering is conventionally via a carburetor. In general, the engine has fresh charge supplied via the crankcase pump. Indeed, the engine would be easily recognized by its inventor, Sir Dugald Clerk, as still embodying the modus operandum he envisaged; he would, it is suspected, be somewhat astonished at the level of specific power output that has been achieved from it at this juncture in the 20th Century! The operation of this engine has been thoroughly analyzed in earlier chapters, and repetition here would be just that. However, to achieve the optimum in terms of fuel consumption or exhaust emissions, it is necessary to re-examine some of those operating characteristics. This is aided by Fig. 7.2. The greatest single problem for the simple engine is the homogeneous charging, i.e., scavenging, of the cylinder with fuel and air. By definition, the scavenging process can never be "perfect" in such an engine because the exhaust port is open as fresh charge is entering the cylinder. At best, the designer is involved in a damage limitation exercise. This has been discussed at length in Chapter 3 and further elaborated on in Chapter 5 by the use of a computer model of the engine which incorporates a simulation of the scavenging process. It is proposed to debate this matter even further so that the designer is familiar with all of the available options for the improvement of those engine performance characteristics relating to fuel economy and exhaust emissions. Linked to the scavenging problem is the necessity to tailor the delivery ratio curve of the engine to suit the application. Any excess delivery ratio over that required results in merely pumping air and fuel into the exhaust system. One of the factors within design control is exhaust port timing and/or exhaust port area. Many engines evolve or are developed with the peak power performance requirement at the forefront of the process. Very often the result is an exhaust port timing that is excessively long even for that need. The end product is an engine with poor trapping characteristics at light load and low speed, which implies poor fuel economy and exhaust emissions. This subject will be debated further in this chapter, particularly as many of the legislative tests for engines are based on light load running as if the device were used as an automotive powerplant in an urban environment. Equally, the designer should never overlook the possibility of improving the trapping efficiency of any engine by suitable exhaust pressure wave tuning; this matter is fully covered in Chapters 2 and 5. Every 10% gain in trapping pressure is at least a 10% 469
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Fig. 7.2 The fuel consumption and emissions problem of the simple two-stroke engine. reduction in bsfc and an even larger proportionate improvement in hydrocarbon exhaust emissions. Together with scavenging and delivery ratio there is the obvious necessity of tailoring the air-fuel ratio of the supplied charge to be as close to the stoichiometric as possible. As a 10% rich mixture supplies more power at some minor expense in bsfc, the production engine is often marketed with a carburetor set at a rich mixture level, more for customer satisfaction than for necessity. Legislation on exhaust emissions will change that manufacturing attitude in the years ahead, but the designer is often presented by a cost-conscious management with the simplest and most uncontrollable of carburetors as part of a production package beyond designer influence. The air-fuel ratio control of some of these mass-produced cheap carburetors is very poor indeed. That this can be rectified, and not necessarily in an expensive fashion, is evident from the manufacturing experience of the automobile industry since the socalled "oil crisis" of 1973 [7.51]. Many of the simplest engines use lubricant mixed with the gasoline as the means of engine component oiling. In Great Britain this is often referred to as "petroil" lubrication. For many years, the traditional volumetric ratio of gasoline to oil was 25 or 30. Due to legislative pressure, particularly in the motorcycle and outboard field, this ratio is much leaner today, between 50 and 100. This is due to improvements in both lubricants and engine materials. For many applications, separate, albeit still total-loss lubrication methods, are employed with oil pumps supplying lubricant to selected parts of the engine. This allows gasoline-oil ratios to be varied from 200 at light loads to 100 at full load. This level of oiling would be closely aligned with that from equivalent-sized four-stroke cycle engines. It behooves the designer to con-
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Chapter 7 - Reduction of Fuel Consumption and Exhaust Emissions tinually search for new materials, lubricants and methods to further reduce the level of lubricant consumption, for it is this factor that influences the exhaust smoke output from a twostroke engine at cold start-up and at light load. In this context, the papers by Fog et al. [7.22] and by Sugiura and Kagaya [7.25] should be studied as they contain much practical information. One of the least understood design options is the bore-stroke ratio. Designers, like the rest of the human species, are prone to fads and fashions. The in-fashion of today is for oversquare engines for any application, and this approach is probably based on the success of oversquare engines in the racing field. Logically speaking, it does not automatically follow that it is the correct cylinder layout for an engine-driven, portable, electricity-generating set which will never exceed 3000 or 3600 rpm. If the application of the engine calls for its extensive use at light loads and speeds, such as a motorcycle in urban traffic or trolling for fish with an outboard motor, then a vitally important factor is the maintenance of the engine in a "two-stroke" firing mode, as distinct from a "four-stroke" firing mode. This matter is introduced in Sec. 4.1.3. Should the engine skip-fire in the manner described, there is a very large increase in exhaust hydrocarbon emissions. This situation can be greatly improved by careful attention during the development phase to combustion chamber design, spark plug location and spark timing. Even further gains can be made by exhaust port timing and area control, perhaps leading to the incorporation of "active radical" combustion to solve this particular problem, and this option should never be neglected by the designer [4.34, 7.27]. In summary, the optimization of the simple two-stroke engine to meet performance and exhaust emission targets can be subdivided as follows: (i) Optimize the bore-stroke ratio. (ii) Optimize the scavenging process. (iii) Optimize the delivery ratio. (iv) Optimize the port timings and areas. (v) Optimize the air-to-fuel ratio. (vi) Optimize the combustion process. (vii) Optimize unsteady gas-dynamic tuning. (viii) Optimize the lubrication requirements. (ix) Optimize the pumping and mechanical losses. To satisfy many of the design needs outlined above, the use of a computer-based simulation of the engine is ideal. The engine models presented in Chapter 5 will be used in succeeding sections to illustrate many of the points made above and to provide an example for the designer that such models are not primarily, or solely, aimed at design for peak specific power performance. 7.2.1 Typical performance characteristics of simple engines Before embarking on the improvement of the exhaust emission and fuel economy characteristics of the simple two-stroke engine, it is important to present and discuss some typical measured data for such engines. In Chapter 4, on combustion, the discussion focuses on the origins of the emissions of carbon monoxide, nitric oxide, oxygen, carbon dioxide, and hydrogen, as created by that
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combustion process. Appendix A4.1 showed how hydrocarbon emissions due to scavenge losses may also be included with those emanating from combustion. Both types of gaseous emission creation are incorporated into the GPB simulation system. However, the use of simulation for design purposes is possible only if the computer model can be shown to provide similar trends to the measurements for the computed emissions, so calculations are presented to reinforce this point. 7.2.1.1 Measured performance data from a QUB 400 research engine The first set of data to be presented is from the QUB 400 single-cylinder research engine [1.20]. This engine is water cooled with very good scavenging characteristics approaching that of the SCRE cylinder shown in Figs. 3.12. 3.13 and 3.18. The bore and stroke are 85 and 70 mm, respectively, and the exhaust, transfer and inlet ports are all piston-controlled with timings of 96° atdc, 118° and 60°, respectively. The engine speed selected for discussion is 3000 rpm and the measured performance characteristics at that engine speed are given here as Figs. 7.3-7.8. Figs. 7.3-7.5 are at full throttle and Figs. 7.6-7.8 are at 10% throttle opening area ratio. In each set are data, as a function of air-fuel ratio, for bmep, bsfc, unburned hydrocarbon emissions as both ppm and bsHC values, and carbon monoxide and oxygen exhaust emission levels. It is worth noting that this engine employs a simple exhaust muffler and so has no exhaust pressure wave tuning to aid the trapping efficiency characteristic. Therefore, the performance characteristics attained are due solely to the design of the porting, scavenging, and combustion chamber. The engine does not have a high trapped compression ratio as the CRt value is somewhat low at 6.7. Even without exhaust pressure wave tuning, that this is not a low specific power output engine is evident from the peak bmep level of 6.2 bar at 3000 rpm.
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AIR-FUEL RATIO Fig. 7.3 Air-fuel ratio effect on bmep and bsfc at full throttle.
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AIR-FUEL RATIO Fig. 7.4 Air-fuel ratio effect on HC emissions at full throttle.
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AIR-FUEL RATIO Fig. 7.5 Air-fuel ratio effect on CO and 02 emission at full throttle.



Consider the measured data around the stoichiometric air-fuel ratio of 15. That this simple two-stroke engine must have good scavenging characteristics is seen from the hydrocarbon emission levels, which are at 80 g/kWh (NDIR) at full throttle and 17 g/kWh (NDIR) at a light load of 2.65 bar bmep. These probably translate into total HC emission figures, as would be measured by a FID system and as debated in Sec. 1.6.2, to 135 g/kWh and 29 g/kWh, respectively. The raw HC emission data (hexane) are 4200 ppm and 1250 ppm, respectively. The
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AIR-FUEL RATIO Fig. 7.6 Air-fuel ratio effect on bmep and bsfc at 10% throttle.
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AIR-FUEL RATIO Fig. 7.7 Air-fuel ratio effect on HC emissions at 10% throttle. bsfc is very low at 0.40 kg/kWh at 6.2 bar bmep and 0.30 kg/kWh at 2.65 bar bmep. The carbon monoxide level is also low at 0.2% by volume at full throttle and 0.1% at one-tenth throttle; while low CO values are to be expected close to the stoichiometric air-to-fuel ratio, these values are sufficiently low as to indicate very good combustion, and would be remarkably low for any four-stroke cycle engine. The oxygen emission is 7.5% at full throttle and 3% at one-tenth throttle; remember that the majority of the oxygen emission derives from the
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m DC < O AIR-FUEL RATIO Fig. 7.8 Air-fuel ratio effect on CO and O2 emissions at 10% throttle. air lost during the scavenge process with about 1 % coming from the inefficiency of the combustion process. These are probably the best fuel consumption and emission values recorded on a simple engine at QUB, particularly for an engine capable of 6.2 bar bmep without exhaust tuning. By comparing notes with colleagues in industrial circles, it is probable that these figures represent a "state-of-the-art" position for a simple, single-cylinder, two-stroke engine at this point in history. The levels of fuel economy and exhaust emissions at the lighter load point of 2.65 bar bmep would be regarded as particularly impressive, and there would be four-stroke cycle engines which could not improve on these numbers. It is noticeable that the carbon monoxide levels are at least as low as those from four-stroke cycle engines, but this is the one data value which truly emanates from the combustion process alone and is not confused by intervening scavenging losses. Nevertheless, the values of hydrocarbon emission are, by automotive standards, very high. The raw value of HC emission caused by combustion inefficiency alone should not exceed 400 ppm, yet it is 4200 ppm at full load. This is a measure of the ineffectiveness of homogeneous charging, i.e., scavenging, of the simple two-stroke engine. It forever rules out the use of simple two-stroke engines in automotive applications against a background of legislated emissions levels. To reinforce these comments, recall from Sec. 1.6.3 that exhaust oxygen concentration can be used to compute trapping efficiency, TE. The data sets shown in Figs. 7.5 and 7.8 would yield a TE value of 0.6 at full throttle and i 0.86 at one-tenth throttle. This latter is a remarkably high figure and attests to the excellence of the scavenge design. What these data imply, however, is that if the fuel were not short-circuited with the air, and all other engine behavioral factors remained as they were, the exhaust HC level could possibly be about 350 ppm, but the full throttle bsfc would actually become 240 g/kWh and the one-tenth throttle bsfc would be at 260 g/kWh. These would be exceptional bsfc values by any standards and
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Design and Simulation of Two-Stroke Engines they illustrate the potential attractiveness of an optimized two-stroke engine to the automotive industry. To return to the discussion regarding simple two-stroke engines, Figs. 7.3-7.8 should be examined carefully in light of the discussion in Sec. 7.1.1 regarding the influence of air-fuel ratio on exhaust pollutant levels. As carbon monoxide is the one exhaust gas emission not distorted in level by the scavenging process, it is interesting to note that the theoretical predictions provided by the equations in Sec. 4.3 for stoichiometric, rich, and lean air-fuel ratios are quite precise. In Fig. 7.5 the CO level falls linearly with increasing air-fuel ratio and it levels out at the stoichiometric value. At one-tenth throttle in Fig. 7.8, exactly the same trend occurs. The theoretical postulations in terms of the shape of the oxygen curve are also observed to be borne out. In Fig. 7.5 the oxygen profile is flat until the stoichiometric air-fuel ratio, and increases linearly after that point. The same trend occurs at one-tenth throttle in Fig. 7.8, although the flat portion of the curve ends at an air-to-fuel ratio of 14 rather than at the stoichiometric level of 15. The brake specific fuel consumption and the brake specific hydrocarbon emission are both minimized at, or very close to, the stoichiometric air-fuel ratio. All of the theoretical predictions from the relatively simple chemistry described in Sec. 4.3 are shown to be relevant. In short, for the optimization of virtually any performance characteristic, the simple two-stroke engine should be operated as close to the stoichiometric air-fuel ratio as possible within the limits of the mechanical reliability of the components or of the onset of detonation. The only exception is maximum power or torque, where the optimum air-fuel ratio is observed to be at 13, which is about 13% rich of the stoichiometric level. 7.2.1.2 Typical performance maps for simple two-stroke engines It is necessary to study the more complete performance characteristics for simple twostroke engines so that you are aware of the typical characteristics of such engines over the complete load and speed range. Such performance maps are presented in Figs. 7.9-7.11 from the publication by Batoni [7.1] and in Fig. 7.12 from the paper by Sato and Nakayama [7.2]. The experimental data from Batoni [7.1] In Figs. 7.9-7.11 the data are measured for a 200 cc motor scooter engine which has very little exhaust tuning to assist with its charge trapping behavior. The engine is carburetted and spark-ignited, and is that used in the familiar Vespa motor scooter. The units for brake mean effective pressure, bmep, are presented as kg/cm2 where 1 kg/cm2 is equivalent to 0.981 bar. The units of brake specific fuel consumption, bsfc, are presented as g/hp.hr where 1 g/hp.hr is equivalent to 0.746 g/kWh. The bmep from this engine has a peak of 4.6 bar at 3500 rpm. Observe that the best bsfc occurs at 4000 rpm at about 50% of the peak torque and is a quite respectable 0.402 kg/kWh. Below the 1 bar bmep level the bsfc deteriorates to 0.67 kg/kWh. The map has that general profile which causes it to be referred to in the jargon as an "oyster" map. The carbon monoxide emission map has a general level between 2 and 6%, which would lead one to the conclusion, based on the evidence in Figs. 7.5 and 7.8, that the air-fuel ratio used in these experimental tests was in the range of 12 to 13. By the standards of equivalent
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F/g. 7.9 Fuel consumption map for a 200 cc two-stroke engine (from Ref. [7.1]).
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Fig. 7.10 Carbon monoxide emission map for a 200 cc two-stroke engine (from Ref. [7.1]).
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Fig. 7.11 Hydrocarbon map for a 200 cc two-stroke engine (from Ref. [7.1]). four-stroke cycle engines, this level of CO emission would be quite normal or even slightly superior to it. The hydrocarbon emission map, which has units in ppm from a NDIR measurement system, is directly comparable with Figs. 7.4 and 7.7, and exhibits values which are not dissimilar from those recorded for the QUB 400 engine. To be more specific, it would appear that the hydrocarbon emission levels from a simple two-stroke engine will vary from 5000 ppm at full load to 1500 ppm at light load; note that the levels quoted are those recorded by NDIR instrumentation. The recording of unburned hydrocarbons and other exhaust emission levels is discussed earlier in Sec. 1.6.2. As the combustion process is responsible for 300-400 ppm of those hydrocarbon emissions, it is clear that the scavenging process is responsible for the creation of between three and ten times the HC emission level which would be produced by an equivalent four-stroke cycle power unit. In general, the best fuel economy and emissions occur at load levels considerably less than the peak value. This is directly attributable to the trapping characteristic for fresh charge in a homogeneously scavenged engine. The higher the scavenge ratio (whether the particular scavenging process is a good one or a bad one), the greater the load and power, but the lower the trapping efficiency. The experimental data from Sato and Nakayama [7.2] As the QUB 400 and the Batoni data do not contain information on nitrogen oxide emission, it is important that measurements are presented to provide you with the position occupied by the simple two-stroke engine in this regard. Such data have been provided by quite a
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few researchers, all of them indicating very low nitrogen oxide emission by a two-stroke powerplant. The data of Sato and Nakayama [7.2] are selected because they are very representative, are in the form of a performance engine speed map, and refer to a simple carburetted two-stroke engine with a cylinder capacity of 178 cc. The actual engine has two cylinders, each of that capacity, and is employed in a snowmobile. Although the air-to-fuel ratio is not stated, it is probably at an equivalence ratio between 0.85 and 0.9, which would be common practice for such engines. The measured data are given in Fig. 7.12. As would be expected, the higher the load or bmep, the greater the peak cycle temperature and the level of the oxides of nitrogen. The values are shown as NO equivalent and measured as ppm on NDIR instrumentation. The highest value shown is at 820 ppm, the lowest is at 60 ppm, and the majority of the performance map is in the range from 100 to 200 ppm. This is much lower than that produced by the equivalent four-stroke engine, perhaps by as much as a factor of eight. It is this inherent characteristic, introduced earlier in Sec. 7.1.1, that has attracted several automobile manufacturers to indulge in research and development of two-stroke engines; this will be discussed further in later sections of this chapter, but it will not be a "simple" two-stroke engine which is developed for such a market requirement as its HC emissions are unacceptably high.



Fig. 7.12 Nitrogen oxide emission map for a 178 cc two-stroke engine (from Ref. [7.2]).



The theoretical simulation of a chainsaw and its exhaust emissions In Chapter 4, in Sec. 5.5.1, and in Figs. 5.9-5.13, the computer simulation is shown to provide accurate correlation with the measured performance characteristics. The physical geometry of that engine is described in detail in that section. Here, the simulation is repeated at a single engine speed of 7200 rpm and the air-to-fuel ratio varied from 11.5 to 16.0. The results of the chainsaw simulation at full throttle are given in Figs. 7.13-7.15 and are directly comparable with the measured data in Figs. 7.3-7.5 for the QUB 400 engine. In Fig. 7.13, the best torque is at an AFR of 12 and best bsfc at an AFR of 15.5; the trends are almost identical to the measured data in Fig. 7.3. In Fig. 7.14, the hydrocarbon emissions can be
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AIR-TO-FUEL RATIO Fig. 7.13 Simulation of effect ofAFR on chainsaw performance.
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AIR-TO-FUEL RATIO Fig. 7.14 Simulation of effect of AFR on chainsaw HC emissions. compared with the profile of the measured data in Fig. 7.4; the rise in bsHC after the stoichiometric point is visible in both diagrams, whereas the total hydrocarbons continue to decline. In Fig. 7.15 the carbon monoxide emissions calculated are virtually identical to the profile of the measured values in Fig. 7.5 as the bsCO is seen to approach zero by the stoichiometric point; the oxygen content in the exhaust is near constant until just before the stoichiometric position and then increases thereafter. It is this constant oxygen content in the exhaust gas at rich air-to-fuel ratios, emanating from lost scavenge air flow, which is the basis for the estimation of trapping efficiency described in Sec. 1.6.3.
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AIR-TO-FUEL RATIO Fig. 7.15 Simulation of effect ofAFR on CO and O2 emissions. The results of the chainsaw simulation at part throttle are given in Figs. 7.16-7.18 and are directly comparable with the measured data in Figs. 7.6-7.8 for the QUB 400 engine. The delivery ratio at a throttle area ratio, Cthr» of 0.15 has fallen to 0.30 from the full throttle value of 0.55. Actually, the "full throttle" condition has a throttle area ratio, Cthr» of 0.6, for this engine uses a diaphragm carburetor with significant obstruction from the throttle and choke butterfly plates at the venturi. The simulation value of delivery ratio of 0.30 is very comparable with the DR of 0.274 for the QUB 400 research engine. In Fig. 7.16, the best torque is at an AFR of 11.5 and best bsfc at an AFR of 15.5; thus the trends are very similar to the measured data in Fig. 7.6. In Fig. 7.17, the hydrocarbon emissions can be compared with
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Fig. 7.16 Simulation of effect of AFR on part-throttle performance.
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AIR-TO-FUEL RATIO Fig. 7.17 Simulation of effect ofAFR on part-throttle HC emissions.
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AIR-TO-FUEL RATIO Fig. 7.18 Simulation of effect ofAFR on part-throttle CO and O2 emissions. measured data in Fig. 7.7: the rise in bsHC after the stoichiometric point is visible in both diagrams, but that from the simulation shows greater variability, in part visually due to the scale chosen for that graph. The total hydrocarbons level off after the stoichiometric point and this effect is also seen from the simulated data. In Fig. 7.18, the carbon monoxide emissions calculated are identical to the profile of the measured values in Fig. 7.8. The calculated oxygen content in the exhaust is similar in profile to that measured in Fig. 7.8.
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Chapter 7 - Reduction of Fuel Consumption and Exhaust Emissions The results of the simulation, either in magnitude or in profile, are sufficiently close to those measured that the simulation can be employed in the design mode with some considerable degree of confidence that its predictions are suitably relevant and accurate. The energy content in exhaust gas emissions Exhaust gas which contains carbon monoxide and hydrocarbons is transmitting energy originally contained within the fuel into the exhaust system and the atmosphere. This energy content, Q e x , is determined from the power output, W, the specific hydrocarbon emission rate, bsHC, the specific carbon monoxide emission rate, bsCO, the calorific value of the fuel, CfiHC> and the calorific value of carbon monoxide, Cfico They are related thus, in conventionally employed units, where the units of power output are kW, bsCO and bsHC are g/kWh, and the calorific values of carbon monoxide and the fuel are expressed as MJ/kg: W Qex = — (Cfico x 3.6



bsCO



+ CflHcbsHC)



W



(7.2.1)



As a typical example of the simple two-stroke engine, consider an engine with a power output of 4 kW, specific carbon monoxide and hydrocarbon emission rates of 160 and 120 g/kWh, respectively, and with fuel and carbon monoxide calorific values of 43 and 10 MJ/kg, respectively. The exhaust energy content is found by: W Qex = —(CflCO x bsCO + CflHcbsHC) 3.6 = — ( 1 0 x 1 6 0 + 43x120) = 7511 W 3.6 Observe that this amounts to 7.5 kW, or nearly twice the power output of the engine. The energy being "thrown away" in this fashion is insupportable in the environmental context. Should this energy be realized in the exhaust system, either by a reactor or by a catalyst, the very considerable heat output would raise the exhaust gas temperature by many hundreds of degrees. 7.3 Optimizing fuel economy and emissions for the simple two-stroke engine In Sec. 7.2, the problems inherent in the design of the simple two-stroke engine are introduced and typical performance characteristics are presented. Thus, you are now aware of the difficulty of the task which is faced, for even with the best technology the engine is not going to be competitive with a four-stroke engine in terms of hydrocarbon emission. In all other respects, be it specific power, specific bulk, specific weight, maneuverability, manufacturing cost, ease of maintenance, durability, fuel consumption, or CO and NO emissions, the simple two-stroke engine is equal, and in some respects superior, to its four-stroke competitor. There may be those who will be surprised to see fuel consumption in that list, but investigation shows that small-capacity four-stroke engines are not particularly thermally efficient. The
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Design and Simulation of Two-Stroke Engines reason is that the friction losses of the valve gear and oil pump begin to assume considerable proportions as the cylinder size is reduced, and this significantly deteriorates the mechanical efficiency of the engine. In Sec. 7.2 there are options listed which are open to the designer, and the remainder of this section will be devoted to a closer examination of some of the options for the optimization of an engine. In particular, the computer simulation will be used to illustrate the relevance of some of those assertions. For others, experimental data will be introduced to emphasize the point being made. This will reinforce much of the earlier discussion in Chapter 5. 7.3.1 The effect of scavenging on performance and emissions In Chapter 3, you are introduced to the experimental and theoretical methods for the improvement of the scavenging of an engine. For the enhancement of the performance characteristics of any engine, whatever its performance target, be they for a racing engine or one to meet legislated demands on exhaust emissions, better quality scavenging always translates into more air and fuel trapped with less of it lost to the exhaust system. To further comprehend this point, refer to the experimental data in the thesis by Kenny [3.18], or his associated papers listed in Chapter 3. To demonstrate the potential effect on emissions and performance by improving scavenging over a wider spectrum than that given experimentally by Kenny, a theoretical simulation is carried out. The simulation is for the chainsaw at full throttle as given in Sec. 5.4.1, at full throttle at 7200 rpm at an air-fuel ratio of 14.0 on premium unleaded gasoline. The scavenging is changed successively from the standard LOOPS AW characteristic, to UNIFLOW, SCRE, YAM 12, and GPBDEF quality scavenging as defined in Table 3.16 and shown in Figs. 3.10-3.15. While it may be totally impractical to consider the incorporation of uniflow scavenging in a chainsaw, it is highly instructive to determine the effect on emissions and power of the employment of the (so-called) optimum in scavenging characteristics. It is equally useful to know the impact on these same performance-related parameters of the use of the worst scavenging, namely the YAM 12 characteristics. Recall that the others are in between these extremes, with SCRE being a very good loop-scavenging system, while GPBDEF is an unconventional form of cross scavenging. The results of the simulation are shown in Figs. 7.19 and 7.20. Fig. 7.19 gives the results for bmep, bsfc and bsHC. In Fig. 7.20 are the output data for delivery ratio, and the scavenging, trapping and charging efficiencies. It is not surprising that UNIFLOW scavenging gives the best performance characteristics. By comparison with YAM12, it is 16% better on bmep and power, 19% better on bsfc, 31 % better on bsHC, 7% better on bsCO, 7.7% better on SE, and 11.4% better on trapping efficiency. The effect on hydrocarbon emissions is quite dramatic. As comparison with uniflow scavenging is somewhat unrealistic, it is more informative for the designer to know what order of improvement is possible by the attainment of the ultimate in loop-scavenging characteristics, namely the SCRE scavenging quality. In making this comparison recall that the quality of the LOOPSAW scavenging is already in the "very good" category. Comparing the SCRE simulation results with those calculated using LOOPSAW scavenging, it is 5% better on bmep and power, 5.4% better on bsfc, 14% better on specific hydrocarbon emissions, 2% better on bsCO, 2.5% better on scavenging efficiency, and 3.4% better on trapping efficiency. The effect on bsHC is still considerable.
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Fig. 7.19 Effect of scavenging on performance and emissions.
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SCAVENGE TYPE Fig. 7.20 Effect of scavenging system on charging of a chainsaw. The order of magnitude of these changes of performance characteristics with respect to alterations in scavenging behavior are completely in line with those measured by Kenny [3.18] and at accuracy levels as previously seen in experiment/theory correlations I have carried out [3.35]. The contention that scavenging improves performance characteristics is clearly correct. However, the order of improvement may not be sufficient to permit the chainsaw to pass legislated levels for exhaust hydrocarbon emissions. The best performance seen is for
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Design and Simulation of Two-Stroke Engines UNIFLOW scavenging where the brake specific hydrocarbon emission is still very high at 92.3 g/kWh. By comparison with a small industrial four-stroke cycle engine this remains inadequately excessive, for such an engine will typically have a bsHC emission of between 15 and 30 g/kWh; however, in some mitigation. Many small four-stroke industrial engines have bsCO emission levels exceeding 200 g/kWh to help reduce the NO x emission levels by running rich, whereas this chainsaw simulation shows its bsCO level to be possible at 25 g/kWh by operating close to the stoichiometric air-to-fuel ratio. 7.3.2 The effect of air-fuel ratio It can be seen from the measured or calculated data in Figs. 7.3-7.18 that optimizing the air-to-fuel ratio means that it should be at one of two levels. If peak power and torque is the design aim then an equivalence ratio, A,, of 0.85 will provide that requirement. If the minimum emissions and fuel consumption are needed then optimization at, or close to, an equivalence ratio, X, of unity is essential. For the simple two-stroke engine of conventional design that will almost certainly not be good enough to satisfy current or envisaged legislation. The most important message to the designer is the vital importance of having the fuel metered to the engine in the correct proportions with the air at every speed and load. There are at least as large variations of bsfc and bmep with inaccurate fuel metering as there is in allowing the engine to be designed and manufactured with bad scavenging. There is a tendency in the industry for management to insist that a cheap carburetor be installed on a simple two-stroke engine, simply because it is a cheap engine to manufacture. It is quite ironic that the same management will often take an opposite view for a four-stroke model within their product range, and for the reverse reason! 7.3.3 The effect of optimization at a reduced delivery ratio It is clearly seen from Figs. 7.3-7.18 that a reduction of delivery ratio naturally reduces the power and torque output, but also very significantly reduces the fuel consumption and hydrocarbon emissions of the engine. The reason is obvious from Chapter 3—a reduction of scavenge ratio for any scavenging system raises the trapping efficiency. Hence, at the design stage, serious consideration can be given to the option of using an engine with a larger swept volume and optimizing the entire porting and inlet system to operate with a lower delivery ratio to attain a more modest bmep at the design speed. The target power is then attained by employing a larger engine swept volume. In this manner, with an optimized scavenging and air-flow characteristic, the lowest fuel consumption and exhaust emissions will be attained at the design point. The selection of the scavenging characteristic for such an approach is absolutely critical. The design aim is to approach a trapping efficiency of unity over the operational range of scavenge ratios. The candidate systems which could accomplish this are illustrated in Fig. 3.13. There are three scavenging systems which have a trapping efficiency of unity up to a scavenge ratio of 0.5. They are UNIFLOW, QUBCR and GPBDEF. The uniflow system can be rejected on the grounds that it is unlikely to be accommodated into a simple two-stroke engine. The remaining two are cross-scavenged engines, and the GPBDEF design is the better of these in that it has a trapping efficiency of unity up to a scavenge ratio (by volume) of 0.6. The physical arrangement of this porting is shown in Fig. 3.32(b).
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Chapter 7 - Reduction of Fuel Consumption and Exhaust Emissions To illustrate this rationale, the chainsaw engine geometry is redesigned to incorporate GPBDEF scavenging, and the exhaust, transfer and intake porting is reoptimized to flow air at 7200 rpm up to a maximum delivery ratio of 0.35 at full throttle. The porting, which resembles Fig. 3.32(b), has four exhaust and transfer ports each of 9 mm effective width and they are timed to open at 124° atdc and 132° atdc, respectively. The inlet port is now timed to open at 45° btdc and is a single port with the same width as before. The greatly reduced port timings and areas are obvious by comparison with the standard data given in Sec. 5.4.1. The standard data show the exhaust and transfer ports open at 108° atdc and 121° atdc, respectively, while the standard inlet port opens at 75° btdc. All other physical data are retained as given in Sec. 5.4.1. The computer simulation is run at 7200 rpm over a range of air-fuel ratios and presented in Figs. 7.21-7.25. Also incorporated on the same figures are the results of the simulation when the scavenging quality defined by GPBDEF is replaced by the original loopscavenging quality of LOOPSAW. On the figures, the results of the two simulations are annotated as "loop" or "deflector." The point is made above that selection of scavenging quality is critical in this design approach. This is shown very clearly in Figs. 7.21 to 7.25. The trapping efficiency in Fig. 7.25 shows that the GPBDEF scavenging reaches 95%, while the LOOPSAW scavenging gets to a very creditable, but critically lower, 90%. Both seem acceptably high, but the outcome in terms of hydrocarbon emissions is quite different. The deflector piston design achieves the target bsHC emission of 25 g/kWh, but the loop-scavanged design has double that value at 50 g/kWh. The specific oxygen emission figures in Fig. 7.13 reinforce the points made regarding the dissimilar trapping efficiency levels. The fuel consumption of the deflector piston engine is 10% better than the loop-scavenged design (see Fig. 7.22). In Fig. 7.24 it is seen that the loop-scavenged engine breathes marginally more air than the deflector piston engine, but its higher trapping efficiency charges the engine, as observed from the charging efficiency values, some 10% higher at 0.34. Naturally, the better trapping efficiency of the deflector piston approach yielded a higher scavenging efficiency; this is seen in Fig. 7.25, where it is marginally better by 1% at 0.65. At a scavenging efficiency of 0.65, 3.0 -| CO
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Fig. 7.22 Fuel consumption and bsHC output of a low emissions engine.
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Fig. 7.23 Oxygen and carbon monoxide emission of a low emissions engine.



homogeneous combustion at a reasonable efficiency without misfire will still be possible. The bsfc level below 400 g/kWh seen in Fig. 7.22 is some 12% better than the full throttle case shown in Fig. 7.13, and is 10% better than the part-throttle chainsaw data in Fig. 7.16. If you compare the performance characteristics for the chainsaw at part-throttle in Figs. 7.16 to 7.18 with those from the optimized low bmep engine in Figs. 7.21-7.25, you can see that more power and less HC emissions have been obtained at virtually the same delivery or scavenge ratios. The design assumption is that the original chainsaw target regarding power performance is still required. It is 3.0 kW at 7200 rpm. The original chainsaw produced 3.8 bar bmep at an air-to-fuel ratio of 14 (see Fig. 7.13). The low bmep design approach, incorporating a deflec-
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AIR-TO-FUEL RATIO Fig. 7.25 Scavenging and trapping efficiencies of a low emissions engine. tor piston and cross scavenging, yielded a bmep of 2.7 bar at the same fueling level (see Fig. 7.21). Thus, to achieve equality of power output at the same engine speed, the low bmep design would need to have a larger swept volume in direct proportion to these bmep levels, which would mean an engine displacement increase from 65 cm 3 to 91 cm 3 . The specific hydrocarbons emitted would be reduced from 128 g/kWh to 25 g/kWh, which is over five times lower. In terms of energy emitted into the exhaust system, the total hydrocarbon emissions are reduced from 370 g/h to 72.3 g/h. If the engine is operated at an air-to-fuel ratio of 14, the bsCO emission is 25 g/kWh. The energy content, Q e x , released into the exhaust system as calculated from Eq. 7.2.1, is 1.1 kW. The original design rejected 4.8 kW into the exhaust system at the same air-to-fuel ratio. The
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Design and Simulation of Two-Stroke Engines potential for the application of a catalyst to oxidize the bypassed fuel and carbon monoxide, without incurring an excessive rise in exhaust gas temperature, becomes a possibility for the optimized design but is a most unlikely prospect for the orginal concept. The engine durability should also be improved by this methodology as the thermal loading on the piston will be reduced. There is a limit to the extent to which this design approach may be conventionally taken, as the engine will be operating ever closer to the misfire limit from a scavenging efficiency standpoint. As a historical note, in the 1930s a motorcycle with a two-stroke engine was produced by the English company of Velocette [7.27]. The 250 cm 3 single-cylinder engine had a bore and stroke of 63 and 80 mm, respectively, with seperate oil pump lubrication and was cross scavenged by a deflector piston design very similar in shape to Fig. 3.32(a). The "part-spherical" combustion chamber was situated over the exhaust side of the piston and the port timings were not dissimilar to those discussed above for the optimized low bmep engine. It produced some 9 hp at 5000 rpm, i.e., a bmep of about 3 bar. It sold for the princely sum of £38 (about $52)! The road tester [7.27] noted that "slow running was excellent. The engine would idle at very low rpm without four-stroking—one of the bugbears of the two-stroke motor." Perhaps an optimized two-stroke engine design to meet fuel consumption and emissions requirements, not to speak of the incorporation of active radical combustion, is nothing new! 7.3.4 The optimization of combustion The topic of homogeneous combustion is covered in Chapter 4. Since Chapter 1, and the presentation of Eq. 1.5.22, where it is shown that the maximum power and minimum fuel consumption will be attained at the highest compression ratio, you have doubtless been waiting for design guidance on the selection of the compression ratio for a given engine. However, as mentioned in Chapter 4, the selection of the optimum compression ratio is conditioned by the absolute necessity to minimize the potential of the engine to detonate. Further, as higher compression ratios lead to higher cylinder temperatures, and the emission of oxides of nitrogen are linked to such temperatures, it is self-evident that the selection of the compression ratio for an engine becomes a compromise between all of these factors, namely, power, fuel consumption, detonation and exhaust emissions. The subject is not one which is amenable to empiricism, other than the (ridiculously) simplistic statement that trapped compression ratios, CRt, of less than 7, operating on a gasoline of better than 90 octane, rarely give rise to detonation. The correct approach is one using computer simulation, and in Appendix A7.1 you will find a comprehensive discussion of the subject, using the "standard" chainsaw engine as the background input data to a computer simulation with a two-zone combustion and emissions model, as previously described in the Appendices to Chapter 4. Active radical combustion One aspect, active radical (AR) combustion, is described briefly in Sec. 4.1.3. It deserves further amplification as it will have great relevance for the optimization of the simple twostroke engine to meet emissions legislation at light load and low engine speed, including the idle (no load) condition. The first paper on this topic is by Onishi [4.33] and the most recent is by Ishibashi [4.34]. The combustion process is provided by the retention of a large propor490



Chapter 7 • Reduction of Fuel Consumption and Exhaust Emissions tion of residual exhaust gas, i.e., at scavenging efficiencies of 65% or less. Onishi claims that the scavenge ducts should be throttled to give a low turbulence scavenge process to reduce mixing and so stratify the residual exhaust gas as to retain it at a high temperature. Ishibashi suggests that transfer duct throttling is not necessary but that exhaust throttling provides a similar outcome. He implies that raising the trapping pressure, i.e., increasing the apparent trapped compression ratio by throttling the exhaust system close to the exhaust port, is equally effective in providing the correct in-cylinder state and turbulence conditions to promote AR combustion. The ensuing combustion process provides combustion on every cycle, which eliminates the "four-stroking" at similar load levels in homogeneous combustion. The AR combustion is smooth, detonation free, and has a dramatic effect on fuel consumption and HC emissions at low bmep levels. Ishibashi [4.34] describes a flat HC emissions profile at 20 g/kWh from 1 bar bmep to 3 bar bmep. In homogeneous combustion the HC emission ranges from equality with AR combustion at 3 bar bmep to three times worse at the 1 bar bmep level. The bsfc over this same bmep span is under 400 g/kWh, whereas with homogeneous combustion it rises to over 600 g/kWh. It is clear that, where possible, AR combustion should be used in combination with the other methods described above to optimize engine-out emissions and reduce fuel consumption rates. Its incorporation requires high trapping pressures. The very low port timings of the optimized low bmep engine, as described above, may well satisfy this design criterion. However, where further exhaust throttling is needed to accomplish this aim, there are two approaches which can be adopted. There are two basic mechanical techniques to accomplish the design requirement for an exhaust port restriction to improve the light load behavior of the engine. The two methods are illustrated in Fig. 7.26 and discussed below. The butterfly exhaust valve Shown in Fig. 7.26(a) is a butterfly valve and the concept is much like that described by Tsuchiya et al. [7.3]. This is a relatively simple device to manufacture and install, and has a good record of reliability in service. The ability of such a device to reduce exhaust emissions of unburned hydrocarbons is presented by Tsuchiya [7.3], and Fig. 7.27 is from that paper. Fig. 7.27 shows the reduction of hydrocarbon emissions, either as mass emissions in the top half of the figure or as a volumetric concentration in the bottom half, from a Yamaha 400 cm 3 twin-cylinder road motorcycle at 2000 rpm at light load. The notation on the figure is for CR which is the exhaust port area restriction posed by the exhaust butterfly valve situated close to the exhaust port. The CR values range from 1, i.e., completely open, to 0.075, i.e., virtually closed. It is seen that the hydrocarbons are reduced by as much as 40% over a wide load variation at this low engine speed, emphasizing the theoretical indications discussed above with regard to its enhancement of trapping efficiency. While Tsuchiya [7.3] reports that the engine behaved in a much more stable manner when the exhaust valve was employed at light load driving conditions in an urban situation, he makes no comment on active radical (AR) combustion and appears not to have experienced it during the experimental part of the research program.
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Fig. 7.26 Variable exhaust port area and port timing control devices. The exhaust timing edge control valve It is clear from Fig. 7.27(a) that the butterfly valve controls only the area at the exhaust port rather than the port opening and closing timing edges as well. On Fig. 7.27 is sketched the timing control valve originally shown in Fig. 5.2, which fits closely around the exhaust port and can simultaneously change both the port timing and the port area. The effectiveness of changing exhaust port timing is demonstrated in the simulations discussed in Sees. 5.2.2 and 7.3.4. There are many innovative designs of exhaust timing edge control valve ranging from the oscillating barrel type to the oscillating shutter shown in Fig. 7.27. The word "oscillating" may be somewhat confusing, so it needs to be explained that it is stationary at any one load or speed condition but it can be changed to another setting to optimize an alternative engine load or speed condition. While the net effect on engine performance of the butterfly valve and the timing edge control valve is somewhat similar, the timing edge control valve carries out the function more accurately and effectively. Of course, the butterfly valve is a device which is cheaper to manufacture and install than the timing edge control device. Concluding remarks on AR combustion and port timing control The fundamental message to the designer is that control over the exhaust port timing and area has a dramatic influence on the combustion characteristics, the power output, the fuel economy and the exhaust emissions at light load and low engine speeds. 7.3.5 Conclusions regarding the simple two-stroke engine The main emphasis in the discussion above is that the simple two-stroke engine is capable of a considerable level of optimization by design attention to scavenging, combustion,
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Fig. 7.33 BMEP levels at the optimized fuel consumption levels for the QUB stratified charging engine. The Piaggio stratified charging engine The fundamental principle of operation of this power unit is shown in Fig. 7.34 and is described in much greater detail in the paper by Batoni [7.1] of Piaggio. This engine takes the stratified charging approach to a logical conclusion by attaching two engines at the cylinder head level. The crankshafts of the two engines are coupled together in the Piaggio example by a toothed rubber belt. In Batoni's paper, one of the engines, the "upper" engine of the sketch in Fig. 7.34, has 50 cm 3 swept volume, and the "lower" engine has 200 cm 3 swept volume. The crankcase of both engines ingest air and the upper one inhales all of the required fuel for combustion of an appropriate air-fuel mixture in a homogeneous process. The crankcase of the upper engine supplies a rich mixture in a rotating, swirling scavenge process giving the fuel as little forward momentum as possible toward the exhaust port. The lower cylinder conducts a conventional loop-scavenge process with air only. Toward the end of compression the mixing of the rich air-fuel mixture and the remaining trapped cylinder charge takes place, leading to a homogeneous combustion process. The results of the experimental testing of this 250 cm 3 Piaggio engine are to be found in the paper by Batoni [7.1], but are reproduced here as Figs. 7.35-7.37. A direct comparison can be made between this stratified charging engine and the performance characteristics of the 200 cm 3 engine that forms the base of this new power unit. Figs. 7.9-7.11, already discussed fully in Sec. 7.2.1.2, are for the 200 cm 3 base engine. Fig. 7.9 gives the fuel consumption behavior of the 200 cm 3 base engine, Fig. 7.10 the CO emission levels, and Fig. 7.11 the HC emission characteristics.
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Fig. 7.34 The operating principle of the Piaggio stratified charging engine. Fig. 7.35 shows the fuel consumption levels of the experimental engine (note that 1 g/kWh = 0.746 g/bhp.hr). The lowest contour in the center of the "oyster" map is 240 g/hp.hr or 322 g/kWh. The units of bmep on this graph are in kg/cm2, which is almost exactly equal to a bar (1 kg/cm2 = 0.981 bar). These are quite good fuel consumption figures, especially when you consider that this engine is one of the first examples of stratified charging presented; the paper was published in 1978. The reduction of fuel consumption due to stratified charging is very clear when you compare Figs. 7.35 and 7.9. The minimum contour is lowered from 300 g/bhp.hr to 240 g/bhp.hr, a reduction of 33%. At light load, around 1 bar bmep and 1500 rpm, the fuel consumption is reduced from 500 to 400 g/bhp.hr, or 20%. This condition is particularly important for power units destined for automotive applications as so many of the test cycles for automobiles or motorcycles are formulated to simulate urban driving con-
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Fig. 7.35 Fuel consumption levels from the Piaggio stratified charging engine (from Ref. [7.1]).
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Fig. 7.36 Carbon monoxide emission from the Piaggio stratified charging engine (from Ref. [7.1]).
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Fig. 7.37 Hydrocarbon emission levels from the Piaggio stratified charging engine (from Ref. [7.1]). ditions where the machine is accelerated and driven in the 15-50 km/h zone. The proposed European ECE-R40 cycle is such a driving cycle [7.21]. The reduction of hydrocarbon emissions is particularly impressive, as can be seen from a direct comparison of the original engine in Fig. 7.11 with the stratified charging engine in Fig. 7.37. The standard engine, already discussed in Sec. 7.2.1, showed a minimum contour of 1500 ppm HC (C6, NDIR), at a light load but high speed point. In the center of the load-speed map in Fig. 7.11 the figures are in the 2500 ppm region, and at the light load point of 1 bar and 1500 rpm, the figure is somewhat problematic but 5000 ppm would be typical. For the stratified charging engine the minimum contour is reduced to 200 ppm HC, the center of the loadspeed picture is about 500 ppm, and the all-important light load and speed level is somewhat in excess of 1000 ppm. This is a very significant reduction and is the level of diminution required for a successful automotive engine before the application of catalytic after-treatment. A comparison of the carbon monoxide emission levels of the standard engine in Fig. 7.10 and of the stratified charging engine in Fig. 7.36 shows significant improvements in the two areas where it really matters, i.e., at light loads and speeds and at high loads and speeds. In both cases the CO emission is reduced from 2-3% to 0.2-0.3%, i.e., a factor of 10. The absolute value of the best CO emission at 0.2% is quite good, remembering that these experimental data were acquired in 1978. Also note that the peak bmep of the engine is slightly reduced from 4.8 bar to 4.1 bar due to the stratified charging process, and there is some evidence that there may be some diminution in the air utilization rate of the engine. This is supplied by the high oxygen emission
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Design and Simulation of Two-Stroke Engines levels at full load published by Batoni [7.1, Fig. 8] where the value at 4 bar and 3000 rpm is shown as 7%. In other words, at that point it is almost certain that some stratified combustion is occurring. This engine provides an excellent example of the benefits of stratified charging. It also provides a good example of the mechanical disadvantages which may accrue from its implementation. This design, shown in Fig. 7.34, is obviously somewhat bulky, indeed it would be much bulkier than an equivalent displacement four-stroke cycle engine. Hence, one of the basic advantages of the two-stroke engine is lost by this particular mechanical layout. An advantage of this mechanical configuration, particularly in a single-cylinder format, is the improved primary vibration balancing of the engine due to the opposed piston layout. Nevertheless, a fundamental thermodynamic and gas-dynamic postulation is verified from these experimental data, namely that stratified charging of a two-stroke engine is a viable and sound approach to the elimination of much of the excessive fuel consumption and raw hydrocarbon emission from a two-stroke engine. The Ishihara option for stratified charging The fundamental principle of stratified charging has been described above, but other researchers have striven to emulate the process with either less physical bulk or less mechanical complication than that exhibited by the Piaggio device. One such engine is the double piston device, an extension of the original split-single Puch engines of the 1950s. Such an engine has been investigated by Ishihara [7.7]. Most of these engines are designed in the same fashion as shown in Fig. 7.38. Instead of the cylinders being placed in opposition as in the Piaggio design, they are configured in parallel. This has the advantage of having the same bulk as a conventional twin-cylinder engine, but the disadvantage of having the same (probably worse!) vibration characteristics as a single-cylinder engine of the same total swept volume. The stratified charging is at least as effective as in the Piaggio design, but the combustion chamber being split over two cylinder bores lends itself more to stratified burning than homogeneous burning. This is not necessarily a criticism. However, it is clear that it is essential to have the cylinders as close together as possible, and this introduces the weak point of all similar designs or devices. The thermal loading between the cylinder bores becomes somewhat excessive if a reasonably high specific power output is to be attained. Another design worthy of mention and study, which has considerable applicability for such designs where the cost and complexity increase cannot be excessive due to marketing and packaging requirements, is that published in the technical paper by Kuntscher [7.23]. This design for a stratified charging system has the ability to reduce the raw hydrocarbon emission and fuel consumption from such engines as those fitted in chainsaws, mopeds, and small motorcycles. The stratified charging engine from the Institut Francais du Petrole This approach to stratified charging emanates from IFP and is probably the most significant yet proposed. The performance results are superior in most regards to four-stroke cycle engines, as is evident from the technical paper presented by Duret et al. [7.18]. The fundamental principle of operation is described in detail in that publication, a sketch of the engine 504
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F/g. 7.JS Alternative stratified charging system of the double piston genre.



operating principle is given in Fig. 7.39, and a photograph of their engine is shown in Plate 7.1. The engine in the photograph is a multi-cylinder unit and, in a small light car operating on the EEC fuel consumption cycle at 90 and 120 km/h, had an average fuel consumption of 30.8 km/liter (86.8 miles/Imperial gallon or 73.2 miles/US gallon). The crankcase of the engine fills a storage tank with compressed air through a reed valve. This stored air is blown into the cylinder through a poppet valve in the cylinder head. At an appropriate point in the cycle, a low-pressure fuel injector sprays gasoline onto the back of the poppet valve and the fuel has some residence time in that vicinity for evaporation before the poppet valve is opened. The quality of the air-fuel spray past the poppet valve is further enhanced by a venturi surrounding the valve seat. It is claimed that any remaining fuel droplets have sufficient time to evaporate and mix with the trapped charge before the onset of a homogeneous combustion process. The performance characteristics for the single-cylinder test engine are of considerable significance, and are presented here as Figs. 7.40-7.43 for fuel consumption, hydrocarbons, and nitrogen oxides. The test engine is of 250 cm 3 swept volume and produces a peak power of 11 kW at 4500 rpm, which realizes a bmep of 5.9 bar. Thus, the engine has a reasonably high specific power output for automotive application, i.e., 44 kW/liter. In Fig. 7.40, the best bsfc contour is at 260 g/kWh, which is an excellent result and superior to most four-stroke cycle engines. More important, the bsfc value at 1.5 bar bmep at 1500 rpm, a light load and speed point, is at 400 g/kWh and this too is a significantly low value.
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Fig. 7.39 Stratified charging system proposed by the Institut Francois du Pe'trole. The unburned hydrocarbon emission levels are shown in Fig. 7.41, and they are also impressively low. Much of the important legislated driving cycle would be below 20 g/kWh. When an oxidation catalyst is applied to the exhaust system, considerable further reductions are recorded, and these data are presented in Fig. 7.43. The conversion rate exceeds 91 % over the entire range of bmep at 2000 rpm, leaving the unburned hydrocarbon emission levels below 1.5 g/kWh in the worst situation. Of the greatest importance are the nitrogen oxide emissions, and they remain conventionally low in this stratified charging engine. The test results are shown in Fig. 7.42. The highest level recorded is at 15 g/kWh, but they are less than 2 g/kWh in the legislated driving cycle zone. The conclusions drawn by IFP are that an automobile engine designed and developed in this manner would satisfy the most stringent exhaust emissions legislation for cars. More important, the overall fuel economy of the vehicle would be enhanced considerably over an equivalent automobile fitted with the most sophisticated four-stroke cycle spark-ignition en-
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Plate 7.1 Stratified charging engine from the Institut Francois du P4trole (courtesy of Institut Francois du Pitrole).



gine. The extension of the IAPAC design to motor scooters and outboards has been carried out [7.48, 7.52]. The bulk of the engine is increased somewhat over that of a conventional two-stroke engine, particularly in terms of engine height. The complexity and manufacturing cost is also greater, but no more so than that of today's four-stroke-engine-equipped cars, or even some of the larger capacity motorcycles or outboard motors. Stratified charging by an airhead for the simple two-stroke engine The stratified charging process can be carried out sequentially as well as in parallel. The basic principle is shown in Fig. 7.44. The engine uses crankcase compression and has a conventional supply of air and fuel into the crankcase. An ancillary inlet port, normally controlled by a reed valve, connects the atmosphere to the transfer ports close to their entry point to the cylinder. The ancillary inlet port contains a throttle to control the amount of air ingested. During the induction stroke the reed valve in the ancillary inlet port lifts and air is induced toward the crankcase, displacing air and fuel ahead of it. When crankcase compression begins the transfer duct is ideally filled with air only, and when scavenging commences it does so with an "airhead" in the van. The theory is that the scavenging is sequentially
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1500 2000 2500 3000 3500 4000 4500 Fig. 7.40 Fuel consumption contours (g/kWh) oflFP stratified charging engine.
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 x q 147 mass/energy transport along duct (after time stop) introduction, 156 First Law of Thermodynamics, application of, 156-158, 160 gas dynamic parameters, values of (four cases), 158-159 "hand" of the flow, 157 mesh J, energy flow diagram for, 157 new reference conditions, determination of, 161-162 purity in mesh space J, 161 system state, change of, 160 transport at mesh J (four cases), 156-157 thermodynamics of cylinders and plenums (during time step) introduction, 162 boundary conditions, application of, 163-164 First Law of Thermodynamics, application of, 163-165 heat transfer coefficient, determination of (discussion), 164 heat transfer from/to plenum, expression for, 164 new gas properties, purity, 166 new reference conditions (for next time step), 166 open cycle flow through cylinder (thermodynamic diagram), 163 sign conventions, importance of, 163 system state, change of, 164 system temperature, solution for, 165 time interval, selection of, 146
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GPB engine simulation model (continued) wave reflections at end of pipe (after time stop) cylinder, atmosphere or plenum, 155-156 discussion, 154-155 "hand," determination of, 154-155 restricted pipe, 155 wave transmission (during time increment dt), 147



Harland & Wolff cathedral engine (diesel), 3, 5 Heat losses See Heat transfer Heat release compression-ignition engines combustion chamber geometry, 316-317 direct-ignition (DI) engine, 314-316 fast fuel vs. fast air approach, 314 heat loss by fuel vaporization, 308-309 indirect-injection (IDI) engine, 316-318 Woschni heat transfer equation, 305 frictional (in pressure wave propagation), 82-83 SI engines combustion chamber geometry, 289, 290 heat loss by fuel vaporization, 308 heat release/heat loss calculations, 291-293 incremental heat loss (where QR is zero), 292 incremental heat release (First-Law expression for), 291, 293 incremental heat release (Rassweiler and Winthrow expression for), 293 from loop-scavenged QUB LS400 SI engine, 294, 295 Nusselt number, 305-306, 376 polytropic exponents, determination of, 292, 293 prediction from cylinder pressure diagram, 289-294 Reynolds number, 306 in stratified charging/combustion, 468 thermodynamic equilibrium analysis, 291-293 total heat released, 31, 309-310 see also Combustion processes; Heat transfer Heat transfer along duct during time step (GPB model) introduction, 156



First Law of Thermodynamics, application of, 156-158, 160 gas dynamic parameters, values of (for four cases), 158-159 "hand" of the flow, 160 mass/energy transport diagram (mesh J, four cases), 156-157 mesh J, energy flow diagram for, 156-157 new reference conditions, determination of, 161-162 purity in mesh space J, 161 system state, change of, 160 in cylinders and plenums during time step (GPB model) introduction, 162 boundary conditions, application of, 163-164 First Law of Thermodynamics, application of, 163-165 heat transfer coefficient, determination of (discussion), 164 heat transfer from/to plenum, expression for, 164 new gas properties, purity, 166 new reference conditions (for next time step), 166 open cycle flow through cylinder (thermodynamic diagram), 163 sign conventions, importance of, 163 system state, change of, 164 system temperature, solution for, 165 heat losses in GPB engine simulation model, 151 heat transfer analysis (Annand model) closed cycle model (general), 305-307 crankcase analysis, 375-378 heat transfer coefficients, 307-308 racing motorcycle engine, 397-399 Nusselt number in defined, 84-85 in convection heat transfer analysis, 84-85 in crankcase heat transfer analysis, 376 in open cycle flow through a cylinder First Law of Thermodynamics, application of, 163-164 during pressure wave propagation, 84-85 Reynolds number in in convective heat transfer analysis, 84-85
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in crankcase heat transfer analysis, 376 Woschni heat transfer equation (compression-ignition engines), 305 between zones (closed cycle, two-zone chainsaw engine), 348-349 see also Combustion processes; First Law of Thermodynamics; Heat release Heimberg, W.



seminal paper on scavenging flow, 211, 276 Hydrocarbon concentration in exhaust emissions (introduction), 303 see also Exhaust emissions/exhaust gas analysis



Ficht pressure surge injection system, 516,535 HEMI-SPHERE program typical combustion chamber design, 335, 337 Hill, B.W. QUB stratified charging engine, 498 Hinds, E.T. reed valves as pressure-loaded cantilevered beam, 368 Homelite chainsaw, 3 Homogeneous charge combustion See Combustion processes; Homogeneous charging (with stratified combustion); Stratified charging (with homogeneous combustion) Homogeneous charging (with stratified combustion) air-blast fuel injection (gasoline) advantages/disadvantages of, 518 description, 516-517 injector placement, problems with, 518, 520 SEFIS motorscooter engine (Orbital Engine Corp.), 521 sequence of events (illus.), 517 spray patterns, 517-519 three-cylinder car engine (Orbital Engine Corp.), 520 gasoline injection, technical papers on, 512-513 liquid gasoline injection bsfc, bsHC emissions (fuel injected vs. carburetted), 513-514 dribble problem with, 518 ram-tuned liquid injection description, 514-515 functional schematic diagram, 515 Heimberg alternative method, 516 QUB 500rv engine at light load, 516,526-529 spray pattern from, 516 Honda CVCC engine, 466-467 Hopkinson, B. perfect displacement scavenging, 213-214 perfect mixing scavenging, 214-215
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IFP (Institut Francais du Petrole) stratified charging engine brake specific fuel consumption, 505, 508 description and functional diagram, 504-506 hydrocarbon emissions, 506, 508, 509 NO emissions, 506, 509 oxygen catalysis, effect of, 506, 509 photograph of, 507 Ignition (spark, compression). See under Combustion processes Indicated mean effective pressure discussion of, 34 see also Mean effective pressure Indicated power output defined, 34-35 see also Power output Indicated specific fuel consumption defined, 35 see also Fuel consumption/fuel economy Indicated torque defined, 35 see also Torque Induction systems disc valve port area diagrams, 457 see also Disc valves reed valve empirical design of (discussion), 447-450 in racing motorcycle engine simulation, 401-402 see also Reed valves see also Specific time area (A sv ) Intake systems computer modeling of (chainsaw engine simulation) intake disc valves, 365-367 intake ducting (dimensions and discussion), 370-371 intake ducting throttle area ratio, 371 intake reed valves, 367-370
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Intake systems (continued) computer modeling of (chainsaw engine simulation) (continued) intake system temperature/pressure vs. crankshaft angle, 390-392 intake disc valves specific time area (Asv) analysis, 365-367 intake manifolds bellmouth inflow, expansion wave reflection at, 93-95 plain end inflow, expansion wave reflection at, 91, 95-97 reflection possibilities in, 89 see also Exhaust systems; Silencers/silencing Ishibashi, Y. active radical (AR) combustion and engine optimization, 490-491 Ishihara, S. double-piston stratified charging engine, 504, 505



Jante method (scavenge flow assessment) advantages/disadvantages of, 223 description of apparatus, 219-220, 221 QUB experience with, 222-223 typical velocity contours, 221-222 Jones, A. simulation of engines (using unsteady gas flow), 143 Junkers Jumo (aircraft engine), 3



Kinetic energy squished combustion chamber, influence of (discussion), 331 compression ratio, effect of (diesel engines), 334,335 vs. squish clearance (various combustion chambers), 332 turbulence kinetic energy (incremental, total), 330 Kirkpatrick, S.J. development of QUB SP experimental apparatus, 172 simulation of engines (using unsteady gas flow), 142
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Knocking description of, 286 see also Detonation



Laimbock, F. catalysis in two-stroke engines, 494, 495 Lanchester, F.W. airhead stratified charging, 510 Lax, P.D. Lax-Wendroff computation time, 191-192 simulation of engines (using unsteady gas flow), 142 Lean mixture combustion, 300-301 Losses, friction and pumping See Friction/friction losses Lubrication petroil lubrication, 12-13, 14, 470 pressure-lubricated engines, exhaust emissions of, 13,470



Mackay, D.O. development of QUB SP experimental apparatus, 172 Marine engines diesel Burmeister & Wain, 3-4 cathedral engine (Harland & Wolff), 3, 5 Sulzer (Winterthur), 4 tuned exhaust systems (three-cylinder outboard engine), 373, 374 V-8 outboard motor (OMC), 373, 375, 568 McGinnity, FA. pressure wave reflections in branched pipes, 117-119 McMullan, R.K development of QUB SP experimental apparatus, 172 Mean effective pressure concept of (discussion), 34 brake mep, defined, 37 friction mep, determination of (in engine testing), 38 pumping mep, determination of (in engine testing), 38 see also Performance measurement
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Mercury Marine air-assisted fuel injection system spray pattern, 519 liquid fuel injection system spray pattern, 519 Mufflers. See Noise Reduction/noise emission; S ilencers/silenci ng MZ racing motorcycles disc valves in, 16-17, 456



Nakayama, M. liquid gasoline injection studies, 513 Napier Nomad (aircraft engine), 3 NDIR (non-dispersive infrared) analysis of exhaust emissions, 40-41, 493 Newton-Raphson method expansion wave reflected pressure, 96-97 wave reflection at contractions, 107 wave reflection at outflow from a cylinder, 132 Nitrogen oxide in exhaust emissions (introduction), 302-303 in two-zone closed cycle model (chainsaw engine), 349-354 see also Exhaust emissions/exhaust gas analysis Noise reduction/noise emission introduction, 541 noise sources, engine introduction, 546-547 bearings, plain vs. rolling element, 547 reed valve "honking," 547 two-stroke engines, advantages/disadvantages of, 547-548 water cooling, advantage of, 547 sound, introduction to Bel, defined, 543 human hearing, frequency response of, 542, 543 human hearing, logarithmic response of, 543 loudness (multiple sound sources), 544-545 masking (of soft by loud sounds), 545 noise, subjective nature of, 541-542 noise measurement (A-, B-weighted scales), 545 noisemeters, switchable filters in, 545 sound intensity, perceived, 543 sound pressure level, calculation of, 543-544 sound propagation, speed of, 542 test procedures, sensitivity of, 545-546
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see also Exhaust systems; Silencers/silencing Nusselt number in crankcase heat transfer analysis, 376 in heat release analysis (SI engines), 305-306 in pressure wave propagation heat transfer, 84-85 Nuti, M. liquid gasoline injection HC emissions studies, 513



Onishi, S. active radical (AR) combustion and engine optimization, 285, 490-491 Operation, basic engine. See Two-stroke engine (general) Orbital Engine Corp. (Perth) air-assisted fuel injection engines SEFIS motorscooter engine, 5214 three-cylinder car engine, 520 Otto cycle. See Thermodynamic (Otto) cycle Outboard Marine Corporation (OMC) liquid fuel injection outboard motor, 520, 521 V-8 outboard motor (OMC), 373, 375 Oxygen concentration in exhaust emissions, 38 see also Exhaust emissions/exhaust gas analysis; Purity Oyster maps of bsfc, bsHC emissions (fuel injected vs. carburetted), 513-514



Particle velocity, determination of in finite amplitude waves (in pipes) compression wave particle velocity (ce), 59 expansion wave particle velocity (c;), 61 particle velocity (c) (value in air), 58 shock wave particle velocity (csj,), 62, 64 wave reflection at cylinder outflow (Gaussian Elimination method), 132-133 in finite amplitude waves (unconfined) Bannister, F.K., 55 Earnshaw equation for, 55 in pressure wave reflection (in pipes) at contractions in pipe area, 107-108 at expansions in pipe area, 104-105 inflow from a cylinder, 139-140
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Particle velocity, determination of (continued) in pressure wave reflection (in pipes) (continued) outflow from a cylinder, 132-133 at restrictions between differing pipe areas, 112-113 in pressure wave superposition (in pipes) oppositely moving waves, 71 supersonic particle velocity (oppositely moving waves), 74-77 in unsteady gas flow Bannister derivation of, 197-200 see also Gas flow (related terms) Performance measurement brake mean effective pressure AFR, effect of (low-emissions engine), 487 AFR, effect of (QUB 400 engine), 472,474, 476 defined, 37 exhaust silencing, effect of (chainsaw engine), 574, 576 influence of engine type on, 45 intake silencing, effect of (chainsaw engine), 571 and power output, 37 QUB 270 cross-scavenged airhead-stratified engine, 510-511 QUB stratified charging engine, 499, 500 radiused porting, effect of (chainsaw engine), 579 scavenging type, influence of, 484-486 of typical two-stroke engines, 43 various fueling, effect of (QUB 500rv engine, full load), 523 various fueling, effect of (QUB 500rv engine, light load), 529 vs. rpm (chainsaw engine simulation), 380, 381 see also mean effective pressure (below) brake power output See power output (below) brake specific fuel consumption See under Fuel consumption/fuel economy brake thermal efficiency (defined), 37 brake torque (defined), 36 dynamometer testing introduction and discussion, 35-36 dynamometer test stand (functional flow diagram), 36, 37



performance parameters, 36-38 principles of, 36 friction mean effective pressure determination of (in engine testing), 38 indicated mean effective pressure defined, 38 mean effective pressure (mep) concept of (discussion), 34 piston speed and brake power output, 44-45 power output and brake mean effective pressure, 37 brake power output (defined), 36 brake power output vs. piston speed/swept volume, 44-45 and brake specific fuel consumption, 37 of chainsaws (typical), 45 engine type, influence of, 45-46 four-stroke engine (GPB model), 169 indicated (defined), 34-35 silencer design for high power output (motorcycle engines), 581 two-stroke engine (GPB model), 169 two-stroke engines, potential power output of, 43 vs. rpm (chainsaw engine simulation), 380, 381 pumping mean effective pressure determination of (in engine testing), 38 swept volume and brake power output, 44-45 Petroil lubrication, 12-13, 14, 470 see also Lubrication Piaggio stratified charging engine introduction and functional description, 500-501 benefits and advantages of, 504 CO emissions, 502-503 fuel consumption levels, 501-503 hydrocarbon emissions, 503 Piston speed and brake power output, 44-45 and speed of rotation, 44-45 Pistons cross-scavenged deflector (typical), 10, 11 deflector designs. See Port design, scavenging for loop-scavenged engine, 10 piston motion, importance of (in scavenging flow), 223-224
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PISTON POSITION (computer program), 23, 24 piston speed, influence on speed of rotation, 44-45 piston speed/swept volume and brake power output, 44-45 for QUB cross scavenging, 10, 11, 12 Plohberger, D. liquid gasoline injection load studies, 513 Pollution general discussion of, 4, 465-466 see also Combustion processes; Exhaust emissions/exhaust gas analysis Poppet valves effective seat area, 413 engine simulation using, 363 geometry of, 412 maximum lift, calculation of, 414 timing delays (QUB 500rv research engine), 523 valve curtain area, 413-414 Port design cross scavenging, conventional basic layout, 254, 255 deflection rado, 256-257 deflector height, importance of, 256 deflector height rado, 256 deflector radius, determinadon of, 254, 256 design advantages, 253-254 ease of opdmization, 253 maximum scavenge flow area, 254 multiple ports, 254 cross scavenging, QUB introducdon, 261 basic layout, 12 deflecdon ratio, importance of, 262 experience, importance of, 263 QUB CROSS PORTS (computer program), 260, 261-263 squish area rado, importance of, 262 transfer port geometry, selection of, 262-263 cross scavenging, unconventional (GPB) basic layout, 255 deflecdon ratio, exhaust side, 258 deflector area, exhaust side, 258 deflector design characteristics, 257-258 design procedure, 258 evaluadon of, 258-259
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GPB CROSS PORTS (computer program), 259-260, 261 loop scavenging, external (blown engines) BLOWN PORTS (computer program), 270-273 designs for (discussion), 269-270 four-cylinder DI diesel, design for, 272-273 typical layout, 270, 271 loop scavenging, internal bore-stroke rado, effect of, 267 CFD as a future design tool, 264, 265 cylinder size, effect of, 267 design difficuldes of, 263 deviation angles (laser doppler velocimetry), 264, 265 LOOP SCAVENGE DESIGN (computer program), 268-269 main port orientation, importance of, 263-264 main transfer port, design analysis of, 265-266 rear and radial side ports (layout and design features), 266, 267 side ports (layout and design features), 266, 267 transfer port inner walls, 264, 266-267 transfer port layout (after J.G. Smyth), 264 loop scavenging (general) port plan layouts (typical), 10 port area diagrams disc valves (induction), 457 scavenging design and development (discussion) CAD/CAM techniques, 274, 275 CFD in, 274, 275-276 experimental experience, summary of, 273-274 rapid prototyping (stereo lithography), 274, 276 uniflow scavenging piston pegging, 251 piston rings, 251-252 port plan layout, geometry of, 250-252 port plan layout, mechanical considerations in, 251 port widdi ratio, defined, 252 port-width-to-bore ratio, 252-253 scavenge belt, use of splitters in, 252 suitability to long-stroke engines, 253
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see also specific valves; Computer modeling; Port timing; Scavenging Port timing disc-valved engine, 18, 19, 20 piston ported engine, 18-19 reed valved engine, 18, 20 timing diagrams, typical, 18 timing events, symmetry/asymmetry of, 15-16 see also specific valves; Port design; Scavenging Power output brake power output defined, 36 brake mean effective pressure, 36-38 and piston speed, 44-45 vs. piston speed/swept volume, 44-45 of chainsaws typical values, 45 vs. rpm (chainsaw engine simulation), 380, 381 and engine type engine type, influence of, 45-46 four-stroke engine (GPB model), 169 racing motor, 45 truck diesel, 45 two-stroke engine (GPB model), 169 indicated (defined), 34-35 silencer design for high power output (motorcycle engines), 581 see also Performance measurement Preignition in cross scavenging, 10 see also Detonation Pressure oscillations in tuned exhaust systems (racing motorcycle engine), 399-400 Pressure wave propagation related terms: Coefficient of discharge (unsteady gas flow) Gas flow (general) Gases, properties of GPB engine simulation model Particle velocity, determination of Pressure wave propagation, friction loss during Pressure wave propagation, heat transfer during Pressure wave reflection in pipes
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Pressure wave superposition in pipes Propagation/particle velocity (acoustic waves) Propagation/particle velocity (finite amplitude waves in free air) Propagation/particle velocity (finite amplitude waves in pipes) QUB SP single-pulse experimental apparatus Shock waves, moving (in unsteady gas flow) Pressure wave propagation, fnction loss during friction factor (bends in pipes) introduction, 83 pressure loss coefficient (Cb), 83-84 friction factor (straight pipes) introduction, 81 Reynolds number (Re), 82 thermal conductivity (C^), 81 viscosity ((J,), 82 work and heat generated, 83 discussion of results, 83 in straight pipes introduction, 77 compression vs. expansion waves, friction effect on, 81 discussion of results, 81 energy flow diagram, 77-78 particle movement (dx), 81 pressure amplitude ratios, 80 shear stress (x) at wall, 78 single wave vs. train of waves (discussion), 81 superposition pressures, 79 superposition time interval, 80 Pressure wave propagation, heat transfer during introduction, 84 heat transfer coefficient, convective (Q,), 85 Nusselt number, 84-85 pressure loss coefficient (Cb), 84 total heat transfer, 85 Pressure wave reflection (in pipes) at branches in a pipe introduction, 114 accuracy of theories (numerical examples), 122-124 Benson superposition pressure postulate, 114-115 complete solution (general discussion), 117-118
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Pressure wave reflection (in pipes) (continued) at branches in a pipe (continued) complete solutions: one and two supplier pipes, 118-122 First Law of Thermodynamics, application of, 120-121 McGinnity non-isentropic solution for, 117-119 net mass flow rate (at the junction), 115 pressure amplitude ratios, general solution for, 116 pressure loss equations (one/two supplier pipes), 121-122 pressure/pressure amplitude ratios (one/two supplier pipes), 116-117 stagnation enthalpies (one/two supplier pipes), 121 temperature-entropy curves (one/two supplier pipes), 120 unsteady flow at three-way branch (diagram), 115 at contractions in pipe area introduction, 105 Benson "constant pressure" criterion, 106 First law of Thermodynamics, application of, 106, 107 gas properties (functions of), 105 isentropic flow in, 105 mass flow continuity equation, 106, 107 Newton-Raphson and Gaussian Elimination methods, 107 numerical examples, 113-114 reference state conditions, 106 sonic particle velocity, solution for, 107-108 at duct boundaries introduction, 88-90 compression wave at closed end, 91-92 compression wave at open end, 92-93 engine manifolds, reflection possibilities in (diagram), 89 expansion wave at plain open end, 95-97 expansion wave inflow at bellmouth open end,93-95 Newton-Raphson method (for expansion wave reflected pressure), 96-97 notation for reflection/transmission, 90-91 wave reflection criteria (typical pipes), 91
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at expansions in pipe area Benson "constant pressure" criterion, 103, 104 continuity equation (for mass flow), 102,103 First Law of Thermodynamics, application of, 102, 104 flow momentum equation, 103, 104 numerical examples, 113-114 particle flow diagram (simple expansion/contraction), 102 sonic particle velocity, solution for, 104-105 temperature-entropy curves (isentropic, non-isentropic), 101 turbulent vortices and particle flow separation, 101 at gas discontinuities introduction, 85-86 complex case: variable gas composition, 87-88 conservation of mass and momentum, 86-87 energy flow diagram, 86 simple case: common gas composition, 87 inflow from a cylinder introduction and discussion, 135-136 First Law of Thermodynamics, application of, 138,139 flow diagram, 136 gas properties (functions of), 136 mass flow continuity equation, 138, 139 numerical examples, 140-142 pressure amplitude ratios, 138 reference state conditions, 137 sonic particle velocity, solution for, 139-140 temperature-entropy diagrams, 136, 137 outflow from a cylinder introduction and discussion, 127-129 First Law of Thermodynamics, application of, 130-131, 132 flow diagram, 128 flow momentum equation, 131, 132 gas properties (functions of), 130 mass flow continuity equation, 130 numerical examples, 133-135 pressure amplitude ratios, 131 reference state conditions, 130 sonic particle velocity, solution for, 132-133 stratified scavenging, significance of, 129, 163
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Pressure wave reflection (in pipes) (continued) outflow from a cylinder (continued) temperature-entropy diagrams, 128-129 at restrictions between differing pipe areas introduction, 108 First Law of Thermodynamics, application of, 110-112 flow momentum equation, 111, 112 gas properties (functions of), 109 mass flow continuity equation, 110, 111 numerical examples, 113-114 particle flow regimes (diagram of), 109 reference state conditions, 109 sonic particle velocity, solution for, 112-113 temperature-entropy curves for, 108-109 at sudden area changes introduction, 97 Benson "constant pressure" criterion, 98-99 energy flow diagram, 98 examples: enlargements and contractions, 100-101 nomenclature, consistency of, 98 in tapered pipes introduction, 124-126 dimensions and flow diagram, 125 gas particle Mach number, importance of, 127 separation of flow (from walls), 126-127 Pressure wave superposition (oppositely moving, in pipes) introduction, 69 mass flow rate directional conventions for, 73-74 numerical values of, 74 supersonic particle velocity Mach number (defined), 74-75 numerical values for, 77 Rankine-Hugoniot equations (combined shock/reflection), 76-77 superposition Mach number (determination of), 75-76 weak shock concept (for modeling unsteady gas flow), 75, 77 wave propagation acoustic, propagation velocities (numerical values for), 73 acoustic velocity, sign conventions for, 73 propagation velocities, sign conventions for, 73
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"wave interference during superposition" effect, 73 wave superposition acoustic velocities, local, 69 particle velocity, absolute, 70 particle/propagation velocities, sign conventions for, 69, 71 particle/propagation velocities (individual wavetop), 69 pressure-time data, experimental (interpretation of), 71-72 simplified pressure diagram, 70 superposition particle velocity (analytical), 70-71 superposition particle velocity (experimental), 71-72 superposition pressure ratio, 71 Propagation/particle velocity (acoustic waves) pressure ratio, 54 specific heats ratio (for air), 54 velocity in air (after Earnshaw), 54 Propagation/particle velocity (finite amplitude waves in free air) particle velocity absolute pressure (p), 55 gas constant (for air), 55 gas particle velocity (for air), 55, 57 pressure amplitude ratio, 55 pressure ratio, 55 specific heat (constant pressure/volume), 55 specific heat ratio, functions of (for air), 56 specific heats ratio, 55 propagation velocity absolute propagation velocity, 57-58 acoustic velocity, 57 density, 57 isentropic change of state, 57 Propagation/particle velocity (finite amplitude waves in pipes) basic parameters (values in air) particle velocity, 58 pressure amplitude ratio, 58 propagation velocity, 58 reference acoustic velocity, 58, 59 reference density, 59 the compression wave absolute pressure, 59 density, 60
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local acoustic velocity, 60 local Mach number, 60 mass flow rate, 60 particle velocity, 59 pressure amplitude ratio, 59 propagation velocity, 59 the expansion wave absolute pressure, 60 density, 60 local acoustic velocity, 60 local Mach number, 61 mass flow rate, 61-62 particle velocity, 61 pressure amplitude ratio, 61 propagation velocity, 61 shock formation (wave profile distortion) introduction, 62 compression waves (discussion), 62, 64 expansion waves (discussion), 63-64 flow diagram of, 63 particle velocity (shock wave), 62, 64 propagation velocity (shock wave), 62, 63 steep-fronting, 62 Pumping mean effective pressure determination of (in engine testing), 37-38 see also Friction/friction losses Purity charge purity CFD plots (Yamaha DT250 cylinders), 246-248 vs. crankshaft angle (chainsaw engine simulation), 386 in closed cycle combustion model (single-zone), 321 exhaust port purity correlated theoretical model (Yamaha DT250 cylinders), 239-240 theoretical calculation of, 238-239 theoretical curves (eight test cylinders), 239-240 idealized incoming scavenge flow, defined, 212 importance of (in Benson-Brandham model), 217-218 in mesh space J (during time step in GPB model), 161 scavenging purity, defined, 28
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QUB (Queen's University of Belfast) air-assisted fuel injection system spray pattern, 519 Jante method, experience with, 222-223 laminar flow type silencer design, 565 QUB cross scavenging deflection ratio, importance of, 262 and homogeneous charge combustion, 338 piston design for (typical), 10, 11, 12 QUB CROSS ENGINE DRAW ((computer program)), 25-26 QUB CROSS PORTS ((computer program)), 260, 261-263 scavenging efficiency of, 11 squish action in, 262, 325, 338 SR vs. SE (QUBCR cylinder), 230 SR vs. TE (QUBCR cylinder), 231 QUB single-cycle scavenging test apparatus functional description, 224-227 see also Scavenging QUB SP single-pulse experimental apparatus introduction, 170 coefficient of discharge for, 172 convergent exhaust taper, 183-185 design criteria of, 171 divergent exhaust taper (long megaphone), 185-187 divergent exhaust taper (short), 181-183 effect of friction on outflow (straight pipe), 176 exhaust pipe with discontinuity, 188-191 functional description, 171-172 reference gas properties (CO2 and air, discontinuous exhaust), 188-189 straight pipe (inflow process), 175-177 straight pipe (outflow process), 173-175 sudden exhaust expansion, 177-179 QUB stratified charging engine air-fuel paths in (diagram), 498 bmep (at optimized fuel consumption levels), 499, 500 fuel consumption, optimized, 499 functional description, 498-499 QUB 250-cc racing-model engine, 1, 2 QUB 270 cross-scavenged airhead-stratified engine advantages of, 512 bmep vs. rpm, 510-511
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QUB (Queen's University of Belfast) (continued) QUB 270 cross-scavenged airhead-stratified engine (continued) bsfc vs. rpm, 511 bsHCvs. rpm, 511-512 QUB 400 research engine AFR vs. oxygen emissions, 473, 475 bmep, AFR effect on, 472, 474, 476 bsCO, AFR effect on, 473-475 bsHC vs. air-fuel ratio, 473, 476 measured performance vs. AFR, 472-473 QUB LS400 SI engine combustion efficiency, 294, 296 heat release analysis, 294, 295 mass fraction burned, 294, 295 QUB 500rv research engine (various fueling) description and configuration, 522 multi-cylinder engine, basis for, 530 poppet valve timing, 523 test parameters (described), 523 stratified combustion in, 529-530 bmep vs. AFR (full load), 523 bmep vs. AFR (light load), 529 bsfc vs. AFR (full load), 524 bsfc vs. AFR (light load), 526 bsHC vs. AFR (full load), 524 bsHC vs. AFR (light load), 526 bsNOx vs. AFR (full load), 525 bsNOx vs. AFR (light load), 526, 527



Rankine-Hugoniot equations shock waves in unsteady gas flow, 75-77 Rassweiler, G.M. expression for incremental heat release (SI engines), 293 Reed valves introduction and discussion, 17 charging alternatives for, 17 design of, empirical carburetor flow diameter, determination of, 453 dummy reed block angle, use of, 455 empirical design, introduction to, 446-447 empirical design process, criteria for, 451 glass-fiber reed petals, durability of, 455 as pressure-loaded cantilevered beam, 453-454
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reed block, rubber-coated (with steel reeds and stop plate), 447 reed flow area (Ar(j), determination of, 452 reed petal materials, 446, 451, 455 reed port area (Aq,), effective, 452 reed tip lift behavior, 448-450, 453 REED VALVE DESIGN computer program, 452, 454-455 stop-plate radius, determination of, 454 vibration and amplitude criteria, 453 see also Specific time area (Asv) design of, general design dimensions (reed petal, reed block), 367 as pressure-loaded cantilevered beam, 368-369 in racing motorcycle engine simulation, 394, 401-402 reed block, flow restrictions from, 369 reed block, placement and function of, 368 reed flow area (Arcj), determination of, 369 reed port area (A^,), effective, 369 reed tip lift ratio, 370 in Grand Prix motorcycle racing engine, 17,19 reed vs. disc valves (discussion), 446-447 typical configurations, 16, 367 Reid, M.G.O. mass fraction burned experimental data (SI engine), 310-312 Reimann variables in simulation of engines (using unsteady gas flow), 142, 143 research funding, comment on, 192 Reynolds number in crankcase heat transfer analysis, 376 and heat release analysis (SI engines), 305-306 in heat release analysis (SI engines), 305-306 in pressure wave propagation friction factor (straight pipes), 82 in scavenging flow (experimental assessment of), 223 Ricardo Comet (IDI diesel engine) combustion chamber geometry, 317 Rich limit (for diesel combustion), 288 Rich mixture combustion, 288, 299-300 Rootes-Tilling-Stevens diesel road engines, 3



Index



Roots blower in turbocharged/supercharged fuel-injected engine, 13-14, 15
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